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Unlike conventional vehicles powered by internal combustion engines, electric vehicles do not
have enough waste heat to provide sufficient heating to the cabin. Thus, an additional heating
system, such as a heat pump, is needed. However, its performance decreases significantly when
the ambient temperature is low. The new kangaroo heat pump cycle (KC) is proposed to increase
the heating capacity in low-temperature climates. It is an enhanced flash tank-based vapor
injection heat pump cycle (FT-VIC). A sub-cycle is added to the system to increase the
refrigerant inlet quality entering the flash tank, which leads to a higher refrigerant mass flow rate
and heating capacity. Because KC has a higher heating capacity, the heating needed from the
electric heater can be reduced, thus reducing energy consumption and increasing the driving
distance. In this study, thermodynamic models were developed for the basic heat pump cycle
(BC), FT-VIC, and KC. And a new method evaluating the life cycle climate performance

(LCCP) of electric vehicle heat pumps based on the SAE J2766 standard was proposed. Results



show that KC is effective at low ambient temperatures. At -15°C, KC can save 13.8% energy
compared to BC, and save 2.7% energy compared to FT-VIC. However, due to the additional
weight, KC has a higher LCCP than other cycles. If the pressure ratio limit is removed and the
compressor efficiencies are constant, KC can have a lower LCCP than other cycles in cold
climates. Transient models were also developed to assess their performance in urban driving
conditions. Results show that at the end of the simulation, the cabin room temperature of KC is
3.6°C and 7.0°C higher than that of FT-VIC and BC, respectively. However, due to the high
pressure ratio and refrigerant mass flow rate, the accumulated power consumption of KC is
32.4% higher than FT-VIC and 64.4% higher than BC. Despite its high energy consumption, it is
more efficient than adding heat from an electric heater. In addition, a small-scale centrifugal
compressor was designed for an electric vehicle to reduce the compressor’s size and weight.
Results show that its COP is 6.6% higher than that of the scroll compressor at the design point.
However, its efficiency at the off-design point quickly drops. Future studies are needed to

improve its off-design point performance.
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1 Introduction

1.1 Background

Over the past decades, the demand for electric vehicles (EVSs) has increased dramatically.
EV sales recently registered a 40% year-on-year increase [1]. This considerable demand drives
the research on EVs. One crucial design factor of EVs is their thermal management. In hot
weather, EV cooling can be realized using an air conditioner, which is the same as the
conventional vehicle with an internal combustion engine (ICE). However, when heating is
needed, the waste heat from the electric motor is usually insufficient to provide target heating
capacity [2]. As a result, an additional heating device is needed. The simplest way to fill the gap
in heating demand is to use a positive temperature coefficient (PTC) heater, which can provide a
large amount of heat at low ambient temperature. However, it also consumes a significant
amount of energy due to low efficiency. One example is i-MIEV [3], which uses a PTC heater to
provide a heating capacity of up to 5 kW. Its experiment shows that the heating operation
reduced the driving distance by up to 45%. A more efficient heating method uses a heat pump,
whose efficiency is much higher than a PTC heater. However, the heat pump’s performance
drops significantly when the ambient temperature is extremely low due to low suction density
and low approach temperature [4]. To improve its performance, one can utilize the waste heat
from other components to provide supplemental heating [4,5] or uses an alternative refrigerant
with better performance [6]. In addition, the vapor injection heat pump cycle (VIC) can also be
used to increase the heating capacity [7]. Because additional refrigerant is injected into the
compressor chamber, the discharge mass flow rate increases, leading to higher heating capacity.
In conclusion, there is a demand for an advanced EV heating system that can provide more

heating capacity under extremely cold conditions.



1.2 Literature review

1.2.1 Heating methods for electric vehicles

Zhang et al. [8] summarized the advantages and disadvantages of several air conditioning
systems for EVs. A heat pump system is preferred for EVs as it has higher efficiency than
electric heaters. And other non-vapor compression solutions are like supplementary methods for
future EVs. One significant limitation of the heat pump system is that its performance drops
significantly in extremely cold conditions. Qi et al. [9] conducted an experimental study on an
air-source heat pump for EVs. They first experimented with the fresh air mode and found its
heating capacity at maximum compressor speed and Tamb = -20°C is roughly 25% lower than that
at maximum compressor speed and Tamb = -10°C, which is caused by low refrigerant mass flow
rate at low suction temperature. They also experimented with various return air modes, where the
air inlet temperature of the indoor heat exchanger changes to mimic the return air. The result
shows that the return mode has little to no effect on the refrigerant mass flow rate and heating
capacity.

Several methods can be applied to increase heating capacity. One is to utilize the waste
heat from other components. Li et al. [4] experimentally compared an R134a secondary loop
system with a direct expansion system. Because the waste heat increases the coolant loop
temperature, the evaporating temperature of the secondary loop system is higher than that of the
direct expansion system, which leads to a higher refrigerant mass flow rate and heating capacity.
The high coolant temperature also helps prevent frost formation on the radiator.

Ahn et al. [5] tested an R134a dual heat sources heat pump for an EV. The dual heat
sources heat pump was operated in three modes: air-source only, waste heat only, and dual

sources. When the heat pump is in the air-source only mode, the heating capacity drops quickly



as the ambient temperature reduces. It could only provide 36% of the target heating capacity
when the ambient temperature was at -10°C. The system performed well in the waste heat only
mode when the ambient temperature was low. However, its performance was dominated by the
amount of waste heat available. And on the dual sources mode, since it could absorb heat from
two heat sources, the system had a higher heating capacity than the other modes when the
ambient temperature was moderate. If the ambient temperature was low, the heat from the air
was negligible, and the waste heat only mode was preferred.

Another method to increase heating capacity under low ambient temperature is to use
economized vapor injection heat pump cycle (VIC), which increases the compressor discharge
mass flow rate by injecting part of the condensed refrigerant back into the compressor at an
intermediate pressure. In general, there are two types of VIC: flash tank (FT) based and
intermediate heat exchanger (IHX) based. Wang et al. [10] compared two types of VIC through
experiments and modeling, and found that FT-VIC performs better than IHX-VIC. IHX-VIC can
also be classified as an upstream type or a downstream type. In upstream IHX-VIC, refrigerant
flow splits first and then goes through IHX, while in downstream IHX-VIC, the refrigerant flow
goes through IHX first and then splits. Because the downstream type system has more
subcooling than the upstream type system, its performance is better than the upstream design [7].
Qin et al. [11] tested two vapor injection compressors with different injection port designs in an
R134a upstream IHX-VIC. The result shows that VIC can increase heating capacity by up to
27% compared to BC. And single-porthole vapor injection compressor performs better than a
three-porthole vapor injection compressor when the ambient temperature is above -10°C. Okuma
et al. [12] tested and simulated a novel FT-VIC, where a thermoelectric model was added before

the flash tank to increase the vapor quality entering the flash tank. The experimental results show



that the proposed system on average increased heating capacity by 19.8% and decreased COP by
8.6% at -17.8°C. And increasing the size of the condenser can help improve its COP due to
reduced condensing pressure.

Another method to improve heat pump heating capacity is to use an alternate refrigerant
with better performance. Ghodbane [13] evaluated the performance of R152a and hydrocarbon
refrigerants as alternatives to R134a in MACs. Results show that in direct expansion MACs,
R152a in road condition and idle condition can improve the Coefficient of Performance (COP)
by 11% and 15%, respectively. And R290 can improve COP by 4% in road conditions. Liu et al.
[6] tested an R290 heat pump and showed that its heating capacity at -10°C is 55% higher than
that of the R134a or R1234yf heat pump. However, R290 is flammable, which limits its
application.

In a nutshell, the performance of the heat pump system drops dramatically when the
ambient temperature is low. Many attempts have been made to increase heating capacity and
efficiency in low ambient conditions. Those attempts include recovering waste heat, using
economized vapor injection heat pump cycle, and using an alternative refrigerant with better heat
transfer performance. And there is a need for more heating capacity at extremely low

temperatures with good efficiency.

1.2.2  Mobile air conditioner LCCP evaluation

Life Cycle Climate Performance (LCCP) is CO equivalent emission from the cradle to
the grave, which is widely used in the HVAC industry to evaluate the global warming effect of
the system. Much LCCP calculation has been done on typical residential air conditioners and
heat pumps [14,15]. LCCP consists of two parts: direct emission and indirect emission. The

direct emission is linked to the atmospheric reaction product of refrigerant and the refrigerant



leakage & leftover caused by the assembly, operation, and scrap. In contrast, indirect emission
includes the CO2 emission caused by manufacturing, operation, service, and end-of-life
treatment. For MACs, carrying MACs with the vehicle causes additional CO2 emission, which
also needs to be included in the indirect emission.

Many researchers have done LCCP calculations for MACs. SAE published standard
J2766 [16] to guide the LCCP calculation for MACs. Together with the standard, Pappasavva et
al. [17,18] developed an excel tool named Green-MAC-LCCP to evaluate the LCCP of
conventional ICE vehicles. The temperature bin method is used to group the weather data based
on the standard. Before calculating the annual energy consumption, MACs should be tested or
simulated following the SAE standard J2765 [19]. The results can then be used to generate a
regression model. The power consumption of MACs was then evaluated second by second under
a driving cycle that combines FTP75 and HWFET [20]. And manually controlled MACs’ on-
time in every temperature bin is calculated by the cabin thermal comfort model. Their calculation
of global CO- equivalent emission by region shows that Asia has the highest emission, followed
by Western Europe and North America. And their parametric study results show that using an
internal heat exchanger (IHX) reduces the CO2 equivalent emission by 7%. Also, increasing
compressor efficiency by 10% can reduce emissions by up to 5%. One limitation of the Green-
MAC-LCCP tool is that it was developed for cooling mode only. And its conversion factor was
developed for conventional fossil fuels. Rhoads and Hill [21] later developed an LCCP
calculation tool based on the Green-MAC-LCCP tool. The new tool added support for electric
compressors and water-based systems.

Zhang et al. [22] used the Green-MAC-LCCP tool to evaluate the annual energy

consumption of MAC for EVs in several Chinese cities. The MAC was tested experimentally



following a modified SAE standard J2765 [19] simulation matrix. In their experiment, the
volume flow rate was varied according to the vehicle speed to account for the effect of air
leakage at different vehicle speeds instead of fixing the indoor heat exchanger inlet air mass flow
rate. And their experiment involved two operating modes: outdoor fresh air mode and
recirculation mode. The results show that as compared to using fresh outdoor air, using
recirculation air can save energy consumption from 7 to 48%. It should be noted that in their
study, only the cooling mode was evaluated, and LCCP was not calculated.

Yang et al. [2] evaluated the LCCP of the fuel cell, electric, and ICE vehicle. Since their
calculation calculated the LCCP of the entire vehicle, the heat pump model was greatly
simplified. During the analysis, the cooling and heating capacities and COP were fixed for all
three types of vehicles. And the tank-to-compressor efficiencies were also set during the
calculation. Three driving modes were analyzed, which covered driving in urban areas,
highways, and hybrid conditions. And the system’s on-time is a quarter of the total driving time.
The results show that the overall EV has the highest energy consumption and greenhouse gas
emission, mainly because of the high energy consumption while manufacturing the battery. Also,
due to the low efficiency of the combination of heat pump and PTC heater, the EV does not have
satisfactory results when the system on-time increases.

Although many LCCP calculations have been done for MACs in conventional vehicles,
little effort has been put into the LCCP calculation for EVs with a heat pump. The existing
analyses either only considered cooling mode or used a significantly simplified heat pump

model. Therefore, there is a need for an LCCP evaluation method for EVs with a heat pump.



1.2.3 Small-scale centrifugal compressor for air conditioner or heat pump application

The small-scale centrifugal compressor has been developed for applications requiring
low-volume flow rates, such as portable coolers, mobile gas turbines, or fuel cells. Some existing
small-scale centrifugal compressor works with a similar approach used by Arpagaus et al. [23]
are summarized in Table 1. In the operating condition column, “A” stands for air, “B” stands for
brine, and “W” stands for water. Due to the small impeller diameter, their rotational speed was
up to 270,000 RPM. The details of those compressors are introduced below. Casey et al. [24]
from PCA Engineers Ltd studied the scaling of the centrifugal compressor. To obtain high
efficiency for a specific head rise, the pressure coefficient of the compressor should be in the
0.45 — 0.55 range, which requires constant tip speed. And since the flow coefficient of the
compressor for a given volume flow is proportional to the inverse of the square of the impeller
diameter, the impeller diameter should be small to acquire higher efficiency. And the high tip
speed can only be obtained when the speed of revolution increases, in which case the shaft and

bearing design can be challenging.

Figure 1: Impeller of a 1.8 kW centrifugal compressor [25]



Brondum et al. [26] designed an ultra-high-speed centrifugal compressor for an 88 kW
capacity rooftop unit. The designed ambient temperature was 35°C. The suction and discharge
temperatures were 7°C and 54°C, respectively. The target pressure ratio was 4. The ultra-high-
speed centrifugal compressor was a two-stage compression device with an economizer installed
between two stages. The impeller blade was a backswept blade, which increased the impeller
throat area and reduced loading in the exducer. And the diffuser is a pipe diffuser. Since the
bearing load was small, an oil-free refrigerant-lubricated ball bearing was selected. And the
motor was cooled by the superheated refrigerant at low pressure. According to the author, an
ultra-high-speed centrifugal compressor could increase efficiency by 15-20%, reduce compressor
weight by 30-50%, and lower part counts by 30-50%. And the peak stage efficiency for the
designed efficiency was 84%.

Mechanical Solution Inc. and Lennox International Inc. developed a small-scale
centrifugal compressor for a 17.6 kW air conditioning system using a low GWP refrigerant. The
details of the compressor have not been published yet.

Schiffmann et al. [25,27,28,34] designed a small-scale centrifugal compressor for a two-
stage domestic heat pump system. This air-water heat pump system has two throttling processes,
and an economizer was intended to be installed between two compressors.

Only the first-stage compressor was produced. The 20 mm diameter impeller was
equipped with a backswept blade. To improve the performance of the compressor, a splitter
blade was added between each pair of full blades. Schiffmann compared different bearing
technologies and found that aerodynamic bearing has the most desirable merits. It is an oil-free
solution and has a long lifetime. The designed compressor was tested in a compressor test rig.

The results show that the maximum rotational speed is 210,000 RPM, and the peak efficiency is



79%. To improve the compressor performance under the different operating conditions,

optimization of the impeller blade shape was performed by using multi-objective optimization

methods.
Table 1: Summary of small-scale centrifugal Compressors
Pressure | Speed Bearing Operating
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The optimized geometry has a 2% increase in terms of yearly efficiency.




Based on Schiffmann’s works, Carré et al. [30] developed a twin-stage centrifugal
compressor for a similar cycle. The impeller diameter remains the same, and this compressor
uses an aerodynamic bearing. Three auxiliary refrigerant circuits were used: one for aerodynamic
bearing, one for magnetic motor cooling, and one for bypass. The bypass circuit is mandatory for
the centrifugal compressor system to avoid surge flows during the compressor starting or
stopping process.

Javed et al. [31] from the same group developed a design procedure for the small-scale
centrifugal compressor used in a two-stage heat pump with two heat sources. The process starts
with the heat pump model, and the design point data from the heat pump model is used to make a
preliminary design in the 1D compressor model. This model can then generate a more detailed
compressor map for the heat pump model to verify the design point and run the simulation for
off-design operating conditions. According to the 1D compressor model, the designed centrifugal
compressor reaches 77% isentropic efficiency at the design point. The 3D impeller model was
built in ANSY'S for blade passage design and optimization. Optimization was performed by
reducing blade curvature and tip-leakage flow. After optimization, the compressor ratio was
increased from 2.13 to 2.48, and the isentropic efficiency was increased from 76% to 79.5%.

In conclusion, many small-scale centrifugal compressors have been developed. Their
small weight makes them attractive to be used in MACSs. Yet there is little research on applying

small-scale centrifugal compressors in MACS.

1.3 Research objectives
The objective of this study is as follows:

e Thermodynamic analysis and LCCP evaluation of advanced heat pump cycles for EV:
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o Build thermodynamic models of BC/FT-VIC/KC for quick cycle performance

analysis.
o Calculate and compare their performance under various conditions.

o Calculate and compare their LCCP across the U.S.

e Transient modeling of advanced heat pump cycles for EV:

o Build detailed transient models of BC/FT-VIC/KC, to have a more realistic
comparison between cycles.
o Compare the performance of BC/FT-VIC/KC under various driving conditions
while considering the impact of frost formation.
e Centrifugal compressor design and performance evaluation for future MACs with high

cooling demand:

o Design and evaluate a centrifugal compressor for future MACs with high cooling

demand.
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2 Heat pump cycles

This chapter explains the three heat pump cycles involved in chapters 3 and 4,
emphasizing the heating performance in cold climates. Chapter 5 describes a centrifugal
compressor for EV with different cycles involving battery thermal management. More details are

provided in chapter 5 and are not discussed in this chapter to avoid confusion.

2.1 Base heat pump cycle (BC)

Figure 2 shows the basic heat pump cycle (BC) schematic, which consists of four major
components: compressor, condenser, expansion device, and evaporator. Because it is the most
straightforward cycle, it serves as the baseline in this study. Supplement components include a
receiver, an accumulator, two four-way valves, and two check valves. The receiver stores liquid
refrigerant and manages refrigerant charge in the system. An accumulator is used to prevent the
compressor from liquid or two-phase suction. And two four-way valves are added to the cycle to
switch between cooling and heating modes. The four-way valve installed right after the
compressor discharge point directs refrigerant to the indoor heat exchanger (iHX) or outdoor
heat exchanger (oHX). In contrast, the second four-way valve guarantees that refrigerant always
flows into the receiver from its inlet. In addition, two expansion valves (EXV) are used in BC,
one for cooling mode and the other for heating mode. When the EXV is closed, the refrigerant

can bypass it through the check valve. Its P-h diagram can be found in Figure 5 (a).
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Figure 2: Schematic of the basic heat pump cycle (BC)

2.2 Flash tank-based vapor injection heat pump cycle (FT-VIC)

Vapor injection heat pump cycle (VIC) is a two-stage cycle that injects refrigerant vapor
into the compressor chamber at an intermedia pressure. This brings two benefits: first, because
additional refrigerant is injected into the compressor chamber, its discharge mass flow rate
increases. Second, the mixing process at the injection point reduces the suction enthalpy of the
second compression stage, which lowers the compressor discharge temperature. Generally, there
are two types of VICs: flash tank-based vapor injection heat pump cycle (FT-VIC) and
intermediate heat exchanger-based vapor injection heat pump cycle (IHX-VIC). In this study,
FT-VIC is considered as it has better potential than the other cycle. Its P-h diagram can be found
in Figure 5 (b).

For VIC, its injection pressure plays an important role. To better illustrate the relationship
between injection pressure and the compressor’s suction and discharge pressure, one can use the

below equation:

13



Pinj = kv PsycPais 1)
Where k is the factor of injection pressure [35] or relative intermediate pressure [36]. For ideal
VIC with isentropic compression, the best COP is obtained when the injection pressure is the
geometric mean of suction and discharge pressure [37]. However, the compressor's isentropic
efficiency in the actual system is smaller than one and varies with different operating conditions.
Therefore, the optimum factor of injection pressure varies according to the operating mode and
system design. Xu et al. [35] experimented with an R1234yf heat pump system and found that
optimum COP was obtained when k was between 1.15 and 1.35 under low ambient temperature
(-10°C-0°C). Ma and L.i [36] suggested the optimum range of k between 1.1 and 1.3 for an R22

heat pump VIC with an economizer.

Ambient Ambient

- -2
s . (>}
Receiver

Vi Accumulator Accumulator
X Ko
- -
Cabin Cabin
(a) Cooling mode (b) Heating mode

Figure 3: Schematic of the flash tank-based vapor injection heat pump cycle (FT-VIC)
2.3 Kangaroo heat pump cycle (KC)

The kangaroo heat pump cycle (KC) [38] is an improved FT-VIC. Its schematics are
shown in Figure 4. And its P-h diagram can be found in Figure 5 (c). The main cycle is an FT-
VIC, and a sub-cycle is introduced to improve heating and cooling capacity. The sub-cycle
condenser is installed between the first expansion device and the flash tank, which increases the

vapor quality of the refrigerant entering the flash tank, thus increasing the injection mass flow
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rate. As a result, the heating capacity can be increased. Also, the evaporator of the sub-cycle is

installed between the flash tank liquid outlet and the second expansion valve, which lowers the

evaporator inlet quality and potentially increases the cooling capacity. Because of the

introduction of the sub-cycle compressor, the COP of KC may be lower than FT-VIC in most

cases. However, it can provide more heating or cooling capacity, which is helpful in extreme

conditions.
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Figure 4: Schematic of kangaroo heat pump cycle (KC)
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Figure 5: P-h diagram for three cycles: (a) BC, (b) FT-VIC, (c) KC
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3 Thermodynamic model and LCCP evaluation

Three thermodynamic models were developed for fast-cycle performance evaluation.
Only major components were modeled. Auxiliary components such as the receiver, accumulator,
closed valve, and bypass valve were not included in the thermodynamic model.

To simplify the calculation, heat exchangers were modeled by using approach
temperature, which is the difference between the air outlet temperature and the refrigerant
saturation temperature.

Te = Te air,out — Tapp,e (2)
Te = Teairout + Tapp,c 3)

Once the saturation temperature is known, the corresponding condensing and evaporating
pressure can be calculated. Then the refrigerant-side capacity can be solved by using the
equations below:

Qc = m(hein — Peout) (4)
Qe = M (he,out — hein) (%)
Where inlet and outlet enthalpies are determined by the cycle model.

As for the air-side model, there is only a sensible load in the heating mode. Therefore, a
sensible load equation can solve the air outlet temperature.

Qc = Mair.aryCpary Teairout — Teair,in) (6)

It is necessary to have a dehumidification model to obtain the air outlet temperature in the
cooling mode. A detailed dehumidification model requires fin information to solve sensible heat
ratio (SHR), which is not available in this simplified model. Therefore, a simplified method is
used in this study, where it is assumed that air outlet relative humidity is 100% when there is a
latent load. The model first calculates an air outlet temperature using the sensible load equation
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to determine whether there is a latent load. And latent load calculation will be involved if it is

lower than the dew point temperature of the inlet state. The latent and sensible loads are then

solved using the equations below through iteration.

Qe,lat = mcondensatehfg
Meondensate = mdry air (win - wout)

Qe,sen = mdry aiGC,dry (Te,air,out - Te,air,in)

(7)
(8)
©)

This air-side model is compared with the results from CoilDesigner [39]. In this

comparison, a random heat exchanger model is used. The output heat load serves as the input to

the air-side model. And the comparison of SHR is shown in Figure 6. As you can see, the

maximum deviation is less than 3%.
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Figure 6: Air-side model validation
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The below equations can solve the COPs for cooling and heating:

COPcooling = Qe/VVinput (10)

COPheating = QC/VVinput (11)

COPheating,overall = (Qc + QPTC)/(M/input + WPTC) = (Qc + QPTC)/(M/input + QPTC) (12)

The model assumptions used are:

No heat loss in pipes.

Isentropic expansion process.

No refrigerant pressure drops.

No air pressure drops.

Constant air specific heat capacity and density.

The HX outlet relative humidity is 100% when there is a latent load.

Vapor injection pressure is the same as the discharge pressure of the lower-stage
compression.

Perfect phase separation in the flash tank.

Constant approach temperatures.

These models were developed in Engineering Equation Solver (EES) [40]. Details of cycle

models are explained below. Because EES uses declarative programming, it does not require

control flow. As a result, the actual solving process may not be the same as that shown in the

flow chart.

3.1 Efficiency-based compressor model

In this study, single-stage compressors are used in BC and the sub-cycle of KC. Its

governing equations are shown below by using three compressor efficiencies.
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N

m = psuchisp %nvol (13)
hdis,s - hsuc
isen = " — (14)
. hgis — h
VVinput = ;;CT:M (15)

Where psyc IS suction density, Vaisp is displacement volume, 7ol is volumetric efficiency, hais,ideal
is ideal discharge enthalpy when there is no increase in entropy, hsyc is suction enthalpy, hgis is
actual discharge enthalpy, 7isen is isentropic efficiency, ncomp is compressor efficiency (includes
motor and mechanical losses), and I/i/input is the compressor power input.

In this study, all efficiencies are modeled as a second-order polynomial equation.

n = by + b,PR + b3RPM + b,PR X RPM + bsPR? + b,RPM? (16)
Where PR is the pressure ratio.

The validation results of the BC compressor are shown in Figure 7 and Figure 8. For
compressor power, its deviation is less than 6%. And for refrigerant mass flow rate, when
compressor speed is equal to or lower than 8,600 RPM, the maximum deviation is less than 5%.
For higher compressor speeds, the maximum deviation is up to 10%. Therefore, this study
capped the maximum compressor speed at 8,600 RPM. And the minimum compressor speed was

set at 3,000 RPM.
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Figure 7: Validation results of the mass flow rate predictions
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20



The validation results of the sub-cycle compressor are shown in Figure 9 and Figure 10.
The maximum deviations of refrigerant mass flow rate and compressor power are less than 3%.

And it shares the same speed range as the BC compressor.
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Figure 9: Validation results of the mass flow rate predictions, sub-cycle compressor
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Figure 10: Validation results of the compressor power predictions, sub-cycle compressor

3.2 Vapor injection compressor model

Similar to the single-stage compressor model, vapor injection compressor models can be
classified into three categories: empirical models, semi-empirical models, and comprehensive
time-dependent models [41].

The empirical model simulates the compressor’s performance by using empirical
correlations. The ten-coefficient model from AHRI standard 540 [42] for positive displacement
compressors is the most used. It has good accuracy in the tested range and does not require any
detailed geometry information about the compressor. However, a correction is needed to
accommodate the change in suction density because the map was generated at a given suction
superheating [43]. Tello-Oquendo et al. [44] built a map-based mode for a vapor injection
compressor using a modified AHRI polynomial. When calculating compressor power, an

additional term consisting of saturation injection temperature was added to the AHRI
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polynomial. And in this model, the injection ratio is a function of the pressure ratio of the first
compression stage. Other modified AHRI polynomial model for vapor injection compressors
includes a 12-coefficient model from Erickson [45] and a 23-coefficient model from Cambio
[46] (observed by Lars Sjoholm [47]). In addition, Lumpkin et al. [48] used the Buckingham-PI
theorem to develop a new equation for vapor injection compressor’s efficiencies, which shows a
better R-square value than the ten-coefficient model for most fitted terms.

The semi-empirical model simulates the compression process by using thermodynamic
models. Winandy and Lebrun [49] developed a semi-empirical compressor model for a fixed-
speed compressor which divides the compression process into four steps: isobaric heating up,
isentropic compression, adiabatic, irreversible and constant volume process, and isobaric cooling
down. Dardenne et al. [50] improved this model to be suitable for variable speed compressors to
solve the compressor’s macroscopic performance. Qiao [51] developed a transient vapor
injection compressor model that considers the compression process polytropic. And the injection
mass flow rate was calculated by a fixed orifice model. Heat losses in major compression
modules were also considered to improve accuracy. Wang [52] developed a semi-empirical
compressor model as if two compressors connected in serial and have the refrigerant injection in
between. The efficiencies of each compression stage have the same form as the ten-coefficient
model. Xu [53] developed a similar model and added consideration to heat transfer between
compressor parts and ambient. In both models, the first stage efficiencies are functions of
evaporating temperature and condensing temperature. And the second stage efficiencies are the
function of saturation injection temperature and condensing temperature. Dardenne et al. [50]

developed a transient vapor injection compressor model assuming two compressors connected in
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parallel without consideration of refrigerant mixing. And the injection ratio was used to calculate
the injection mass flow rate.

Comprehensive time-dependent models simulate the actual compression process with
great geometry details. For example, Jung et al. [10] developed a dynamic model for a vapor
injection scroll compressor to evaluate the effects of injection port size and angle. This model
type requires many geometry details, such as scroll shape, to build. And is typically used to
optimize vapor injection compressor design rather than system-level simulation. Therefore, it is

not considered in this study.

3.2.1 Comparison of vapor injection compressor models

For this study, a 30+ cc variable speed vapor injection compressor was modeled. Because
the available dataset is minimal (16 test data points from the manufacturer with four different
speeds), the conventional ten-coefficient model cannot be used. Instead, two other vapor
injection compressor models have been tested: two serial compressors and two parallel
COMPressors.
3.2.1.1 Model 1: Semi-empirical model: Two compressors connected in serial.

In this model, the compression process is separated into two compression stages. The
refrigerant vapor is first compressed into the injection pressure in the first compression stage and
then mixed with the injection refrigerant. After mixing, the refrigerant is compressed into the
discharge pressure in the second compression stage. Each compressor stage is modeled as an
efficiency-based compressor model.

Therefore, this model can be quickly developed based on the previous model. The

efficiencies required are isentropic efficiency and volumetric efficiency of both compression
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stages and another compressor efficiency is used to calculate compressor power. The definition

of each efficiency is shown as follows:

. N
m = psuchisp %nvol (17)

_ hdis,s - hsuc
Nisen =

18
hdis - hsuc ( )

The efficiencies shown above are required for both compression stages. And the
definition of compressor efficiency differs slightly from the conventional compressor model. Its
deriving process is shown below:

The work done on the refrigerant in the first compression stage is:

W1 = 1My (Rais;1 — Rsuc,1) (19)

The work done on the refrigerant in the second compression stage is:

Wz =m, (hdis,z - hsuc,z) (20)

The energy conservation equation for the refrigerant mixing after injection is:

mh; + mihgisq = Myhgyc (21)

And the definition of compressor efficiency is:

_ ml(hdis,l - hsuc,l) + mz (hdis,z - hsuc,z)

Neomp = (22)
comp Winput
Combine above four equations, the below equation is derived:
Mmyhgis2 — Mih; — Myhy;
ncomp — 21tdis,2 : it 1'tdis,1 (23)

Winput
Therefore, knowing the suction, injection, and discharge states is enough to calculate
compressor efficiency. However, information on the discharge state of the first compression

stage is still needed to calculate the isentropic efficiency of the first compression stage, which is
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unknown. As a result, obtaining the isentropic efficiency first and then creating a fitting with it is

impossible.

 Exp. Discharge enthalpy

Compressor function Called by

Inputs: Exp. Data & Coefficients Matlab fitnlm function 1 Inputs
Output: Est. discharge enthalpy

Initial coefficients

Figure 11: Model 1 fitting process to get isentropic efficiency curve

To solve this issue, I fit the entire process (match the discharge specific enthalpy) instead
of the isentropic efficiency. In MATLAB, | created a function of the vapor injection compressor
model. The inputs to the compressor model are the parameters measured in the experiment, such
as RPM, suction and discharge temperature and pressure, suction/injection/discharge mass flow
rates, and fitting variables. And the output of the function is the specific enthalpy at the discharge
point. Using the built-in nonlinear fitting function “fitnim”, 1 could obtain a series of coefficients
that best match the experimental discharge specific enthalpy with the experiment data.

Typically, these efficiencies are fitted using a ten-coefficient polynomial equation [52,53]
from AHRI standard 540. However, the accuracy of the ten-coefficient polynomial equation out
of the operating envelope is questionable. And compressor speed is not included in the model.
As a result, efficiencies were assumed to be functions of pressure ratio and compressor speed.
There are a few advantages. First, it requires a smaller number of variables. Second, using the
pressure ratio as a variable makes keeping the model within the operating envelope easier.

In literature, the first stage isentropic efficiency is usually a function of evaporating and
condensing temperatures [52,53]. Therefore, in this study, the first stage isentropic efficiency
was set to be a function of total pressure ratio and compressor speed. The equation is as follows.

Nisen1 = b1 + by X PRyyy + b3 X RPM + by X PRyyr X RPM + bs X RPM? (24)
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PRyt = Pais/Psuc (25)
The equation of the second compression stage has the same form as the first compression
stage while replacing the total pressure ratio with the second stage pressure ratio.
Nisenz = b1 + by X PR, + b3 X RPM + by X PRy X RPM + bs X RPM? (26)
PR, = Pyis/Pinj (27)
The first stage volumetric efficiency is solved by using the same equation that solves the
first stage isentropic efficiency.
Nvoir = by + by X PRyoy + by X RPM + by X PRyy; X RPM + bg X RPM? (28)
For the second stage volumetric efficiency, the same equation leads to an extremely low
adjusted R-square value. Therefore, an additional term was added to the equation. The final form
of the equation is shown below.
Nvor2 = b1 + by X PRyyy + b3 X PR, + by X RPM (29)
The compressor efficiency is expressed as follows:
Neomp = b1 + by X PReoy + b3 X RPM + by X PRyoe X RPM + bg X RPM? (30)
Fittings were created by using a nonlinear fitting function. Results are shown in Table 2.

Table 2: Model 1 fitting results

Parameter Nisen Nyol,1 Nvoi,2 Ncomp
R square 0.98 0.76 0.6 0.76
Adjusted R square 0.95 0.67 0.5 0.65

Validation of this model is presented in the following chapter, where two models are

compared.
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3.2.1.2 Model 2: Semi-empirical model: Two compressors in parallel

The second compressor model is considered a parallel model [54]. It also models two
compressor chambers: one compresses from the suction point to the discharge point and the other
compresses from the injection point to the discharge point. Both chambers discharge at the
discharge pressure. Only one isentropic efficiency and volumetric efficiency are needed in this
model. In this model, the injection ratio is introduced. The below equation calculates it.

m;
Xinj = . (31)

And the definition of isentropic efficiency is changed to:

Nisen =

ml(hdis,s,l - hsuc,l) + mi(hdis,s,i - hi) (32)
|14

And the discharge enthalpy can be calculated by:

W+ m1hsuc,1 + m;h; — Qloss
m,

(33)

hdis,z =

Where Qioss is the heat loss to the ambient, since the ambient temperature is unknown in this
study, Qioss is set to 0.
And the compressor efficiency (driver efficiency in the paper) is calculated by:
Ncomp = W/ Winput (34)

A more detailed explanation of the model and fitting equations can be found in Dechesne
et al. [54]. The same fitting equations were used as the paper used. Similar to the previous
compressor model, the nonlinear fitting function in MATLAB was used to generate fitting. The
detailed results are discussed later in the comparison chapter.

Table 3: Model 2 fitting results

Parameter Nisen Nvot Xinj Ncomp
R square 0.89 0.67 0.92 0.98
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| Adjusted R square | 0.89 | 0.55 | 0.89 | 0.95

3.2.1.3 Comparison of vapor injection compressor models

After implementing the aforementioned compressor models in MATLAB, they were
validated against experimental data. All presented results are non-dimensionalized by the
maximum values measured in the experiment, as shown below.

P

Pscatea = (35)

Pmax,exp
Where P standards for variables that are displayed in the following figure, such as discharge
mass flow rate.

Figure 12 shows the validation results of the compressor discharge mass flow rate. The
maximum deviation of Model 1 and Model 2 is 8% and 11%, respectively. Figure 13 shows the
validation results of the compressor injection mass flow rate. The maximum deviation of Model
1 and Model 2 is 24% and 37%, respectively. This large deviation is due to the injection ratio of
Model 2. Figure 14 shows the validation results of the compressor power. And the maximum
deviation of the two models is similar. The maximum deviation of Model 1 and Model 2 is 14%
and 16%, respectively. In conclusion, even though the fitted variables of Model 2 have better R-
square and adjusted R-square than that of Model 1, its final model shows poor performance in all

aspects. Therefore, Model 1 was selected.
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Figure 14: Compressor power validation (non-dimensionalized, original unit: W)

However, both models show significant deviations. The possible reasons for the large deviations

in the vapor injection compressor model are summarized as follows:

The heat loss during the compression was ignored in the model.

Because flow is driven by the pressure difference, the actual intermediate pressure inside
the compressor should be lower than the injection pressure. However, in the model, |
assumed that they were the same.

The isentropic efficiency of the first compression stage in this model was fitted based on
the given polynomial equations. Different isentropic efficiency polynomial equations
give different results. And this isentropic efficiency affects the calculated discharge

enthalpy of the first compression stage as well, which in turn leads to different volumetric

efficiencies.
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3.3 Base heat pump cycle model

Input boundary conditions include air inlet state and compressor speed. To fix the cycle,
suction superheating and condenser outlet subcooling are required. During calculation, the model
first guesses the evaporating pressure, condensing pressure, and suction enthalpy. The
compressor model then solves for refrigerant mass flow rate and discharge enthalpy. And the
condenser outlet enthalpy can be determined by the given condenser subcooling. Then the
refrigerant-side capacity of both the condenser and evaporator can be determined. Since heat
exchangers are modeled by using approaching temperature, the air outlet temperature can also be
calculated based on the given approach temperature and guessed saturation temperature. The
calculation goes through an iterative process until the suction superheating matches the given

value and the heat exchangers’ air-side capacity matches the refrigerant-side capacity.

( Start )

h

Input boundary conditions

Guess Fopaps Peond- Rsuc

r

h

Calculate m

Update
Calculate Qcona, Qevap on both air and guesses
refrigerant sides

equations Not converged

Converged

Figure 15: Calculation flowchart of BC thermodynamic model
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3.4 Flash tank-based vapor injection heat pump cycle model
FT-VIC model is developed based on the BC model. Because a flash tank is added to the
model, its inputs and guess values differ slightly. The flash tank was modeled as a perfect phase
separator. Its mass and energy conservation equations are shown below.
minj + Mgy = Meot (36)
Minjhaew + Msyuchpubpie = MeotNeond,out (37)
In the above equations, dew point enthalpy and bubble point enthalpy are functions of
injection pressure. Since the compressor model can calculate the refrigerant mass flow rate, there
is one equation for two unknowns. Solving these equations requires either injection pressure or
condenser outlet enthalpy. However, they cannot be provided simultaneously, which will over-
specify the problem. In the current model, the condenser outlet subcooling (equivalent to the
condenser outlet enthalpy when condensing pressure is known) is an input, and the injection
pressure is guessed. In addition, the vapor injection compressor model cannot solve the second
compression stage without knowing the injected refrigerant state and mass flow rate. Therefore,
it is necessary to guess either the total refrigerant mass flow rate or the injection mass flow rate.
In summary, in the FT-VIC model, in addition to the guess variables mentioned in the BC model,
two more guess variables are needed, which are total refrigerant mass flow rate (or injection
mass flow rate) and injection pressure (if the inputs include injection pressure, the model does
not need to guess condenser outlet enthalpy, as it can be calculated by the model). The
calculation also starts from the compressor. The vapor injection compressor first solves the
suction mass flow rate. And the flash tank model can calculate the condenser outlet enthalpy and
injection mass flow rate, which are used in the vapor injection compressor model to find the

suction state of the second compression and actual discharge mass flow rate and state. Then heat
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exchanger refrigerant-side and air-side capacities can be determined. This calculation also goes
through an iterative process until all guess variables match the calculated variables. Note that the

convergence of suction enthalpy is determined by comparing the target suction superheating.

Input boundary conditions

I

Guess Meotais Pevap: Pcond: hsuc: Pi.nj

|

Calculate Mg,

|

Calculate Qgond, Qepgp on both air and refrigerant
sides

|

Solve the suction point for the 22 compression
stage

|

Calculate Mg, through compressor model

"heck conservation
equations N

Converged

A

Update
guesses

ot converged

Figure 16: Calculation flowchart of FT-VIC thermodynamic model

3.5 Kangaroo heat pump cycle model

The KC model is developed based on the FT-VIC model. The main-cycle part calculation
is the same as the FT-VIC model. Thus, it is not discussed here for brevity. As for the sub-cycle,
it is a simplified BC model. The modeling approach of the sub-cycle is the same as that of the

BC model. Since both sides of the sub-cycle condenser are in a two-phase region, pure fluid’s

34



saturation temperature remains constant when pressure drop is ignored. Therefore, solving the

sub-cycle condensing pressure does not require iteration. The rest of the sub-cycle calculation is

Input boundary conditions,

b

Guess Moz Peuap: Peonds Nsuc Pinj

L

Calculate 1g,c

I

Sub-cycle model solves sub-cycle’s performance

:

Calculate Q;opna. Qevap 0n both air and refrigerant
sides

I

Solve the suction point for the 2" compression
stage

'

Calculate M g4 through compressor model

"heck conservation
equations

Converged

the same as the BC model.

A

Update
guesses

Not converged

Figure 17: Calculation flowchart of KC thermodynamic model

3.6 Simulation boundary conditions
The developed models were used to compare the cycle performance. In this calculation,
the face area of the outdoor heat exchanger is set at 0.142 m2. Some important boundary

conditions for all cycle models are listed in Table 4.
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Table 4: Boundary conditions for the thermodynamic model

Parameter Value Unit
Tsub,cond 10 °C
Tsup,evap S °C
Tapp,evap S °C
Tapp,cond 10 °C
Tapp,evap,s 5 °C
Tapp,cond,s 10 °C
Tsup,evap,s S °C
Tsub,cond,s S °C

Most conventional MACs have used R134a as their refrigerant [18] due to its good
thermophysical properties and nonflammability. However, its high global warming potential
(GWP) makes it banned in new light-duty vehicles in the U.S.A. starting in the model year 2021
[55]. R1234yf [18] is one of the most popular alternatives for R134a due to its similar
thermophysical properties and negligible GWP. Therefore, in this study, the refrigerant in all
calculations is R1234yf.

To compare cycles’ performance, calculations were performed based on the simulation
matrix shown in Table 5. The cooling mode simulation matrix was from SAE standard J2765
[19]. The heating mode simulation matrix was created to have a similar structure to the cooling
mode simulation matrix. In the heating mode, if the condenser’s heating capacity is insufficient,
a 100% efficient PTC heater is used to fill the capacity gap. Both the heat output and power
consumption of the PTC heater are included in the COP calculation.

For VIC and KC, to prevent the compressor model from extrapolation, the maximum
overall pressure ratio was capped at 7.66. And the maximum pressure ratio of the BC compressor
and the KC’s sub-cycle compressor was 8.33. And the speed of all compressor models ranged

from 3,000 RPM to 8,600 RPM. If the required compressor speed was lower than the minimum
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compressor speed, then the minimum compressor speed was used, and vice versa. In addition, to
prevent an infeasible solution, the maximum discharge temperature and pressure were set to be
120°C and 3,000 kPa, respectively.

Three operating modes were used in this study: M1, M2, and M3. In M1, BC results were
used for all simulation conditions. In M2, FT-VIC was used for extreme conditions, which are
tests #1-8 and #37-44. And BC was used for the rest of the simulation conditions. In M3, KC
was used for extreme conditions, and BC was used for the rest of the simulation conditions. Note
that later during the calculation (using empirical compressor efficiencies), it was found that in
simulation #1, even if both the main-cycle compressor and sub-cycle compressor ran at the
minimum speed, the model failed to converge. There were two reasons for this model failure:
The discharge pressure was higher than the maximum pressure. Second, the discharge
temperature was higher than the maximum allowed value. Therefore, when using empirical
compressor efficiencies, FT-VIC was used in M3 for simulation #1. Note that calculations using
fixed compressor efficiencies were not affected and still used KC in simulation #1.

Table 5: Simulation input matrix

Simulation Mode Outdoor HX Indoor HX

Number Tair,in Vo Tair,in RH mair Target Tair,out
- - °C m/s °C - kg/min °C

1 45 1.5 35 0.25 9 3

2 45 2 35 0.25 9 3

3 45 3 35 0.25 9 3

4 45 4 35 0.25 9 3

5 35 1.5 35 0.4 9 3

6 Cooling 35 2 35 0.4 9 3

7 35 3 35 0.4 9 3

8 35 4 35 0.4 9 3

9 21 25 1.5 25 0.8 6.5 3 10
10 22 25 2 25 0.8 6.5 3 10
11 23 25 3 25 0.8 6.5 3 10
12 24 25 4 25 0.8 6.5 3 10
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13 25 25 1.5 25 0.5 6.5 3 10
14 26 25 2 25 0.5 6.5 3 10
15 27 25 3 25 0.5 6.5 3 10
16 28 25 4 25 0.5 6.5 3 10
17 29 15 1.5 15 0.8 6.5 3 10
18 30 15 2 15 0.8 6.5 3 10
19 31 15 3 15 0.8 6.5 3 10
20 32 15 4 15 0.8 6.5 3 10
33 5 1.5 5 0 9 30
34 5 2 5 0 9 30
35 5 3 S) 0 9 30
36 5 4 5 0 9 30
37 -5 1.5 -5 0 9 30
38 Heating -5 2 -5 0 9 30
39 -5 3 -5 0 9 30
40 -5 4 -5 0 9 30
41 -15 1.5 -15 0 9 30
42 -15 2 -15 0 9 30
43 -15 3 -15 0 9 30
44 -15 4 -15 0 9 30

3.7 Effect of sub-cycle compressor speed

For BC and FT-VIC, compressor speed can be determined by the target cooling capacity.
However, KC has two compressors, which makes this problem more complicated. To find out
the effect of sub-cycle compressor speed on the cycle performance, a parametric study was
performed based on the abovementioned simulation matrix. The calculation was performed for
extreme conditions. And during the analysis, the sub-cycle compressor speed ranged from 3,000
RPM to 5,000 RPM with 500 intervals.

Figure 18 shows the parametric study results of the cooling mode. In both ambient
temperatures, the system COP decreases as the sub-cycle compressor speed increases. This is
because more refrigerant is injected into the compressor when the sub-cycle compressor speed

increases. To maintain the condenser capacity, the main compressor speed decreases. In most
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cases, this results in a decrease in main-cycle compressor power. However, because the increase
in sub-cycle compressor power is more significant than the decrease in main-cycle compressor
power, the COP still decreases. In addition, sometimes even though the compressor speed
decreases, the main-cycle compressor’s power consumption is not necessarily reduced due to the
increase in discharge mass flow rate. In this calculation, the maximum pressure ratio is limited,
which limits the maximum condenser capacity. And the advantage of KC is providing more
capacity rather than improving system COP.

When Tamb = 35°°, some data points are missing. These calculations failed to converge

because they could not reach the target condenser subcooling due to high sub-cycle condenser
capacity.

Figure 19 shows the parametric study results of the heating mode. It shares the same
trend as the cooling mode.

According to this parametric study, 3,000 RPM is the best sub-cycle compressor speed

for extreme conditions for the current model setup. And this speed is used in all calculations

later.
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Figure 18: Parametric study for KC, varies sub-cycle comp speed, cooling.
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3.8 Simulation results based on simulation matrix

Two sets of simulations were performed. As discussed in the previous chapter, both

simulations use a semi-empirical vapor injection compressor model. The experimental data fitted

the efficiency curves in the first set of simulations. And in the second set of simulations, fixed

compressor efficiencies were used [10], listed in Table 6. For the single-stage compressor, first

stage efficiencies were used.

Table 6: Fixed compressor efficiency used in the second simulation set.

Parameter Value
77l'sen,1 0.9
Mot 1 0.7
Nisen,2 0.9
Nvot,2 0.7
Nmotor 0.7
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3.8.1 Results using empirical compressor efficiencies

During the simulation, the FT-VIC model reached the maximum pressure ratio in
simulations #1, #2, #3, #5, #6, #41, and #42. And it reached maximum compressor speed in
simulations #7, #43, and #44. KC model reached maximum pressure ratio in simulations #2, #3,
#6, #41, #42, #43, and #44. And it hit maximum pressure in simulation #5. Also, as mentioned
before, the model failed to converge in simulation #1. As for the BC model, it finished the
calculation without hitting the maximum pressure ratio limit. However, it reached maximum
compressor speed in simulations #2 to #9, #37, and #41 to #44. Figure 20 shows the calculation
results for three modes for all simulation scenarios. Because BC is used for the normal operating

condition, the results of simulations #9 to #36 are identical. When Tamp = 15°C, the target

cooling capacity is too small for the system, and the required compressor speed is lower than the
minimum compressor speed. Therefore, these simulations used a minimum compressor speed of
3,000 RPM. A similar problem exists from simulations #23 to #28 as well. An increasing trend
of cooling capacity can be observed for these simulation conditions. This is because higher
velocity means lower temperature difference and pressure ratio when capacity is the same. When
the condenser outlet subcooling is fixed, lower condensing pressure means lower condenser
outlet specific enthalpy, which leads to higher evaporator enthalpy difference and cooling
capacity. In hot weather (simulations #1 to #8), FT-VIC has the highest cooling capacity in most
cases and the highest COP in all cases. The only exception is simulation #1, where BC has the
highest cooling capacity. This is because the FT-VIC model is constrained by the maximum
pressure ratio, while the BC compressor model has a wider operating envelope and can reach
higher condensing pressure in this specific case. And KC has a similar cooling capacity as FT-

VIC, which is because the introduction of sub-cycle increases the injection ratio. However, the
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saturation temperature difference is not allowed to change much because the overall pressure
ratio is constrained. And the main-cycle compressor speed is reduced to prevent the pressure
ratio from exceeding the limit. This leads to a lower suction mass flow rate. So, even though the
evaporator enthalpy difference is increased by sub-cycle, evaporator capacity does not
necessarily increase. In fact, in many simulations, the cooling capacity decreases slightly. On
average, the cooling capacity of KC is 8.8% higher than that of BC. And the cooling capacity of
FT-VIC is 10.0% higher than that of BC.

As for heating mode, all three cycles have the same heating capacity because of the PTC
heater. And when Ty,,,, = —5°C, FT-VIC has the highest heating capacity. For KC, the energy
saved in the main-cycle compressor could not compensate for the increased energy demand from
the sub-cycle compressor speed, which lowers its COP when compared to FT-VIC. The COP of
BC is higher than that of KC when the outdoor heat exchanger’s air velocity is higher. This is
because when capacity is the same, higher velocity means lower temperature difference and
lower pressure ratio, which leads to less compressor power consumption. Since the heating load
when T,,,, = —5°C is relatively small and BC can provide enough heating capacity without the
help of a PTC heater, KC becomes less efficient when the outdoor heat exchanger’s air velocity
is high. However, KC performs better than BC for low-speed cases due to the large pressure
ratio. And when T,,,, = —15°C, none of these cycles can provide enough heating capacity to
meet the heating demand. However, among the three cycles, KC can provide the most heating
capacity. As a result, it has the highest overall COP among the three cycles. The advantage

would be more evident if the constraint on the pressure ratio were removed.
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Table 7: Breakdown of heating capacity when Tamb = -15°C (empirical compressor

efficiencies)

Simulation M1 M2 M3
Number Qc QPTC QC QPTC QC QPTC
- kW kw kw kw kw kwW
41 59.1% 40.9% 70.1% 29.9% 72.0% 28.0%
42 63.6% 36.4% 76.6% 23.4% 78.9% 21.1%
43 69.0% 31.0% 84.1% 15.9% 87.4% 12.6%
44 72.2% 27.8% 88.4% 11.6% 92.4% 7.6%

3.8.2 Results using fixed compressor efficiency

Figure 22 shows the capacity comparison results. In hot weather (simulations #1 to #8),
the cooling capacity of KC is on average 28.1% higher than that of BC. And the cooling capacity
of FT-VIC is on average 23.6% higher than that of BC. And in simulations #1 to #5, cooling
capacities are limited by the maximum condensing pressure.

Figure 23 shows the comparison of system COP. For simulations #6 to #8, the COP of
the KC is 12% and 11% lower than that of BC and FT-VIC, respectively. For simulations #1 to
simulation #5, FT-VIC has a similar COP as that of KC. And KC’s COP is on average 4% higher
than that of BC.

Table 8 shows the breakdown of heating capacity when Tamp = -15°C. As shown, KC
dramatically increases the heating capacity, reducing the PTC heater percentage and improving
system COP. Compared to the BC, the heating capacity of the KC is on average improved by

28.8% when Tamp = -15°C.
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Figure 22: Capacity comparison (fixed compressor efficiencies)
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Figure 23: COP comparison (fixed compressor efficiencies)

Table 8: Breakdown of heating capacity when Tamb = -15°C (fixed compressor efficiencies)
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Simulation M1 M2 M3
Number QC QPTC QC QPTC Qc QPTC
- kw kw kw kw kw kw
41 49.6% 50.4% 55.8% 44.2% 62.6% 37.4%
42 53.0% 47.0% 59.9% 40.1% 67.7% 32.3%
43 57.1% 42.9% 65.0% 35.0% 74.1% 25.9%
44 59.4% 40.6% 68.0% 32.0% 78.0% 22.0%

3.9 Heating performance comparison

The previous calculation aimed to meet the target cooling or heating capacity and then
compare the system COP. However, the advantage of KC is providing more heating capacity at
the sacrifice of more power consumption. Another parametric study was performed to show how
much KC can provide more heating capacity compared to BC and FT-VIC with the same speed.
In this parametric study, Ns was fixed at 3,000 RPM. And Nm ranged from 3,000 RPM to 8,000
RPM. However, not all calculations converged. Here only the cases where all three models
converged are discussed. Compared to BC and Tamp = -5°C, KC on average increases heating
capacity and decreases COP by 34.0% and 28.6%, respectively. And when compared to BC and
Tamb = -15°C, KC on average increases heating capacity and decreases COP by 32.2% and
22.7%. Compared to FT-VIC and Tamb = -5°C, KC on average increases heating capacity and
decreases COP by 25.7% and 25.8%, respectively. And when compared to FT-VIC and Tamb = -
15°C, KC on average increases heating capacity and decreases COP by 20.1% and 18.9%. In
addition, the increment of capacity increases as Nm increases. And the reduction of COP

decreases as Nm increases.
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Figure 24: Heating performance comparison

3.10 Annual energy consumption calculation

To evaluate the annual energy consumption of cycles, the method used in LCCP
evaluation [16,17] was used.

The first step of annual energy consumption is to process the weather data. TMY3
database [56] was used, which includes hourly weather data of a typical meteorological year for
various locations in the U.S.A. In addition to the existing data from the TMY 3 database, it was
necessary to calculate the mean radiant temperature for each hour, which was later used in the

thermal comfort model. The equation for mean radiant temperature is shown below [57].
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17 fot Qsolar (38)

Where fot Qso1ar IS accumulated solar radiation, and its unit is Wh/m?. One limitation of the

above equation is that the accumulated solar radiation is monotonically increasing, which leads
to inconstant temperatures across midnight. To solve this problem, a correction factor was
applied. Because solar radiation usually caps at 15:00 and is almost non-exist at 20:00, the
correction factor was set at 1 before 15:00 and 0 after 20:00. A linear function was used in
between.

Based on SAE standard J2766 [16], the temperature bin method was used to process the
weather data. And the average values of each temperature bin were used. Same as the standard,
only the data between 6:00 and 24:00 were used during the calculation.

In this study, dry bulb temperatures were grouped into eight bins. Six ranges from -20°C
to 40°C with 10°C intervals. And the rest two bins cover both ends. After grouping, the
frequency (percentage over a typical meteorological year), average temperature, average relative
humidity, and the average mean radiant temperature was calculated.

After processing the weather data, a cabin thermal comfort model [57-59] was used to
calculate the manually controlled AC on-time. The below equations calculated the Predict Mean
Vote (PMV).

PMV = (0.303e7%93" 4 0.028) x (M — Egiff — Ersw — Eres — Cres — R — C) (39)

Eqifr = 3.05(5.73 — 0.007M — p,) (40)
E,s, = 0.42(M — 58.15) (41)

E,es = 0.0173M (5867 — pg) (42)
Cres = 0.0014M (34 — T,,) (43)
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R =396 x1078f,[(T, + 273)* — (Trye + 273)*] (44)
C = fahc(Ta —Ta) (49)
Where M is the rate of metabolic heat production, Eugit is the rate of heat loss from the
evaporation of moisture diffused through the skin, Ersw is the rate of heat loss from sweat
evaporation, Eres is the rate of evaporative heat loss from respiration, Cres is the rate of
convective heat loss from respiration, R is radiation heat loss from the skin, C is the rate of

convective heat loss from the skin. The equations below calculate the partial vapor pressure in

the air [60].
0_611216[(18'678 23TZ.5)(257.§%+T11)], T>0
Ps = T, T, (46)
0.61115e[(23'036 333.7)(279.82+Ta)], T <0
RH
=— 47

And the clothing's outer surface temperature T¢ could be calculated using the equations below
through an iterative process.
Tskreq = 35.7 — 0.0275M (48)
Ter = Tskreq — L X clo X (R = C) (49)
The clothing area factor was calculated by:

1.0 + 0.21,, I.; < 0.5clo

fo = {1.05 +0.1l,, I,>05clo (50)

Where 1 clo = 0.155 m?K/W. The convective heat transfer coefficient could be calculated by
using the below equation.

h, = max (2.38(T, — T,)°2%,12.1,/V,) (51)
And the below equation could calculate the percent predicted dissatisfied (PPD), which is also

the system on-time.
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PPD = 100 — 956—0.03353PMV4—0.2179PMV2 (52)
Ambient temperature and relative humidity were used to evaluate thermal comfort. In this
calculation, it was assumed that the rate of metabolic heat production was 1.5 met (driving,
=87.15 W/m?), and the air velocity was assumed to be 0.1 m/s [16]. As for the clothing
insulation, in cooling mode I¢ = 0.61 clo (trousers, long-sleeved shirt), and in heating mode l¢i =
1.01 clo (trousers, long-sleeved shirt, long-sleeved sweater, T-shirt) [58].

Polynomial equations were fitted based on simulation results mentioned in the previous
chapter. These polynomial equations were functions of vehicle speed and were used to predict
system capacity and power consumption. The vehicle speed was categorized into four categories,
and the relationship between outdoor heat exchanger air face velocity and vehicle speed is listed
in Table 9. In addition to the compressor power consumption, fan power was also considered,
which was calculated by using the profile provided in the Green-MAC-LCCP tool [17].

Wior = M/sys + Wfan (53)

Table 9: Vehicle velocity profile

Speed category Vehicle velocity Outdoor HX air face velocity
- km/h m/s

Idle 10 1.5

Low 25 2

Medium 65 3

High 80 4

To calculate the annual energy consumption, the energy consumption for one full driving
cycle was first calculated. A driving cycle is a vehicle speed profile that mimics actual driving
behavior. In this study, the driving cycle used in the calculation is a combination of the Federal

Test Procedure (FTP-75) and the Highway Fuel Economy Driving Schedule (HWFET) [20].
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Figure 25: Driving cycle: FTP-75+HWFET

The energy consumption of one driving cycle was performed second-by-second using the
abovementioned polynomial equations. In addition, to take the effect of relative humidity into
the calculation, the relative humidity correction factor from SAE standard J2766 [16] was used
to correct cooling capacity. Since it did not include a correction factor for 45°C, the correction
factor for 35°C was used for 45°C cases.

The annual driving distance (Dannu) Was assumed to be 20,050 km [16], equivalent to
roughly 586 driving cycles. The total number of driving cycles was then assigned to each
temperature bin according to their percentage. And the annual energy consumption was

calculated by the below equation.

Wannual =TNpc Z[Wdc X pCttb X (pCtM x 0T + pCtA)] (54)
Where npc is the total number of the driving cycle, Wqc is the power consumption of one driving

cycle, pcti is the percentage of each temperature bin, OT is the percentage of the manually

controlled system on time, pctw is the percentage of manually controlled, and pcta is the
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percentage of the auto-controlled system. In this study, pctm was assumed to be 65%. And for the
auto-controlled system, its system on-time was assumed to be 100%.

The calculation result of Wac shows that when Tamb = -15°C, Wacof KC is 14.1% and
3.1% lower than that of BC and FT-VIC, respectively. Of course, carrying additional weight
diminishes energy savings. According to Weiss et al. [61], a typical passenger car consumes 0.6
+ 0.1 kWh energy per 100 km per 100 kg. Therefore, we set incremental energy consumption
(IEC) to be 6x10° kWh/(kgxkm). The weight of BC was the default value from the Green-
MAC-LCCP tool, and it was assumed that the FT-VIC had the same weight. While the KC was
assumed to have 25% more weight due to additional components. After factoring in the extra
energy consumption due to carrying additional weight, the energy-saving was reduced to 13.8%
(vs. BC) and 2.7% (vs. FT-VIC). This energy-saving helps extend the driving distance of the
vehicle in extremely cold weather.

The annual energy consumption of all locations in the TMY 3 database was evaluated.

And these results were then averaged by the state to create state-level results.

3.11 LCCP calculation

As mentioned in the literature review, LCCP consists of two parts: direct emission and
indirect emission. The direct emission was calculated by using the same method and number
from the SAE J2766 standard [16].

Belt efficiency and alternator efficiency were removed from the calculation as the belt no
longer drives the compressor, and the electricity directly comes from the battery. Instead, two
efficiencies were introduced to the model. One is the electricity transmission and distribution
efficiency 7n.4. According to U.S. EPA, roughly 5% of electricity is lost during transmission and

distribution [62]. Therefore, in this study 7 = 95%. The other added efficiency is charging
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efficiency 7charge. A typical lithium-ion battery has 80% to 90% charging efficiency [63,64]. As a
result, in this study 7charge = 85%.

The conversion factor mentioned in the standard was for fossil fuel. However, in this
study, the electricity comes from power plants. Therefore, the conversion factor C; is obtained
by times the U.S. average emission factors [65] of each greenhouse gas with its GWP (100-year
time horizon) [66]. The equation for solving LCCP is shown below.

LCCP = Direct Emission + Indirect Emission (55)
Direct Emission
= GWP(direct from MACs leakage) (56)
+ GWP(direct from additional sources)
Indirect Emission
= GWP(Indirect from MACs operation) (57)
+ GWP(Indirect from additional sources)
Indirect emission from MACs operation = Wy, X Life X C1/(Mta X Nenarge) (58)
Indirect emission from transportation
(59)
= Weight X IEC X Danny X Life/(Nea X Nenarge) X Ci
C1 = GW P, Ceo, + GW Py oCp,0 + GWPcy, Cep, (60)

As mentioned before, carrying MACSs also consumes energy. Equation (59) was used to
account for the emission caused by transportation.

The input variables for LCCP calculation are listed in Table 10, whose values come from
Green-MAC-LCCP tool version 3b [17] and SAE J2766 standard [16]. VIC is assumed to have

the same weight as BC, and KC is 25% heavier than BC due to additional required components.
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Table 10: Parameters for LCCP calculation

Parameter name Unit Value
Refrigerant charge (BC) g 550
Charge (FT-VIC) g 550
Charge (KC) g 687.5
Refrigerant lost in the assembly g 3.5
Leak rate glyear 8.8
Leakage before service g 200
Leakage due to accident glyear 17
Vehicle lifetime year 9
Percentage of DIY service % 25
Leakage during professional service g/service 35
Leakage during DIY service g/service 52
Loss from can heels during professional service g/service 5
Loss from can heels during DIY service g/service 108
Weight (BC) kg 20.2
Weight (FT-VIC) kg 20.2
Weight (KC) kg 25.25

3.12 LCCP results

3.12.1 Results using empirical compressor efficiencies

Figure 26 shows the simulation results of annual operating energy consumption across
the U.S. Note that this calculation did not consider the energy cost to carry the system. Overall,
southern and northern states consume more energy due to high cooling or heating demand.
Although FT-VIC has a higher COP than BC in all simulation scenarios, its capacity is also
higher than that of BC. As a result, its total power consumption could be higher than that of BC.
The calculation result shows that M2 has the lowest energy consumption in 34 states, which
makes it the most efficient mode. M3 has lower energy consumption than M1 in 21 states, most
of which are northern states. And it has lower energy consumption in these states mainly due to

its high efficiency in the heating mode. And in all states, M3 has higher energy consumption than
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M2 as M3 has lower COP in most simulation scenarios. On average, the annual energy

consumption of M3 is 1.3% higher than that of M1 and 3.0% higher than that of M2.

Power consumption, kWh
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M3

- 400

300

200

M1: #1-40: BC
M2: #9-36: BC / #1-8&#37-44: FT-VIC
M3: #9-36: BC/ #1: FT-VIC / #2-8&#37-44: KC

Figure 26: Choropleth maps of annual operating energy consumption (empirical
compressor efficiencies)

Figure 27 shows the choropleth maps of LCCP simulation results. Because all states
share the same conversion factor, the pattern remains like the choropleth maps of annual
operating energy consumption. M2 has the lowest LCCP in 34 states, like the annual operating
energy consumption results. Although M3 is more efficient than M1 in many states, the
additional emission caused by carrying extra weight reduces its advantage. The LCCP of M3 is
lower than M1 in 11 states. And because M2 is more efficient than M3, its LCCP is also lower
than M3 in all states. Nationwide averaged data show that M3 has a 3.0% higher emission than

M1 and 4.6% higher emission than M2, while the emission of M2 is 1.5% lower than that of M1.
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Figure 27: Choropleth maps of LCCP CO:z-equivalent emission (empirical compressor
efficiencies)

Figure 28 shows the breakdown of LCCP at various selected locations. Because the GWP
of R1234yf is extremely small, the direct emission is negligible. The significant contribution to
LCCP is operating emissions, followed by transportation emissions. And the last portion that is
visible is the manufacture and end-of-life emission. As mentioned before, though FT-VIC has a
higher COP than BC in hot weather, its cooling capacity is also higher, which could lead to
higher power consumption. As a result, for cities with a hot climate like Phoenix and Miami, M1
has the lowest LCCP. And in the cold region, M2 has the lowest LCCP among the three cycles.
In addition, in cold cities like Bethel, the excellent heating performance of KC helps M3 have

lower LCCP than M1.
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Figure 28: LCCP COz-equivalent emission breakdown at various locations
Table 11: Percentage of each temperature bin for selected cities
'tl;ienmp. PHOENIX | MIAMI | BETHEL | LOS ANGELES | BOSTON | BALTIMORE
>40°C 6% 0% 0% 0% 0% 0%
30°C - 31% 13% 0% <0.5% 204 5%
40°C
e 29% 75% 1% 250 23% 30%
%808 - 28% 12% 23% 73% 30% 30%
cl’OEC‘ 6% <0.5% 34% 2% 32% 25%
010% C- 0% 0% 21% 0% 12% 9%
-20°C - 0 0 0 0 0 0
10°C 0% 0% 17% 0% 1% 1%
<-20°C 0% 0% 4% 0% 0% 0%
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Table 12: Manual controlled system on-time percentage for selected cities

Temp.

bin PHOENIX | MIAMI | BETHEL | LOS ANGELES | BOSTON | BALTIMORE
>40°C 100% - ] ] ] ]
2808 - 100% 99% ; 96% 100% 100%
20°C —

. 21% 36% 10% 17% 25% 28%
30°C
10°C - 0 0 0 0 0 0
20°0 41% 25% 55% 23% 37% 39%
‘1)090— 61% 86% 98% 80% 98% 08%
610% C- - - 100% - 100% 100%
'1209,(:0 B - - 100% - 100% 100%
<-20°C ; - 100% - - ;

3.12.2 Results using fixed compressor efficiency efficiencies

The choropleth maps of annual operating energy consumption using fixed compressor

efficiencies are shown in Figure 29. Because this calculation does not limit the pressure ratio,

KC’s advantages in cold weather are enlarged. The result indicates that M3 has lower annual

energy consumption than FT-VIC in 7 states, all of which are northern states. And M2 has less

energy consumption than M1 in 29 states. On average, M1 has annual energy consumption

similar to M2, and M3 consumes 3.0% more energy than M1. Note that in this calculation, the

cooling and heating capacity under extreme conditions differs between cycles. KC has the

highest capacity, followed by FT-VIC.
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Figure 29: Choropleth maps of annual operating energy consumption (fixed compressor
efficiencies)

Figure 30 shows the choropleth maps of LCCP across the U.S. Since the KC has a much
larger system weight and refrigerant charge, M3 has a higher LCCP than M2 in every state. And
on average the difference is 4.9%. M2 also has lower LCCP than M1 in 29 states, but the
difference is minimal on average, which is 0.2%.

Figure 31 shows the breakdown of LCCP at various locations. In Bethel, M3 has the
lowest LCCP due to cold weather. However, M3 tends to have the highest LCCP among the
three cycles in other cities. Overall, the trend is the same as the case where empirical compressor

efficiencies were used.
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Figure 30: Choropleth maps of LCCP COz-equivalent emission (fixed compressor
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3.13 Chapter summary and conclusions

In this chapter, thermodynamic models were developed of the basic heat pump cycle
(BC), flash tank-based vapor injection heat pump cycle (FT-VIC), and kangaroo heat pump cycle
(KC). In those models, heat exchangers were modeled using a fixed approach temperature. And
compressor models were efficiency-based semi-empirical models. A simulation matrix derived
from SAE standard J2765 was used to calculate cycle performance. The annual energy
consumption of each cycle was calculated at every location and recorded in the TMY3 database.
And LCCP value was evaluated as well. The summary of simulation results is shown below:

e Effect of KC’s sub-cycle compressor speed:

o When the target cooling or heating capacity is fixed, increasing the sub-cycle
compressor speed lowers COP. Therefore, operating a sub-cycle compressor at
the minimum speed (3,000 RPM) is the most efficient strategy for the given
simulation matrix.

e Heating performance comparison:

o When the main compressor speed is the same, KC has the highest heating
capacity and the lowest COP. When compared to FT-VIC and Ty,,,, = —15°C,
KC on average increases heating capacity and decreases COP by 20.1% and
18.9%, respectively.

e Simulation results based on the simulation matrix (Table 5):

o Since the primary purpose of FT-VIC and KC is to increase heating capacity, they
are only used in extreme conditions. Because the cooling and heating loads are
small when Tamp is between 25°C and 5°C, BC is used in these conditions. This

arrangement results in three operating modes:
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M1: use BC for all conditions.

M2: use BC from simulations #9 to #36 and use FT-VIC for the rest of the
conditions.

M3: use BC from simulations #9 to #36 and use KC for the rest
conditions. Note that in simulation #1 even minimum compressor speed
leads to higher than limited discharge pressure and temperature when
using empirical compressor efficiencies. As a result, FT-VIC is used in

this circumstance.

o Use empirical compressor efficiencies:

BC has the highest cooling capacity when Tamp = 45°C and Vo = 1.5 m/s,
as the FT-VIC and KC models were limited by the maximum compressor
overall pressure ratio.

Due to the maximum compressor overall pressure ratio limitation, FT-VIC
and KC models show similar cooling capacities in hot weather
(simulations #1 to #8). On average, the cooling capacity of KC is 8.8%
higher than that of BC. And cooling capacity of FT-VIC is 10.0% higher
than that of BC.

When Tamb = -15°C heating capacity of KC is on average 25.1% and 3.5%
higher than that of BC and FT-VIC, respectively. Wacof KC is 14.1% and
3.1% lower than that of BC and FT-VIC, respectively. After factoring in
the extra energy consumption due to carrying additional weight, the

energy-saving was 13.8% (vs. BC) and 2.7% (vs. FT-VIC).

62



VIC has the highest COP in the most extreme conditions. The only
exception is when Ty,,;, = —15°C, where KC has the highest COP. Under
this condition, all cycles failed to reach the target heating capacity. Since
the vapor injection compressor pressure ratio does not reach its maximum
yet, KC can deliver a higher heating capacity than FT-VIC. And KC has a
lower COP than VIC in most cases because the energy saved by reducing
the main-cycle compressor speed is less than the additional energy

required by the sub-cycle compressor.

o Use fixed compressor efficiencies:

LCCP:

Because the maximum pressure ratio limitation is removed, KC shows the
highest cooling capacity in hot weather (simulations #1 to #8). On
average, the cooling capacity of KC is 28.1% higher than that of BC. And
cooling capacity of FT-VIC is 23.6% higher than that of BC.

When Tamb = -15°C heating capacity of KC is on average 28.8% and
13.5% higher than that of BC and FT-VIC, respectively.

FT-VIC has the highest COP in most hot weather; the COP of KC is 12%

and 11% lower than that of the BC and the FT-VIC.

Use empirical compressor efficiencies:

For annual energy consumption, M2 has less energy consumption than M3
in every state and has less energy consumption than M1 in 34 states. And

M3 has less energy consumption than M1 in 21 states. On average, the
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annual energy consumption of M3 is 1.3% higher than that of M1 and
3.0% higher than that of M2.

For LCCP, the LCCP of M3 is higher than that of M2 in every state. And
LCCP of M3 is lower than that of M1 in 11 states. On average, M3 has a
3.0% higher emission than M1 and 4.6% higher emission than M2, while

the emission of M2 is 1.5% lower than that of M1.

o Use fixed compressor efficiencies:

For annual energy consumption, M2 has less energy consumption than M3
in 43 states and has less energy consumption than M1 in 29 states. And
M3 has less energy consumption than M1 in 22 states. And the states
where M3 has less energy consumption than M2 are northern states. On
average, the annual energy consumption of M3 is 3.0% higher than that of
M1 and M2.

For LCCP, because KC has additional system weight, its transportation
emission is more significant than other systems. As a result, the LCCP of
M3 is higher than that of M2 in every state. And LCCP of M3 is lower
than that of M1 in 18 states. And LCCP of M2 is lower than that of M1 in

29 states. On average, the LCCP of M3 is 4.9% higher than that of M2.

o Operating emission is the most significant part of LCCP, followed by

transportation emission. And because the GWP of R1234yf is very small, the

direct emission can be neglected.
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4 Dynamic automobile air conditioning system model and transient
simulation

4.1 Dynamic automobile air conditioning system model

Dymola is a commercial software widely used for transient simulation. It is essential for
the dynamic modeling of automatic air conditioning systems (MACs) because of their highly
transient behavior during driving. The dynamic MACs model was developed in this study based
on the CEEE Modelica Library (CML) [67]. System components were modeled individually and
could be connected to create cycle models. There are three types of component models:
compressor, heat exchanger, and expansion valve. Since the compressor and expansion valve
have a relatively small internal volume compared to heat exchangers, they have less thermal
inertia than heat exchangers. Also, their response time to input variation is shorter. Therefore, the
compressor and the expansion valve were modeled for a quasi-steady-state model. In other
words, they share the same governing equations with their steady-state model. The modeling of
the heat exchanger is much more complicated, so its details are explained in the following

sections.
4.1.1 Modeling approach and validation for the component model

4.1.1.1 Compressor models
In Dymola, compressors were modeled for a quasi-steady-state model. The compressor
model comprises two sub-models: a lumped control volume model and a compressor base model.
The compressor base model is the same model used in the thermodynamic model, so is
not discussed here for brevity. The lumped control volume is a simplified refrigerant control

volume, which sets the number of segments to 1. Details of it are discussed in section 4.1.1.5.1.1.
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The lumped control volume added here was used to store the refrigerant and is located between
the compressor model inlet ports and the inlet of the base model.
4.1.1.2 Expansion valve model

The expansion valve was modeled as a simple orifice. Its governing equation is as

follows.

u

CvDiz pinAp (61)

max

Where u is the input signal indicating the opening of the valve, C is the flow coefficient of the
valve, D;i is the inner diameter of the valve with maximum opening, pir is the inlet refrigerant
density, and 4p is the pressure drop across the valve.

When using this model, it is connected to a PID controller, which sends the input signal u
based on the monitored result. Typical input signals are compressor suction superheating and

discharge superheating.

4.1.1.3 Accumulator, receiver, and flash tank models

In CML, the accumulator and receiver are the same models with different geometry
setups. In both models, the refrigerant is assumed to be separated perfectly. In the accumulator,
the inlet port has the same height as the outlet port, and they are located near the top of the tank
so that the outlet flow is vapor. The outlet port is located at the bottom of the receiver, ensuring
the outlet flow is liquid. The accumulator tank itself is modeled as a lump control volume. And
its refrigerant quality is also the ratio of liquid level over the tank height. The below equation can

calculate the outlet enthalpy of the accumulator and receiver model.

min (h, h;) when Hyp,e; > H, + D,
H —H
Rour = { by + W when H, + Dy > Hypper = H, (62)
o
max (h, h,) when Hjpp,e; < H,
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Where Hiever is the liquid level inside the accumulator or receiver, Ho is the height of the outlet
port, Do is the outlet port diameter, hy is dew point enthalpy, and h; is bubble point enthalpy. This
equation indicates that if the outlet flow wants to be subcooled liquid, the tank must be filled
with liquid first, and vice versa.

The flash tank model is a specialized accumulator model with one liquid outlet port and
one vapor outlet port. In the flash tank model, inlet and outlet port geometry are no longer
modeled, and the following equations define the outlet enthalpy of liquid and vapor ports.

h when Hlevel >H

hout,liquid = {hl when H = Hiepep = 0 (63)
h when Hlevel <0
h when Hlevel >H

hout vap = {hv when H = Hjppe; = 0 (64)

h when Hlevel <0

Where H is the height of the flash tank.
4.1.1.4 Cabin model

The cabin model was developed based on work from Eisele[68] and Lee et al[69]. Its

governing equations are shown below.

dT, dT. 1, (cpg + Cpp .
Mrcprd_tr + Mccpcd_tc = m( pa; 2 ) (Ts = T) + Qsor
(65)
+stt + Uvo (Tamb - Tr) + mivcpamb (Tamb - Tr)
dT,
Mccy, dt = —htc A (T, — T}) (66)
dx, (67)

r dt = (Thwater,s + mwater,o + mwater,infil) + Qplt/hfg

Where equation (65) is the energy balance equation. On the right-hand side, the first term
accounts for the cooling or heating load. The second term is the solar radiation load. The third

term is the sensible passenger load. The fourth term is the heat transfer between the vehicle
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surface and ambient air. And the last term is the load related to the leakage of air. Equation (66)
accounts for the heat transfer between the cabin compartment and the cabin room air. And
equation (67) is the mass balance equation used to calculate the change in cabin relative
humidity. The cabin model was validated by using the results from Huang [70], and the

validation result is shown in Figure 32.

70
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Figure 32: Cabin model validation

4.1.1.5 Heat exchangers

The heat exchanger model is the most complicated in CML. It was modeled based on
energy, mass, and momentum conservation. First, a heat exchanger is separated into several
control volumes, which are volumes of particular interest. The simplest form of the heat
exchanger model has three control volumes: high-temperature side fluid control volume, wall
control volume, and low-temperature side fluid control volume. The fluid control volume can be
further divided into refrigerant control volume, air control volume, and coolant control volume.
Since the fluid properties change a lot inside the heat exchanger and a single segment cannot
represent the entire heat exchanger correctly unless it is very short, each control volume is

divided into multiple small segments along the flow direction. During simulation, most
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calculations for the heat exchanger model are performed in each small segment. And those

segments are connected through the governing equation. Before explaining the detailed control

volumes and heat exchanger model, I want first to explain some error sources that are in general

for all heat exchanger models:

Only one flow passage of each pass is calculated in the heat exchanger model. And this
flow passage is used to represent the entire pass. However, in reality, every passage is
unique. So, this simplification would bring some errors.

Another issue with the simplification mentioned above is that it requires the number of
channels on both sides of the heat exchanger to be the same. Otherwise, there will be an
energy imbalance. For a plate heat exchanger, the number of channels on two sides is
often offset by one. In that case, the smaller number is chosen, and the side with more
channels gets a correction factor for the heat transfer area to keep the total heat transfer
area the same. This approach helps improve the model’s accuracy, especially when the
number of channels is high.

Refrigerant maldistribution in microchannel heat exchangers is not considered.

Other model simplifications, such as evaluating the air-side heat transfer coefficient only
once in the inlet, could also contribute to the significant deviation.

Headers are not modeled. The pressure drop is evenly distributed along the channel when
the simulation reaches a steady-state.

The experimental data may not be 100% accurate. Unfortunately, the uncertainty of

experimental data used in this study was not obtainable.
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4.1.1.5.1 Control volumes
As mentioned before, heat exchanger models are assembled by individual control
volumes. They are explained below:
4.1.15.1.1 Refrigerant-side control volume
In the steady-state model, energy flows into the control volume is always equal to energy
flows out. However, it is not the same in the transient model. Part of the energy can be stored in
or released from the control volume.
The assumptions for the refrigerant-side control volume are:
e The refrigerant flow is a homogeneous flow, which means the vapor velocity is the same
as the liquid velocity in the two-phase region. This assumption simplifies the calculation.
e The refrigerant properties inside one segment are uniform.
e No heat loss

The governing equations for the refrigerant-side control volume are:

au . . .

E = Minhin — Mouthour + Q (68)
aM
dt = My — Moyt (69)

Where U is the internal energy, Q is the heat flow to the wall, and M is the total mass. Depending
on the selection of state variables, there are two methods to calculate the left side of the equation.
The first method uses pressure and enthalpy as state variables, and these two variables determine

all the other properties. The left side of the equation can then be written as follows:

W_yvl(n%] 1), (1] 4 ,)% 70
ac " |\"opl, ~ ) ar "\"anl, TP )ar (70)
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M (dp| dh dp| d
—V(p 4 2P p) (71)

e = \anl,ar tapl ac
These equations are the governing equation’s standard form and work well in most scenarios.
Poor mass conservation is a drawback of using pressure and enthalpy as state variables. Due to
the truncation error, the total refrigerant charge in the closed-loop system is not constant but a
fluctuating value. And the change in the refrigerant charge is affected by the solver tolerance and
simulation steps.

The other method to calculate the governing equations is to use pressure and density as

state variables. The equations become:

aw_, ah| N (o e

a " [\Papl, " )ac T\Papl T (72)
am dp
aM _ (4 73
=" () 72

And the change of enthalpy can be easily calculated by the equation below

dh _0h
dt  dp

dp oh

d
dt dp

ar (74)

s
It can then be added as the third state variable. Using pressure and enthalpy, one can calculate all
other refrigerant properties. Using this set of governing equations can improve the mass
conservation of the model. However, it is less robust and requires a minor time step. And

because the density calculation is purely based on its derivative rather than the refrigerant

property routine, its derivative must be very accurate to calculate the density correctly.
The aforementioned governing equations are for transient simulation. Setting % and ‘Z—]tw

to 0 during the model initialization converts the transient model into a steady-state model. This
approach is helpful during the component-level steady-state simulation. In the cycle model, due

to nonlinear equations, the model is challenging to solve and often results in simulation failure.
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The convective heat transfer from the refrigerant-side to the wall surface can be

calculated by using the basic convection equation

Q = hyefA(Twau — Trey) (75)
Where hret is the refrigerant side heat transfer coefficient, A is the refrigerant side heat transfer
area, Tref IS the refrigerant temperature and Twan iS the wall temperature. hret can be calculated by
empirical correlations. Since hrer is different for each refrigerant phase, other empirical
correlations are needed for each refrigerant phase. In the steady-state simulation, one can select
which correlation to be used based on the refrigerant phase. In the transient simulation, it is
essential to prevent an abrupt change in he, The typical approach is to create a smooth transition
when phase change happens. This approach requires knowing hret in all phases and constructing
a smooth function between them. Therefore, in this study, hrr of liquid, vapor, and two-phase
are calculated simultaneously. And the smooth transition is realized using the “spliceFunction”
in Modelica.

Empirical correlations are in general accurate. However, they are usually nonlinear and
do not have a smooth first-order derivative. This fact can trigger solver chattering or stiff in
Dymola, making the model difficult or slow to solve. Therefore, empirical correlations are only
used during the component-level simulation in this study. When the heat exchanger model is
used in system-level simulation, a simple heat transfer coefficient calculation method is used,
where it is assumed that the heat transfer coefficient is purely a function of refrigerant mass flow

rate. The below equation can calculate the heat transfer coefficient of each refrigerant phase.
n

ey = K (%) he (76)

0

72



Where ho is the heat transfer coefficient calculated at . Coefficients K and n are 1 and 2,
respectively. This simple model does not require refrigerant properties, and its derivative can be
quickly resolved. Therefore, it can significantly speed up the calculation.

Similar to the heat transfer coefficient, the same equation also calculates the refrigerant

pressure drop in the heat exchanger.

.7
AA—;’O —K (mﬂo) 77

Where Ap, and m are the pressure drop and mass flow rate measured in the experiment. Similar
to the heat transfer coefficient equation, the default values for K and n are 1 and 2, respectively.

A staggered scheme solves the governing equations inside the refrigerant control volume.
The mass and energy conservation equations are solved in one grid, while the pressure drop is
calculated in the staggered grid (offset by half the segment length). By doing so, the governing
equations are decoupled and become easier to solve.
4.1.1.5.1.2 Air-side control volume

The air-side control volume differs from the refrigerant-side control volume in two
aspects. First, the flow direction is different. A typical refrigerant-to-air heat exchanger has a
cross-flow configuration, which means that while the refrigerant flows from the pipe inlet to the
pipe outlet, the air flows from one side of the pipe to the other. Second, although the dry air
doesn’t have phase change, the water vapor is condensed during the condensation process in
most cases. These differences make air-side control volume unique compared to other flow
control volumes.

The assumptions for the air-side control volumes are:

e The air-side mass flow rate is evenly distributed into each small segment.
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e The inlet air temperature and humidity ratio calculate the air-side properties, which
avoids iteration in the calculation. Since the mass flow rate of each segment is the same,
the heat transfer coefficients of each segment are the same and only needed to be
evaluated once per timestep.

e There is no pressure drop on the airside. Except when the frost is taken into
consideration.

The following governing equations model the air-side control volume:

) dT,

MuCpa d_;Ay = 0Uq (Ao,t + r]finAo,fin)(Tw - Ta) (78)
dw

mg dya Ay = am(Ao,t + nfinAo,fin)(ww,s — Wg) (79)

Where a,, = # The first equation is used to calculate the sensible load, while the second
p.a

equation is used to calculate the latent load.
In this study, air-to-refrigerant heat exchangers are microchannel heat exchangers using

louver fins. The heat transfer area is evaluated by using the below equation

Apr =2% (L, — t;xnp) XTy + 2X Ly X T (80)
1
2 X (Fy X Fg) X ng X (1 + —) if fin extended
A = nt 81
o,fin 1 ( )
2 X (F; X Fg) X ng X (1 - E) if finnot extended

Where L. is tube length, tf is fin thickness, nf is the number of fins, Tq is tube depth, T is tube
height, F is fin length, Fq is fin depth.
The fin efficiency is calculated by the below equation[71]

tanh(ml)

=~ 7 82
Nfin ml ( )
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2h 1)
_ 83
m kf6<1+Lf> (83)
b
=—— 84
l > ) (84)

Where h is the heat transfer coefficient, k is fin conductivity, ¢ is fin thickness, Lt is fin height, b
is the fin height. This study’s heat transfer coefficient was calculated using empirical correlations
from Chang and Wang [72].
4.1.1.5.1.3 Air-side control volume for frost simulation

A frost formation model is added to the air side model to predict the frost formation on
the outside heat exchanger in the heat pump mode. The model mainly follows the work of Qiao
[73]. To speed up the calculation, the frost model used in this study is one-dimensional.

The sensible and latent load calculation is similar to the air side control volume. The
main difference is that the heat transfer temperature is evaluated based on the frost surface

temperature rather than the tube temperature.

4T

MuCp,a d_;Ay = Qg (Ao,t + 77finAo,fin)(Tfs - a) (85)
. dw

mg dya Ay = am(Ao,t + nfinAo,fin)(wfs,s — Wg) (86)

During the frosting process, the water mass flow rate (m,,) can be split into two parts: the
diffusing mass flow rate (m,) and condensing mass flow rate (15). The former accounts for the
water vapor diffusing into the frost layer. While the latter represents the water vapor that builds
up the frost thickness.

M, =1, + 1 (87)

The frost layer is one-dimensional in each segment, and the frost density is assumed to be

homogeneous. Therefore, the equations from Breque and Nemer [74] could be used to calculate
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the frost surface temperature and density change without calculating the temperature profile of

the frost layer.

) . 1.
Tfs = Twau + & ffA X (_Qsen — Mg Lsy, + Empst> (88)
e o
2D,-7A i
. ffoPary,
mp = 2 gf L (wsat(Twall) - wsat(Tsurf)) (89)

Where De is the effective diffusion coefficient, which is obtained by multiplying the
diffusion coefficient (Ds) with a diffusion resistance factor ().
Dess = Dsu (90)
P 1.81
= 2 (= -5 91
Dy = 2.302 (P) (To) %X 10 (91)

This study uses the diffusion factor from Brain et al. [75].

€
p== (92)
e=1- pf/pice (93)
€
TCTa-a 0

The effective frost thermal conductivity (kerr) was calculated by using the correlation
proposed by Lee et al. [76] (prs < 500 kg/m®).
kerr = 0.132 4 3.13 X 10™*pgs + 1.6 X 077 pfg (95)
The experimental data of Case #1 from Breque and Nemer [77] was used to validate the
air side control volume. Similar to their model, a correction factor (I') on the air side pressure
drop is applied.

[ =72.146 X 62, — 3.0462 X &, + 0.9622 (96)
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Where J¢« is the dimensionless frost thickness, which is defined as 6, =

the above polynomial equation were obtained by matching the simulated pressure drop with the

experiment pressure drop.

The validation results are shown in Figure 33 to Figure 35. The model captures the
capacity trend. As expected, the pressure drop matches well with the experimental data with the

help of the correction factor. And the rate of the frost mass increases matches the experimental

data very well.
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Figure 33: Simulated capacity vs. experiment data
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Figure 35: Simulated frost mass vs. experiment frost mass
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Because the heat load of each segment is different, the frost growth rate is different too.
This result leads to various minimum flow areas and air mass flow rate maldistribution. Since

this calculation also involves the fan model, it is discussed in section 4.1.1.6.

4.1.1.5.1.4 Wall control volume
The wall control volume is much simpler, and it has only one governing equation:

) . dT
Q1 +0Q;= Cpmd_t 97)

Where Q, and Q, are the heat flows from each side of the wall, C, is the specific heat capacity of

the wall, m is the total wall mass, T is temperature, and t is time. As mentioned before, the heat

flows are determined inside fluid control volumes. In steady-state, Q, is equal to Q, and % =0.

4.1.1.5.2 Outdoor heat exchanger model

The outdoor heat exchanger is a microchannel heat exchanger with louver fins. And its
face area is 0.14 m?. The correlations used to solve the heat transfer coefficient on the air and
refrigerant side are shown in Table 13. A 1.5 correction factor was applied to both sides to
improve the model’s accuracy. As mentioned, the empirical correlation makes the model slow
and challenging to use in the cycle models. Thus, the simple heat transfer coefficient is also
applied. In addition, the pressure drop was calculated based on a regression model. Figure 36 and
Figure 37 show the validation results of capacity and pressure drop, respectively. During the
tests, the outdoor heat exchanger serves as a condenser. The maximum deviation of heating
capacity is 15%. The simple hret model can capture the trend and has a slightly larger
discrepancy than the empirical correlations. As for the pressure drop, because the model was
fitted based on the experiment data, its deviation is less than 4%.

Table 13: Correlations for outdoor heat exchanger model

| Location | Variable \ Calculation method | Correction factor |
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Heat transfer Chang Wang Louver HTC 1.5

coefficient
. Gnielinski for turbulence flow,
Single-phase HTC fixed Nu for laminar flow

Refrigerant- Two-phase HTC Shah Cond 2016

Air-side

1.5

side Shah Evap 2016 [78]
Normalized pressure drop
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Figure 36: Outdoor heat exchanger capacity validation (non-dimensionalized, original unit:
W)
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Figure 37: Outdoor heat exchanger pressure drop validation (non-dimensionalized,
original unit: kPa)

4.1.1.5.3 Indoor heat exchanger model

The indoor heat exchanger is a microchannel heat exchanger with a louver fin. And its
face area is 0.14 m?. It uses the same heat transfer coefficient correlations and correction factor
as shown in Table 13. During the test, the indoor heat exchanger served as an evaporator. Figure
38 shows the validation results of cooling capacity. When using empirical heat transfer
coefficient correlation, its maximum deviation is less than 9%. And when using the simple heat
transfer coefficient model, the maximum deviation is less than 8%. And Figure 39 shows the
maximum deviation of pressure drop, which is less than 1%. Overall, the simple heat transfer

coefficient and pressure drop model work well.
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Figure 38: Indoor heat exchanger capacity validation (non-dimensionalized, original unit:
W)
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Figure 39: Outdoor heat exchanger pressure drop validation (non-dimensionalized,
original unit: kPa)

4.1.1.6 Fan model and air maldistribution calculation

The fan model is a quasi-steady state model. The most important part of the fan model is
its fan curve, which calculates the air side pressure rise as a function of the air volume flow rate.
A second-order polynomial equation was used to generate the fan curve.

APgy, = ag + a; X CFM + a, X CFM? + az X CFM3 (98)

Where A4 Pran is the pressure change of the fan, a is the coefficients, and CFM stands for cubic
feet per minute. The data from SPAL VA10-AP70/LL-61 [79] was used to create the fitting. The
coefficients are shown in Table 14, and the fitting is plotted in Figure 40. The R? of the fitting is

0.993.
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Table 14: Outdoor fan curve coefficients

Parameter Value Unit

ag -2.51e-7 Pa

a, 4.661e-4 Pa/CFM
a, -0.407 Pa/CFM?
a; 283.4 Pa/CFM3

300

250
200 -
©
Q_Q_ 150 [~
©
100 [

50 -

Typically, the air mass flow rate is given to the model instead of calculating it using a fan
model. Depending on the simulation boundary, it can be a constant or a variable that changes
over time. However, when frost happens, things become much more complicated. As the frost
grows, the minimum airflow area keeps decreasing. The frost growth rate depends on the
situation and is impossible to predict. Because of this, the air mass flow rate can no longer be a
direct input. Instead, a fan model is needed to calculate the air mass flow rate accurately.

In the vehicle, the air stream passes through the frontal grill, radiator, and condenser.
When the vehicle is stationary, the sum of the pressure drop across the frontal grill, radiator, and

condenser should equal the pressure rising across the fan. And when the vehicle is moving, the

dp _vs.CFM
pa

Fitted curve

blow

200 400

1200

Figure 40: Fan curve fitting results
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air rammed on the grill causes the air pressure to rise, which is referred to as “ram air”. This ram
air allows more air to pass through the aforementioned heat exchanger and improves its
performance. According to Ap et al. [80], the air side pressure drop passing through the cooling
compartment can be calculated by

APgan = APyriyt + APeona + APradiator — APram (99)

Where

1
APyryy = Epaircp,grillvgzrill (100)

1 101
APy = E Pair Cp,rachgzr (102)

And Cpgrin = 2.0 and Cpram = 0.7. In this study, the grill is not considered and the radiator is not
presented. Thus, 4Pgrin and 4 Pragiator are removed from the equation.
The heat exchanger’s air side pressure drop is calculated by using the empirical

correlation from Kim and Bullard [81] for louver fins.
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Figure 41: Louver fin geometry [81]
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0.444 E —-1.682 —-1.22 0.818 1.97
f = Rep 781 (L_“) (_p) E & ﬂ (102)
P 190 Lp L, L, L,

where f is the fanning friction factor. And the definition of the geometry parameters can be found
in Figure 41.

As mentioned before, because the air side control volume is a segment-by-segment
model, the cooling load of each segment is different depending on the refrigerant side state. As a
result, the frost growth rate of each segment varies. This leads to air mass flow rate
maldistribution.

To efficiently calculate the air mass flow rate maldistribution, the approach proposed by
Qiao et al. [73] was used. On top of the original equation, additional terms that factor in the ram
air effect were added to the calculation. The below section explains it in more detail.
Based on the mass conservation inside the fan, we can get

YAM; = pranAVin (103)

where i is the segment index.

Then, the change of pressure at each time step can be approximated by the below

equations
. . . a(AP) .
AP;(my + Amy) ~ AP;(m;) + o | A (104)
L mi
: : . 0(APran) :
APan(Vian + AVian) = APpan(Van) + Tan AVian (105)
fan Vfan
. . . (AP ) .
APram(Ucar + AUcar) = APram(Ucar) + Tram AUcar (106)
car 1Ucqr

Where 4P; is the pressure drop of each heat exchanger segment, APram is the pressure change

caused by the ram air. %| is the derivative of air side pressure drop with respect to the air
i iy
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a(APfan)

side mass flow rate and evaluated at m;, I
fan

is the derivative of fan pressure change
Vfan

a(APram)

. is the
OUcqr U,

with respect to the fan volume flow rate and evaluated at Vfan, and

car

derivative of ram air pressure change with respect to the vehicle speed and evaluated at U,
Though the air mass flow rate in each segment is different, the air side pressure drop
across the heat exchanger should be the same for each segment, which leads to the below
equation:
AP; = APy = APrgp (107)

Substitute the previous pressure drop equations back into equation (107), one can get

.. 0(AP) _ : 9(APran) :
APl-(mi)+a—,l At = [APran(Vran) + ——222  AVpgy] +
m; h anan Vfan
(108)
) 0(AP-4m) )
APram(Ucar) + ﬂ AUcar
aUcar Ucar

The equation to calculate the change of mass flow rate can be obtained by rearranging the above

equation.

d(AP;)
oy |,

Y (AP ram)
Ucar

d(AP;)
o,

APram (Ucar) +

. AUcar — AP (ml) (109)
Ucar

_|_
m;
Substitute equation (109) into equation (103), and rearrange terms by separating AP

and derivatives. One can get below equation
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a(APram) AU
. . . g car
Z APfan(Vfan) + APram(Ucar) - APi (ml) aUcaT Ucar
om; |, om; |
(110)
d(AP, i
Sl i,
fan lyg, .
+ a(AP,) = pfanAVfan
am; iy
Then, rearrange terms in the equation to put AVfan on one side
[ 1
9 (APray) IZ 1|
B I IOl Pran
s am; iy
AP;(m;) i 1
- M - Apfan(Vfan)ZM —
am; g am; iy (111)
0 (APram) AUcar
AP (U ) 1 0 Ucar Ucar
ram car Za(APl) Z a(APl)
aThi ey aml m;
To simplify the equation, define k = ZW, Y=Y aA(fﬁ,(j”) P = a((f;mm) AU
oy |, oy |, cr Ucar
AV _ l/) - [APfan(Vfan) + APram(Ucar) + ¢]K
e 0(APran) (112)
o, K = Pfan
fan Vfan

Once AVfan is calculated, its value can be used in equation (112) to calculate the air mass flow

rate of each segment.
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4.1.1.7 Lookup table for density

A significant calculation time was spent on thermodynamic properties calls when doing
transient simulation. Replacing the Helmholtz model with a look-up table could significantly
reduce the calculation time. For example, Modelon’s Splined-Based-Table-Lookup (SBTL)
model reports a 33% shorter calculation time when compared to the short Helmholtz model and
has good accuracy [82].

In this model, most thermodynamic properties were calculated by Xprops [83]. When the
refrigerant state inside the control volume passes through the saturation liquid line, the density
partial derivative changes dramatically and the model is prone to have convergence problem, or
simulation stiff. Because the function call was implemented in the form of external functions
without derivative, the Dymola solver needed to calculate its derivative numerically and the
model could be prolonged when phase change happened. To resolve this issue, a lookup table
was adopted in the model to calculate the R1234yf{’s density and its derivative.

The R1234yf density data was generated from Refprop 9.1 [84]. The state variables were
pressure and specific enthalpy. And density was calculated in a 100100 mesh grid. The results
were then imported into Dymola. The Modelica standard library CombiTable2D was used to
create the lookup table. The interpolation method was Akima spline interpolation, which
guaranteed a continuous first derivative. This approach allowed the solver to find the first
derivative quickly and run the calculation smoothly.

Initially, the mesh grid was generated with equal spacing on both axes. The specific
enthalpy ranges from 150 kJ/kg to 500 kJ/kg. And the pressure ranges from 32.5 kPa to 3,381.2
kPa. In addition to the fitting data, validation data was generated from a shifted mesh grid, where

specific enthalpy and pressure were shifted by 5 kJ/kg and 0.5 kPa, respectively.
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The results were then compared to the Refprop data. It was found that when the grid size
was 100x100 and had equal spacing, though the average absolute error in density was 8.3%, the
maximum error could be as high as 70%. The place with the highest absolute error happened
near the saturation liquid line. One way to increase the accuracy in this region was to add more

sample points in this region by transforming the grid.
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Figure 42: R1234yf density lookup table error (%) in P-h diagram

To transform the grid, an equidistance grid was first generated in the log10 space. Then
the generated grid was transformed back into normal space. In that way, more data points were

sampled in low-pressure and low-specific-enthalpy regions, as shown in Figure 43.
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Figure 43: Grid example after transformation (10x10)

After grid transformation, the new lookup table has much better accuracy. The average
and maximum absolute errors were 3.2% and 13.4%. To further improve the lookup table, more
sample points were added. When the grid size was 150%150, the average and maximum absolute
errors were 1.4% and 8.8%. And when the grid size was 200x200, the average and maximum
absolute errors were 0.8% and 5.0%. Increasing the grid size further could exceed the array
length limits. Therefore, the 200x200 grid was used in this study.

4.1.2 Cycle models

Once component models were developed and validated, they were used to build cycle
models. Methods were applied to simplified models and speed up calculation:

e The expansion valve’s arrangement is modified. In schematics, cooling and heating mode
uses different valves, and a check valve bypasses the unused valve. However, modeling

these details increases the complexity of the model and does not affect the actual system
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performance much. Therefore, only used expansion valves are included in the cycle
model.

e Pipes are not included, which helps reduce the complexity of the model.

e Accumulator is removed from the model.

e Only the heating mode is modeled, and no mode switch is considered. Therefore, four-
way valves are not included in the model.

Figure 44, Figure 45, and Figure 46 show the diagrams of the BC, FT-VIC, and KC
models, respectively. Valves are controlled by PID controllers, whose signal comes from the
sensor module. For the BC model, PID is controlled by the evaporator (outdoor heat exchanger
in the heating mode) superheating. For the FT-VIC model, the evaporator superheating also
controls the low-stage valve. The high-stage valve is more complicated. In practice, it can be
controlled by the liquid level inside the flash tank. Or, if an economizer is added, it can also be
controlled by a TXV. In this model, the high-stage valve is controlled by the condenser (indoor
heat exchanger in the heating mode) subcooling. In addition, a simple PID control is added to
control the main compressor’s speed, with a cap of 8,600 RPM. And the input signal to the PID
control is the difference between the cabin room temperature and the target cabin room

temperature.
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4.2 Sub-cycle heat exchangers’ design
4.2.1 Boundary conditions

To design the sub-cycle heat exchangers, it is necessary to calculate the appropriate
design boundaries, including the inlet refrigerant pressure, specific enthalpy, and target capacity.
This calculation can be done by using the KC thermodynamic model mentioned in the previous
chapter. To increase the accuracy of the thermodynamic model, Dymola simulations of FT-VIC
were first performed to correct the heat exchangers’ approach temperature.

For the Dymola FT-VIC model, simulations were performed for Tamp = -15°C cases,

which are simulations #41 to #44 from the simulation matrix. And instead of controlling the
condenser outlet air temperature, the compressor speed is fixed at 5,000 RPM. And simulated

time is 600 seconds, sufficient for the model to reach a steady state in all scenarios.
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The simulation results are shown in Table 15. When the outdoor heat exchanger’s air velocity
increases, its air-side heat transfer coefficient, and air mass flow rate increase, which leads to a
higher heating capacity.

Table 15: Simulation results of FT-VIC Dymola model

Parameter Unit Case 1 Case 2 Case 3 Case 4 Case 5
T °C -15 -15 -15 -15 -15
Voux m/s 1.5 2 3 4 3
Mair.i kg/s 9 9 9 9 9
Comp. speed RPM 5,000 5,000 5,000 5,000 8,600
Qonx W 2,415 2,553 2,704 2,777 3,708
Qiux w 3,033 3,191 3,364 3,450 4,805
W W 671 695 721 734 1,573
COP - 4.5 4.6 4.7 4.7 2.4
Poc kPa 110 117 125 129 102
Pyis kPa 391 406 422 430 577
Touc °C -20.6 -19.1 -17.5 -16.7 -20
Tais °C 31.3 31.7 32.3 32.6 38.1
Myis kg/s 0.015 0.016 0.017 0.018 0.026
Tsup,onx K 5 5 5 5 5
Ref. charge kg 0.74 0.74 0.74 0.74 0.74
Toux.in °C -20.2 -18.7 -17.1 -16.3 -19.2
Tonx.out °C -25.4 -23.8 -22.1 -21.3 -24.2
Tinx.in °C -4.4 -3.3 -2.2 -1.6 7.5
Tinx out °C 20.7 21.4 22.3 22.7 29.5
Ponx.in kPa 121 129 139 143 127
Poux.out kPa 121 129 139 143 127
Piux.in kPa 380 394 408 416 550
Pitix out kPa 391 406 422 430 577
Piy; kPa 195 207 219 226 202
Mgye kg/s 0.0144 0.0153 0.0163 0.0168 0.0222
Min kg/s 0.001 0.001 0.001 0.001 0.0038
Tair.oHx.0ut °C -23.3 -21.6 -19.6 -18.6 -21.4
T gir iHX out °C 5.2 6.2 7.3 7.9 16.9
Tsubinx K 10 10 10 10 10
AT, yx K 2.1 2.2 2.4 2.7 2.9
ATigx K 1.3 1.4 1.5 15 2.2
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And since the increase of heating capacity is faster than the increase of compressor
power, COP increases as the outdoor heat exchanger’s air velocity increases, which is the same
trend that was observed in the thermodynamic model.

The average approach temperature of the indoor and outdoor heat exchangers when the
compressor speed is 5,000 RPM are 1.4 K and 2.4 K, respectively. And the result shows that
when the condenser subcooling is fixed, changing the condenser air flow rate does not affect the
approach temperature much. And an extra calculation was performed with an 8,600 RPM
compressor speed to evaluate the effect of compressor speed on the approach temperature. The
calculation shows a 0.7 K increase in the evaporator approach temperature, which is not very
much. Therefore, the approach temperatures obtained at 5,000 RPM were used when designing
sub-cycle heat exchangers.

A modified KC thermodynamic model is used to calculate sub-cycle boundary
conditions. In the modified thermodynamic model, the same pressure drop calculation method as
the Dymola model was added. And the average approach temperature calculated in Dymola was
used.

The same changes were made to the FT-VIC thermodynamic model to test its
performance and were compared with the Dymola model results. Figure 47 and Figure 48 show
the comparison of heating capacity and compressor power, respectively. As you can see, the

models’ results match very well, with a deviation of less than 1%.
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power

Because the idea of the KC is to increase heating capacity in extremely cold weather, the
design is focused on -15°C. The boundary conditions for the cycle model are as follows:

e Sub-cycle condenser approach temperature (ATsyp cona) 1S 10 K. And its subcooling is 5
K.

e Sub-cycle evaporator approach temperature (AT, evap) 1S 5 K. And its superheating is 5
K.

e Outdoor heat exchanger approach temperature (AT,yx) is 1.4 K. And its subcooling is 10
K.

e Indoor heat exchanger approach temperature (AT;yx) is 2.4 K. And its superheating is 5
K.
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Ns = 3,000 RPM.
e Nm=8,600 RPM.
e The ambient temperature and cabin temperature are -15°C.
¢ Relative humidity = 0%.
e Qutdoor heat exchanger air velocity is 3 m/s.
e The indoor heat exchanger air mass flow rate is 9 kg/s.

The calculation results show that the heating capacity is 5.6 kW and the COP of the
system without considering the PTC heater is 2.7. The target sub-cycle condenser capacity is 835
W. And the target sub-cycle evaporator capacity is 646 W. Details of design boundary are
discussed in the following chapters.

4.2.2 Sub-cycle condenser design
The boundary conditions for the sub-cycle condenser are shown in Table 16.

Table 16: Sub-cycle condenser boundary conditions

Target Q W 835
Pin kPa 270
. . hin k‘]/kg 215
Main-cycle side Xin - 0.127
m kgls 0.0321
P, kPa 379
Sub-cycle hin kikg 388
side Tin °C 28.0
m kg/s 0.0044

All sub-cycle heat exchangers are chevron plate heat exchangers as they are compact and
are suitable for exchanging heat between two refrigerant flows. And the design was performed in
PHEsim, which is a steady-state plate heat exchanger modeling tool developed by CEEE. The

correlations used are shown in Table 17.
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Table 17: Correlations used in the sub-cycle condenser model

Location Variable Calculation method
Single-phase HTC Yan and Lin [85]
Main-cycle side Two-phase HTC Kim et al. [86]
Single-phase pressure drop Modified Muley and Manglik [87]
Two-phase pressure drop Khan and Chyu [88]
Single-phase HTC Yan and Lin [85]
Sub-cycle side Two-phase HTC Yan et al.[89]
Single-phase pressure drop Modified Muley and Manglik [87]
Two-phase pressure drop Lockhart and Martineli [90]

The designed sub-cycle condenser has nine plates, and the flow path configuration of the
designed sub-cycle condenser is shown in Figure 49. The blue line represents the main-cycle
refrigerant flow, and the red line represents the sub-cycle refrigerant flow. Arrows at the end of
lines indicate their flow direction. Because the main-cycle side has a more significant mass flow

rate, in this design, the main-cycle side has one pass, and the sub-cycle side has two passes.

Figure 49: Sub-cycle condenser flow path configuration

_

Detailed geometric information of the designed sub-cycle condenser can be found in
Table 18. It also includes the simulation results of the designed heat exchanger. The designed
heat exchanger has 842 W heating capacity, which meets the design requirement. Also, its
pressure drops on both sides are very small. Another finding is that the sub-cycle side has a much
more significant pressure drop than the main-cycle side. One reason is that the main-cycle side
only has a low-quality two-phase flow, but the sub-cycle side also has pure vapor flow in the
condenser inlet, which has higher flow velocity and Reynold number. This could lead to a higher

pressure drop on the sub-cycle side.
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Table 18: Designed sub-cycle condenser geometry and simulation results

Parameter Value Unit
Number of plates 9 -
Main-cycle side passes 1 -
Sub-cycle side passes 2 -
Length 100 mm
Width 62.5 mm
Channel hydraulic diameter 2.6 mm
Plate thickness 0.5 mm
Chevron angle 60 degree
Corrugation depth 2.2 mm
Corrugation pitch 6.25 mm
Surface enlargement factor 1.22 -
Capacity 842 W
Main-cycle side pressure drop 0.17 kPa
Sub-cycle side pressure drop 0.54 kPa

4.2.3 Sub-cycle evaporator design

The boundary conditions for the sub-cycle evaporator are shown in Table 19.

Table 19: Sub-cycle evaporator boundary conditions

Target Q w 646

P, kPa 244

_ _ h. kJ/kg 194

M _ I n

ain-cycle side T, °C -7.4
m ka/s 0.0230

P, kPa 89

_ Rin kJ/kg 201
Sub-cycle side Xin - 0.224
m kg/s 0.0044

The correlations used in the sub-cycle evaporator model are listed in Table 20. The

correlations of single-phase flow are identical to that of the sub-cycle condenser model. And

correlations of two-phase flow switches. Because in the sub-cycle evaporator, the sub-cycle side

is evaporating, while the main-cycle side is mainly liquid-phase heat transfer.
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Table 20: Correlations used in the sub-cycle evaporator model

Location Variable Calculation method
Single-phase HTC Yan and Lin [85]
Main-cycle side Two-phase HTC Yan et al. [89]
Single-phase pressure drop Modified Muley and Manglik [87]
Two-phase pressure drop Lockhart and Martineli [90]
Single-phase HTC Yan and Lin [85]
Sub-cycle side Two-phase HTC Kim et al. [86]
Single-phase pressure drop Modified Muley and Manglik [87]
Two-phase pressure drop Khan and Chyu [88]

Figure 50 and Table 21 show the flow path configuration and simulation results. The
designed heat exchanger is identical to the sub-cycle condenser. And the calculated cooling
capacity is 678 W, which is 5% higher than the design requirement. And its pressure drop is also
minimal. Like the sub-cycle condenser, its sub-cycle side has a higher pressure drop than the
main-cycle side. This result is because the main-cycle side is mainly liquid flow, while the sub-

cycle side has two-phase flow and vapor flow.

[ 5 3 i

_

& 2 3
Figure 50: Sub-cycle evaporator flow path configuration

Table 21: Designed sub-cycle evaporator geometry and simulation results
Parameter Value Unit
Number of plates 9 -
Main-cycle side passes 1 -
Sub-cycle side passes 2 -
Length 100 mm
Width 62.5 mm
Channel hydraulic diameter 2.6 mm
Plate thickness 0.5 mm
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Chevron angle 60 degree
Corrugation depth 2.2 mm
Corrugation pitch 6.25 mm
Surface enlargement factor 1.22 -
Capacity 678 W
Main-cycle side pressure drop 0.08 kPa
Sub-cycle side pressure drop 0.33 kPa

Since both sub-cycle heat exchangers share the same design, only one sub-cycle model is
needed. Because the plate heat exchanger involves parallel flow in the model, running
calculations with heat transfer correlation often leads to a solver stiff. Thus, the simple heat
transfer coefficient model is used in the calculation. The input heat transfer coeffects are the
average heat transfer coefficient calculated in the PHEsim. Table 22 shows the comparison
between PHEsim and Dymola models.

Table 22: Dymola plate heat exchanger model VS. PHEsim model

HX Parameter PHEsim result Dymola result
Capacity 842 W 866 W (+2.9%)
Sub-cycle Main-cycle side 0.17 kPa 0.17 kPa
condenser pressure drqp
gfobr;cycle side pressure 0.54 kPa 0.53 kPa
Capacity 678 W 655 W (-3.4%)
Sub-cycle Main-cycle side 0.08 kPa 0.08 kPa
pressure drop
evaporator Sub-cycle side pressure
drop y P 0.33 kPa 0.33 kPa

For the sub-cycle condenser, the Dymola model shows a bit higher capacity, while for the
sub-cycle evaporator, the Dymola model slightly underpredicts its capacity.
One thing to notice is that the pressure drops predicted by the model are very small,

which is a bit unrealistic. In addition, this significantly slows down the model during the
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initialization. Therefore, when | used these models in the KC model, I set the pressure drop on

both sides to 10 kPa.

4.3 Steady-state simulation in cold weather

Steady-state simulations were performed in cold weather to compare the performance of
three cycles. In this simulation, the cabin model was removed. The boundary conditions of the
simulation are:

e The ambient temperatures are set to be -5°C and -15°C.

e To ensure that the simulation can reach a steady state, the air inlet relative humidity is set to
0%.

e The indoor heat exchanger air mass flow rate is 9 kg/min.

e Ram air pressure drop compensation is ignored by setting the vehicle speed to 0 m/s.

e The target suction superheating is 5K. And the target condenser outlet subcooling is 5K when
it is possible to control.

e For KC, the sub-cycle compressor speed is fixed at 3000 RPM.

e Because during the simulation, the compressor overall pressure ratio can be higher than the
maximum pressure ratio | used when creating the compressor efficiency curves, to avoid
unreasonable compressor efficiency output due to extrapolation, fixed compressor efficiency
is applied in the simulation. The compressor volumetric and isentropic efficiency is set to
70%. And the mechanical and motor efficiency is set to 90%.

Results are shown in Table 23. It can be seen from the table that in terms of efficiency, BC is the

best. And in terms of heating capacity, KC is the best. Compared to FT-VIC, when the ambient

temperature is -15°C, KC increases heating capacity by 13.0% but increases power consumption

by 31.4%. And the ratio of the heating capacity increase over the power consumption increase is
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2.1. When the ambient temperature is -5°C, KC increases heating capacity and power
consumption by 13.9% and 31.0%. And the ratio of the heating capacity increase over the power
consumption increase is 1.8. Because this ratio is larger than 1, KC is more efficient than the
electric heater. And the incremental heating capacity increases as the ambient temperature rises.
However, the ratio of the heating capacity increase over the power consumption increase drops
as the ambient temperature drops. Therefore, it is more efficient at lower ambient temperatures.

Table 23: Steady-state simulation results

Parameter | Unit Tamb =-15°C Tamb = -5°C

-1 - BC FT-VIC KC BC FT-VIC KC
Qoutdoor W 3647 3851 4202 4437 4903 5345
4 W 834 908 1038 1322 1547 1796
Wb W 0 0 155 0 0 230
coP - 5.27 5.13 4.42 4.25 4.06 3.53
Comp speed | RPM 8600 8600 8600 8600 8600 8600
Qheating W 4392 4661 5268 5618 6285 7156
Tindoor,air,out °C 6.3 7.7 10.6 23.3 26.7 31.1
Psuc kPa 130 128 124 183 176 169

Pinj kPa 0 250 287 0 368 430

Pais kPa 425 445 490 704 779 881

PR - 3.27 3.48 3.96 3.85 4.43 5.20

Tsup °C 5.0 5.0 5.0 5.0 5.0 5.0

Tsub °C 4.9 5.0 5.0 4.1 5.0 5.0
Fan flow rate | CFM 1103 1103 1102 1099 1099 1098

4.4 Transient simulation with UDDS driving cycle

Mobile air conditioners or heat pumps always operate in a transient condition. Thus, it is
necessary to perform transient simulations to evaluate their performance in driving conditions.
4.4.1 Boundary conditions

In this study, transient simulation was performed for three cycles under the below driving

pattern:
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e 5 mins idle + Urban Dynamometer Driving Schedule (UDDS)
This driving cycle represents a typical driving pattern in the city. The duration is 1669 seconds,
and the average vehicle speed (excluding the 5 minutes idle) is 19.69 mph (31.69 km/h), and the

total distance is 7.45 miles (11.99 km).
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Figure 51: Driving cycle: 5 mins idle + UDDS

Since the focus of this study is on the heat pump in extreme conditions, simulation was
performed in -15°C conditions. The ambient relative humidity is set to 70%, the sub-cycle
compressor speed is fixed at 3,000 RPM, which is the same as the steady-state simulation, and
all compressor models share fixed 70% volumetric and isentropic efficiency and 90%
mechanical and motor efficiency.

Table 24 lists the parameters used in the cabin model. It is assumed that only one driver is
inside the cabin without solar radiation. So, the soak temperature at the beginning of the
simulation is also 0°C.
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Table 24: Cabin parameters

Parameter Value
Number of people (includes driver) 1
Sensible load per passenger 158 W
Latent load per passenger 3BW
Internal volume 2.4 m?
Collective mass 150 kg
Internal HT area 8.77 m?
Outer HT area 14.9 m?
Solar radiation ow
Cabin initial temperature -15°C
Soak temperature 0°C
Air recirculation 50%
4.4.2 Results

Figure 52 shows the heating capacity over time. It is clear that in terms of heating
capacity, KC has the highest heating capacity, followed by VIC. And BC has the lowest heating
capacity at any given time. Vehicle speed is also plotted in the same graph. In general, the
heating capacity tends to increase when the vehicle speed is high. This is because when the
vehicle speed increases, the airflow passing the outdoor heat exchanger increases, which leads to
a rise in the suction pressure and density. As a result, the compressor discharge mass flow rate
increases and causes the heating capacity to increase. Overall, the heating capacity is relatively
stable compared to the vehicle speed change. Probably because the indoor heat exchanger air
flow rate is stable, and its performance change is mainly induced by the change of refrigerant
inlet states. The most significant increase in heating capacity can be observed between 500
seconds and 600 seconds. During this period, the vehicle runs at its peak speed of the driving
cycle. And the ram air pressure rise dominates the air side pressure change and generates a much

higher outdoor heat exchanger air flow rate.
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Figure 52: Heating capacity and vehicle speed over time

Figure 53 and Figure 54 show the accumulated heating capacity and compressor power
consumption over time. Because KC has the highest heating capacity during the simulation at
any given time, its accumulated heating capacity is also the highest. However, its accumulated
power consumption is also the highest due to the addition of the sub-cycle compressor and the
increased power consumption of the main-cycle compressor, which is caused by the high
pressure ratio and mass flow rate. At the end of the simulation, the accumulated heating capacity
of KC is 14.8% higher than VIC and 32.7% higher than BC. However, the accumulated power
consumption of KC is 32.4% higher than VIC and 64.4% higher than BC. As expected, KC
consumes more energy and generates more heating capacity. Figure 55 shows the cabin room
temperature and system COP over time. Since the fluctuation in the heating capacity is small, the
cabin room temperature rises smoothly over time. And because KC has the highest heating
capacity, its cabin room temperature increases fastest. At the end of the driving cycle, the cabin
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room temperature of KC is 3.6°C and 7.0°C higher than that of VIC and BC, respectively. As for
the system COP, the cycle that produces the least amount of heating capacity has the highest
COP. And all COPs decrease over time. That is because as the frost is building up, the
evaporating pressure drops, which leads to a rise in pressure ratio and a decrease in suction
density.

Figure 56 shows the mass of all frost over time and the outdoor heat exchanger air-side
pressure drop over time. It can be seen that the frost is built almost linearly over time, except
roughly between 500 seconds and 600 seconds. In this period, the vehicle speed is high, and ram
air dominates the air flow rate passing through the outdoor heat exchanger. The air flow rate is
too high to maintain the latent load. Thus, the growth of the frost stops. It resumes until the air
flow rate decreases. Another trend that can be observed in this graph is the relationship between
air-side pressure drop and frost thickness. As the frost grows, the air side pressure drop rises over

time, as expected.
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4.5 Chapter summary and conclusions

This chapter discusses the development of the transient model for BC/FT-VIC/ KC and
the performance comparison between the three cycles. The summaries of this chapter are as
follows:

e Basic heat pump cycle (BC), Flash tank-based vapor injection heat pump cycle (FT-VIC),
kangaroo heat pump cycle (KC) models, and corresponding components models were
developed based on CEEE Modelica Library (CML).

e Simulations were performed by using the FT-VIC model. The boundary conditions are
the same as simulation #43, but instead of fixing the indoor heat exchanger air outlet
temperature, the compressor speed is fixed at 5,000 RPM. Calculation results show that
the approach temperature does not change much.

e The obtained approach temperature was used to update the thermodynamic model, which
was used to obtain the boundary conditions for the sub-cycle heat exchanger design.

e Steady-state simulations were performed with the developed model. Results show that
when compared to FT-VIC, at -15°C, KC increases heating capacity by 13.0%, but
increases power consumption by 31.4% when compared to FT-VIC. And at -5°C, KC
increases heating capacity by 13.9% but increases power consumption by 31.0%. Overall,
KC is more efficient at lower ambient temperatures but can increase heating capacity
more at higher ambient temperatures.

e Transient simulations were performed with Urban Dynamometer Driving Schedule
(UDDS) driving cycles at -15°C. Results show that KC heats the cabin faster than FT-
VIC and BC but consumes more energy. At the end of the driving cycle, the cabin room

temperature of KC is 3.6°C and 7.0°C higher than that of VIC and BC, respectively. The
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result also shows that when the vehicle speed is high, the ram air will dominate the
outdoor heat exchanger air flow and increase heating capacity. In addition, the effect of

frost at -15°C is small, probably due to the low humidity ratio at low temperatures.
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5 Centrifugal compressor design and performance evaluation for future

MACs with high cooling demand

VVolume and weight are crucial for MACs. The space under the hood is always limited,
and the weight of MACs directly impacts the driving distance of the electric vehicle. To reduce
the system size and weight, one can replace the scroll compressor with a miniature centrifugal
compressor. H. J. Van Gerner [32] built and tested a centrifugal compressor that was 10 times
lighter than a traditional compressor for space applications. And Carré et al. [30] built a
centrifugal compressor that was significantly smaller than the traditional scroll compressor for a
heat pump application. Those examples show the feasibility of miniature centrifugal
compressors. However, it is very difficult to design a centrifugal compressor for the kangaroo
cycle. Because the main-cycle of the kangaroo cycle requires a compressor that has vapor
injection capability, which is difficult for a centrifugal compressor. And the sub-cycle’s
refrigerant mass flow rate is too small for a centrifugal compressor. Thus, in this study, a
centrifugal compressor was designed for a different cycle, which does not require vapor injection

and has a high refrigerant mass flow rate requirement.

5.1 Cycle schematics and operating conditions
In this study, a centrifugal compressor was designed for an EV whose battery generates
tremendous heat during fast charging. Three operating modes are involved in this study: fast

charging mode, cabin cooling mode, and heating mode. Their details are discussed below.

5.1.1 Fast charging mode
The most important mode in this study is the Fast-charging mode. Its schematic is shown

in Figure 57. On the low-pressure side, only the battery chiller is activated. And on the high-
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pressure side, there are three condensers: air condenser (COND), low-temperature water
condenser (WCOND L), and high-temperature water condenser (WCOND H). They are called
“water condenser” because instead of dumping heat directly into the air, they dump heat into a
liquid. The actual working fluid is a 50% weighted ethylene glycol and water mixture, which is a
common anti-freezer used in automobiles. The two water condensers are connected to two
separate coolant loops. For WCOND L, it is connected with the Low-Temperature Radiator
(LTR). For WCOND H, it connects to another radiator and a heat source. The heat source can be
the vehicle’s powertrain or the onboard electronics. Because those parts also generate heat and
cause the coolant temperature to increase, the connected radiator is called High-Temperature
Radiator (HTR). In the following section, the coolant loop connected with LTR is called the LTR
loop, and the coolant loop connected with HTR is called the HTR loop. Note that COND, LTR,
and HTR are arranged in series so that the outdoor air first passes COND, then LTR, and finally
HTR. This arrangement allows maximum utilization of the air temperature.

During the operation, the refrigerant discharged from the compressor first goes into
WCOND H and dumps heat into the high-temperature coolant. Then, it goes through the
WCOND L and releases heat to the low-temperature coolant. Ideally, the refrigerant at this point
should be in the two-phase region. So that when the refrigerant enters COND, it can maximize its
efficiency and create as much sub-cool as possible. The leaving refrigerant then throttles to the
evaporating pressure and enters the battery chiller, which cools the coolant to the target coolant

temperature.
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Figure 57: Schematics of the fast-charging mode

5.1.2 Cabin cooling mode
The schematic of the cabin cooling mode is shown in Figure 58. The high-pressure side is
the same as the high-pressure side, but on the low-pressure side, the battery chiller is replaced

with an evaporator. So that instead of creating cold coolant, the air conditioner now creates cold

air in the cabin.

Ambient
LTR
HTR

WCOND L

WCOND H

[ Evaporator |
Evaporator

-
Cabin

Figure 58: Schematics of the cabin cooling mode
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5.1.3 Heating mode

The schematic of the heating mode is shown in Figure 59. In the heating mode, the cycle
is reversed. On the high-pressure side, it is the cabin condenser, which provides hot air for the
cabin. And on the low-pressure side, the HTR loop is used to recover the waste heat from the
powertrain and the onboard electronics, while the LTR loop is used to absorb heat from the

ambient.

Cabin
-

Cabin condenser

LTR

y

Heat [

WCOND H

>
Ambient

| WCOND L

Figure 59: Schematic of the heating mode

The actual system has all the components involved in above mentioned modes. And the
switching of modes can be realized by using valve controls. In this study, to simplify the model,
separate models were developed for these three modes.

5.2 Thermodynamic model and simple analysis

Before designing the compressor, it is necessary to know the boundary conditions first.

To do that, thermodynamic models of the three operating modes were developed. Similar to the
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thermodynamic models discussed in Chapter 3, heat exchangers were modeled based on
approach temperature. The previous model was developed in EES. However, it becomes
challenging to manage unknowns when the program becomes more complicated. Therefore, in
this chapter, the thermodynamic models were developed in Dymola. | first built the component
models and then constructed the cycle model by connecting the refrigerant ports of the required
component models. This approach allows me to build complex cycle models without worrying

about the solving procedure. The solver in Dymola also runs faster for complex problems.
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Figure 60: nsds diagram [91]

To roughly estimate the centrifugal compressor’s size and speed, a simple centrifugal
compressor model based on the nsds diagram from Balje [91] was developed in Dymola. The

definition of specific speed (ns) and specific diameter (ds) are as follows:

w\/Qin
s = AhO75 (113)
DAR®%
dy = — (114)
’ \/Qin



Where o is the impeller rotational speed, Q;, is the inlet volumetric flow rate, A4 is the adiabatic
head, and D is the impeller diameter. As shown in Figure 60, the nsds diagram consists of
multiple efficiency contours. The left-most point of each contour represents the minimum
compressor speed needed to achieve that compressor efficiency. Then the minimum compressor
speed required to reach any target efficiency (50%-85%) can be easily calculated by using linear
interpolation between those data points. Note that the nsds diagram is valid when Re = 2,000,000,
which may not be true in the actual compressor design. Therefore, the actual efficiency at the
selected specific speed and diameter may not be the same. Since this compressor model is also
efficiency-based, its governing equations are the same as all the other compressor models
discussed in the previous chapters.

Table 25 lists the boundary conditions for cycle simulation. Due to the non-disclosure
agreement, the exact value cannot be shared. Instead, the percentage of changes is displayed. In
this table, the fast charging mode (Datum) is the baseline, which is already mass-produced. Cells
in other columns show the percentage difference between those conditions and the Datum
condition. The target cooling capacity in the fast charging mode for the new system is five times
the current capacity. The target cabin cooling capacity is the same as the fast-charging cooling
capacity but at a much higher ambient temperature. As for the heat pump, since additional
electric heaters can provide heating, there is no strict requirement for the heating capacity.

Since the main focus of this study is the fast charging mode, the calculation was
performed under this boundary condition. The first calculation assumes that the compressor has
only one compression stage, and the results are shown in Table 26. In the table, D> is the
impeller outlet diameter, and PR is the pressure ratio. It can be seen that the higher the rotational

speed, the smaller the impeller diameter needed.
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Table 25: Boundary condition of different modes

rate

Fast charging Fast charging | Cabin cooling Heat pump
Mode

mode (Datum) mode mode mode
Target capacity 500% 500% -
Ambient temperature 25°C 45°C -7°C
Radiator air flow rate +37%/+17% +37%/+17% +17%
Cabin HX air flow rate - 826% +826%
LTR coolant flow rate same same +7%
HTR coolant flow rate DATUM same same -71%
Power element heat same same 300%
Battery coolant inlet e ) i
Temperature
Battery coolant flow

same - -

At the peak speed, the estimated impeller diameter is only 31 mm, even smaller than a

wristwatch. However, reaching such a high speed with a high-power output is almost impossible.
At the lowest acceptable speed, the impeller diameter increases to 129 mm, which is still small.
In addition, because the impeller size is very small, adding many blades to it is impossible. Thus,
reaching a high pressure ratio could be challenging. A two-stage compressor should be a more
appropriate design so that the required pressure ratio of each compression stage can be smaller
and easier to achieve.

Table 26: Rough compressor performance estimation (single-stage)

Parameter ds Ns n speed D; PR m COP

units - - - KRPM m - kg/s -
4.0 0.64 0.85 141.1 0.031 5.7 0.2 2
5.4 0.47 0.80 104.2 0.041 5.7 0.2 2
6.4 0.39 0.75 86.5 0.049 5.8 0.2 2

R1234yt 76 | 032 | 070 | 710 | 0058 | 59 | 02 2
11.5 0.22 0.60 48.8 0.089 6.1 0.2 2
16.3 0.16 0.50 35.3 0.129 6.5 0.2 1
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The results of the two-stage compressor calculation are shown in Table 27. In the table,
subscript 1 stands for the first compression stage, and subscript 2 stands for the second
compression stage. And PRyatio IS the ratio of PRy over PR2. During the simulation, it was
assumed that both compression stages share the same speed. And the calculation was performed
by varying the specific speed of the first compression stage. Because the second compression
stage’s suction pressure is much higher than the first stage’s suction pressure, its volume flow
rate was lower than the first compression stage. As a result, its specific speed is usually slower
than the first compression stage, which leads to lower compression efficiency in the second
compression stage.

Table 27: Rough compressor performance estimation (two-stage)

Ns,1 n1 Ns,2 N2 seed PR1 PR2 | PRuatio m COP

i i i - [krRPM| - - - kgl | -

064 | 085 | 0.67 | 086 | 1096 | 34 1.7 0.5 0.2 2.43

064 | 085 | 059 | 0.83 | 1035 | 31 1.8 0.6 0.2 2.4

064 | 085 | 053 | 0.82 | 98.3 2.9 2 0.7 0.2 2.38

0.64 | 0.85 | 0.49 0.8 93.7 2.7 2.1 0.8 0.2 2.35

064 | 085 | 045 | 0.79 | 89.5 2.5 2.3 0.9 0.2 2.32

064 | 085 | 042 | 0.77 85.7 2.4 2.4 1 0.2 2.28

0.64 | 0.85 0.4 0.76 | 82.2 2.3 2.5 1.1 0.2 2.24

064 | 085 | 038 | 0.74 79 2.2 2.6 1.2 0.2 2.2

064 | 085 | 0.36 | 0.73 76 2.1 2.7 1.3 0.2 2.17

064 | 085 | 034 | 072 | 73.2 2 2.8 14 0.2 2.13

064 | 085 | 033 | 0.71 | 70.6 2 3 1.5 0.2 2.1

RI238Y1 047 | 08 | 049 | 081 | 807 | 34 | 17 | 05 | 02 | 2.25

0.47 0.8 043 | 0.77 76.2 3.1 1.9 0.6 0.2 2.21

0.47 0.8 039 | 075 | 724 2.9 2 0.7 0.2 2.16

0.47 0.8 035 | 0.72 69 2.7 2.2 0.8 0.2 2.12

0.47 0.8 033 | 0.71 | 659 2.5 2.3 0.9 0.2 2.08

0.47 0.8 031 | 069 | 63.1 2.4 2.4 1 0.2 2.03

0.47 0.8 0.29 | 0.67 | 60.6 2.3 2.5 1.1 0.2 1.98

0.47 0.8 0.28 | 0.66 | 58.2 2.2 2.7 1.2 0.2 1.94

0.47 0.8 0.26 | 0.64 | 56.1 2.1 2.8 1.3 0.2 1.9

0.47 0.8 0.25 | 0.63 54 2.1 2.9 14 0.2 1.86

0.47 0.8 0.24 | 0.62 52.1 2 3 1.5 0.2 1.82
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In addition, the calculation also shows that as the PRyatio increases, the required
compressor speed decreases due to the reduction of the first-stage pressure ratio. And the
drawback is a lower overall compression efficiency. Of course, this is just a rough estimation. To

design the compressor, a more detailed one-dimensional analysis is needed.

5.3 1D compressor design and optimization

The 1D compressor design was performed by using the two-zone model in COMPAL
[92], a commercial centrifugal compressor design software. The two-zone model [93] models the
flow passage as the primary and secondary zones. The flow inside the primary zone is considered
an isentropic flow, and the secondary zone contains all the losses. The fluid properties of each
zone are calculated separately, and they eventually mix at the impeller exit where mixing loss is
applied. The design mode in COMPAL requires a small number of inputs, and its internal solver
calculates other geometric parameters to match the target total-to-static pressure ratio.

To find the optimum design with the 1D model, it is coupled with Pymoo [94], an open-
source Genetic Algorithm (GA) [95] solver. Their communication was realized by a python
script, which calls COMPAL in the background every time the solver evaluates the objective
function. The problem formulation is as follows:

f = "Ntot

1~ Thimin < 0
- (115)
Th2 = Th,2,min = 0

P07‘2_P7’2 S SOkPa
no stall or choke

Where r, is the hub radius, Po7 and P7 are total pressure and static pressure at the volute throat,
and ntot IS the overall compressor efficiency. Because Pymoo only solves a minimizing problem,
a minus sign was added in front of the nt to convert it from maximizing to minimizing. As for
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the constraints, because the impeller inlet hub is not an input to the model, the first constraint is
added to avoid an unmanufactured impeller hub radius. And the second constraint is added to
ensure that the diffuser and volute can help the refrigerant recover enough kinetic energy and
helps reduce the length of the exit pipe.
Design variables in this optimization include:
e Impeller inlet hub-to-tip ratio
o The hub-to-tip ratio at the impeller inlet determines the impeller inlet size. It
typically ranges from 0.3 to 0.5 [31].
e Impeller exit inclination angle (with respect to the rotating axis)
o The impeller exit inclination angle is a number between 0° and 90°. Typically, for
a centrifugal compressor, it is 90°. A small inclination allows the compressor to
compress more refrigerant but loses a little pressure ratio.
e Impeller exit blade angle (with respect to the meridional plane)
o The impeller exit blade angle determines the velocity triangle at the impeller exit,
which strongly affects the amount of work the compressor does. A forward blade
angle can deliver a high pressure rise but consumes a lot of work, while a
backswept blade usually gives the best overall performance. Typically, most
backswept angles range from -40° to -50° (minus sign means it is backswept and
toward the counter-rotating direction).
e Rotational speed
o The minimum RPM was selected based on the previous 1D calculation done with
the Balje map. And the maximum RPM achievable was used as the maximum

RPM.
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The ratio of impeller exit radius over diffuser radius
o This value determines the vaneless diffuser length. A more extended diffuser can
recover more kinetic energy. However, it is also likely to cause compressor stall
and has more losses.
The ratio of diffuser height over impeller exit height
o Inthis study, a vaneless diffuser is used. Typically, the diffuser and impeller exit
have the same height, so this value is 1. Because of the peripheral speed at the
impeller exit, if the diffuser cross-section area is too large, the flow is trapped
inside the diffuser. “Pinch” the vaneless diffuser (reduce diffuser height) can
increase flow velocity and helps enlarge the compressor’s operating range.
PRratio
o Asdiscussed in the simple analysis section, PRratio Strongly impacts compressor
efficiency. It is crucial to run optimization with both PRratic and rotational speed to
find the optimum design.

Diffuser exit depth (b} -

Diffuser exit radius (r)

Pinch depth (b,,) -

Pinch radius (r;
Impeller exit depth (b,) - nenradiu (For)

Impeller exit radius (r;)
or
Tip clearance Diffuserinlet radius

Tip radius (ry,)
Hub radius (ry;)

Figure 61: Centrifugal compressor meridional plane
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Two separate optimization runs were performed. The population size is 200 and the
maximum number of generations is 200. The other termination criterion is that the change in the
objective space in the last 30 generations is less than 0.0001, which was evaluated every 20
generations. The selection method used is the tournament method, and the crossover method is
simulated binary crossover. The mutation is realized by polynomial mutation. Figure 62 shows
the optimization convergence history. After 50 generations, the objective function barely
changes, and they are both terminated before reaching the maximum number of generations. And
their design variables are the same after rounding. The optimum design’s PRyatio = 0.43 and has

73.3% overall isentropic efficiency.

0.735

0.73 /’
0.725 /
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|
0.71
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0.695
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# of generation

Figure 62: Compressor 1D optimization history
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Figure 63: Meridional plane of the 1D optimum design

5.4 CFD analysis and 1D model correction
After the 1D design, a 3D design was performed. The basic procedure is as follows:

1. The initial 3D design was generated in AxCent[92], a 3D centrifugal compressor
design software. The blade angle profile along the flow direction was slightly
adjusted so that the blade loading calculated by its built-in solver is within the
acceptable range. Then three files containing the hub, shroud, and blade profiles
were exported.

2. The impeller geometry profiles were imported to the ANSYS 2021R2
BladeGen[96], where the 3D model was reconstructed there.

3. The 3D model was transferred to ANSYS 2021R2 TurboGrid[97], where meshes
were generated.

4. ANSYS 2021R2 CFX[98] is used to perform the actual analysis.
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5. Once the calculation is done, evaluate the compressor performance. If it does not

meet the requirement, adjust the design and redo this procedure from the

beginning.

Since this 3D design procedure involves a lot of redesigns of the geometry, only the last

impeller CFD analysis is discussed here.

As mentioned before, the fluid domain mesh was created in TurboGrid. The imported

geometry from BladeGen is separated into three domains: inlet domain, impeller domain, and

outlet domain. Among them, the outlet domain is considered the diffuser domain. In this study,

the starting point of the outlet domain is moved half the impeller exit width away from the

impeller blade’s trailing edge. This makes the model easier to converge. For mesh setup,

boundary layer refinement is used. Y+ value is used to improve the grid quality near the

boundary. The suggested y+ value for the shear stress turbulence model is 1. The Reynold

number at the impeller exit is assumed to be 1x10°8. Some basic mesh setups are listed in Table

28.
Table 28: Fluid domain mesh setup
Parameter Setup
Tip clearance Based on the upstream profile
Impeller exit Extended by half the exit width
Boundary layer y* =10
Estimated Re 1.0 x 10°
Hub boundary layer y* 1
Shroud boundary layer offset 0.1
Limit of outlet domain aspect ratio 900
Expansion rate for inlet and outlet domains 1.2

Figure 64 shows the generated mesh for the first compression stage. One advantage of

using TurboGrid is that | can do calculations with one slice (blade set) of the impeller instead of

doing calculations with the entire compressor, which saves a lot of calculation time.
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Figure 64: Fluid domain mesh

Once the mesh was generated in TurboGrid, the CFD calculation was set up in CFX
through the “Turbo Mode”. The entire fluid domain is separated into two domains during the
setup process. A rotating passage domain and a stationary diffuser domain. Shroud tip clearance
is only added in the impeller domain. And the interface between the two domains is the stage
(mixing plane). Cylindrical coordinates define the inlet flow direction and are perpendicular to
the inlet cross-section. And the calculation uses a pressure inlet and a mass flow rate outlet.
Table 29 lists the solver setup in CFX. In addition to these settings, a user-defined interrupt

condition was implemented:

(%) <oo05& ("“’R))50 < 0.0005 (116)

n 50 PR

Where (?) is the ratio of the standard deviation of compressor efficiency (in %) over the
50

average compressor efficiency over the last 50 steps, and (%) is the ratio of the standard
50
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deviation of compressor efficiency over the average compressor efficiency over the last 50 steps.
If this condition were met, the calculation was considered converged.

Table 29: CFX Solver Setup

Parameter Setup
Advanced scheme High resolution
Turbulence numerics First order
Timescale Auto (conservative)
Convergence criteria Max
Residual target le-4

Global dynamic model control On
Compressibility control On

High speed numerics On

The CFD calculation results of both compression stages are shown in Table 30. As you
can see, the compressor efficiency calculated in the CFD is significantly lower than that of the
1D model. This indicates that the 1D model underpredicts the impeller losses. Multiple reasons
could cause this large discrepancy. First, the 1D model is one-dimensional and only considers the
main geometry information. For example, it considers the impeller inlet and outlet back angle but
does not consider the blade angle profile in between. However, this profile for sure will affect the
compressor’s performance. Second, the compressor designed in this study has a very small
dimension and its tip clearance is relatively large, which could be out of the range of the built-in
loss model. It was tuned to improve the 1D model accuracy by adjusting the efficiency of the
primary and secondary flows. And the mass fraction of the secondary flow is also increased to
bring down the efficiency. After correction, the 1D model shows a similar pressure ratio to the
CFD results, while still overpredicting the compressor efficiency.

Table 30: CFD results and 1D model correction

Parameter CFD Previous 1D model Updated 1D model
1st stage 1y, 69.4% 75.7% 72.0%
1st stage PR, 3.56 4.18 3.49
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2nd stage 7 64.7% 74.1% 66.3%
2nd stage PR, 1.64 1.72 1.63

5.5 Cycle performance evaluation

Once the compressor design is obtained, the next step is to evaluate its performance in the
cycle. To do this, | must first resize the existing heat exchangers to a suitable size for the new
condition.
5.5.1 Redesign heat exchanger models

There are only two types of heat exchangers of interest: plate heat exchangers and
microchannel heat exchangers. Models for these two types of heat exchangers were developed in
Dymola. The basic component is the same as the heat exchanger models mentioned in Chapter 4.

Therefore, it is not discussed here for brevity. Table 31 lists the correlations used in those

models.
Table 31: Correlations used in heat exchanger models

Heat exchanger Side Type Correlation name

HTR/LTR/COND Air SP HTC | Chang and Wang [72]

HTR/LTR/WCOND Coolant SP HTC | Fixed Nu based on the aspect ratio of
the cross-section [99]

HTR/LTR/WCOND Coolant SP DP Laminar DP equation. If turbulence then
Blasius

COND/WCOND/Chiller | Refrigerant | SP HTC | Dittus Boelter [100]
COND/WCOND/Chiller | Refrigerant | SP DP Blasius [99]

COND/WCOND Refrigerant | TP HTC | Shah [101]

COND/WCOND Refrigerant | TP DP Homogeneous pressure drop equation
[102]

Chiller Refrigerant | TP HTC | Gungor and Winterton et al [103]

Chiller Refrigerant | TP DP Jung et al. [104]

Figure 65 shows the validation results of the HTR model. A 2.5 correction factor was
applied on the coolant side heat transfer coefficient, and the maximum deviation is around 12%.
And a 4.0 correction factor is applied to the coolant pressure drop calculation. Though the

maximum deviation is 47%, it happens at a low flow rate, and the absolute value is relatively
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small. Figure 66 shows the validation results of the LTR model. Because they are similar heat
exchangers, the same correction factor was applied to the LTR model. The maximum deviation

of capacity and pressure drop are 9% and 68%, respectively.
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Figure 66: LTR validation (non-dimensionalized)

Figure 67 shows the validation results of the air condenser model. A 1.4 correction factor
was applied on the air side, and its maximum capacity deviation is 10%. In addition, a 2.0

correction factor was added to the refrigerant coolant pressure drop calculation.
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Simulation Q, (-)

factor was applied on both sides of the heat exchanger. And the maximum deviation of cooling
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Figure 68 and Figure 69 show the validation of the battery chiller model. A 2.3 correction
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Figure 67: Air condenser validation (non-dimensionalized)

capacity is 3%. As for the pressure drop, much larger correction factors were applied. These

large correction factors are used because the heat exchanger is modeled as smooth plates.

However, the actual chiller has enhancement techniques inside the flow channel. So, the high

correction factor reflects the increase in heat transfer area and heat transfer coefficient.
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Figure 69: Battery chiller validation — pressure drop (non-dimensionalized)

The water condenser model is similar to the battery chiller model. As shown in Figure 70,

a correction factor of 10 is applied on both sides’ heat transfer coefficient, bringing the

maximum deviation in capacity to 14%. In addition, the correction factor of the refrigerant

pressure drop is 27.
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Figure 70: Water condenser validation (non-dimensionalized)

The thermodynamic model mentioned in the previous section was used to generate the

design boundary for each heat exchanger. Then, the validated heat exchanger model was used to

find the new size that would meet the requirement. Table 32 shows the heat exchanger’s size

change compared to its original design. Because the target cooling capacity is five times the

original value, the battery chiller is increased significantly. On the high-pressure side, radiators

remain the same, but the air condenser area is increased a lot to dump the extra heat. The water

condenser is also enlarged to deliver heat to the radiators better.

Table 32: Resize heat exchangers

# of tubes of the first pass +475%

# of tubes of the second pass +343%
COND # of ports per tube -67%

port width +387%
WCONDH # of channel +25%
WCOND L # of channels for per pass +171%
Battery chiller # of channels for per pass +400%
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5.5.2 Results and discussions

Once all the component models were developed and the new heat exchanger models were
designed, they were connected to create the detailed cycle models. Like the transient model
mentioned in chapter 4, in cycle simulation, simple heat transfer coefficient and pressure drop
model were used instead of empirical correlations. In addition, due to the lack of detailed
compressor models in Dymola, in this study, the standard efficiency-based compressor model
was used. Unlike positive displacement compressors, centrifugal compressor map was usually
generated at a fixed suction state. A new map is needed if the suction state changes. This makes
it challenging to create a regression model for the centrifugal compressor. This study first solved
the cycle model with a fixed compressor efficiency. Then, the boundary conditions of the
compressor could be obtained. And they were used to run the 1D compressor model to find the
compressor efficiency at that condition. The calculated number was then manually input into the
cycle model. This process was repeated multiple times until the compressor efficiency calculated
from the 1D model became stable and could match the target pressure ratio.

Table 33 shows the cycle simulation results. The centrifugal compressor was compared to
an 80 cc scroll compressor. In the fast-charging mode, when both compressors deliver the same
cooling capacity, the centrifugal compressor has a 6.6% higher COP than the scroll compressor.
However, in the cabin cooling mode, the scroll compressor has 11.0% higher COP than the
centrifugal compressor. And the centrifugal compressor also stalls in the heating mode, while the

scroll compressor works without any problem.
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Table 33: Cycle simulation results

Mode Parameter Centrifugal 80 cc scroll compressor
. Cooling capacity (W) Target + 2.5% Target + 2%
Fast charging COP 1.61 (+6.6%) 151
. . Cooling capacity (W) Target - 2% Target - 1%
Cabin cooling COP 1.64 (-9.9%) 1.82
. . 5 - .
Heating Heating (C%)scny (W) stall 33% of the (;ogémg capacity

After this calculation, compressor maps can be calculated under three conditions. Figure
71 shows the compressor map at the fast-charging condition. The top figure is the map of the
first compression stage. And the bottom figure is the map of the second compression stage. The
blue dash line is the compressor stall line. And the component names next to the data point
indicates where the compressor is stalled. And the black circle in the map indicates the design
point performance. Figure 72 shows the compressor map in the cabin cooling mode. It can be
seen that though the compressor still works in this condition, the operating point is very close to
the stall limit and can be dangerous to operate. Figure 73 shows the compressor map in the
heating mode. The compressor is stalled in the first compression stage. In addition, the overall
pressure ratio is way too low for the centrifugal compressor due to the small refrigerant mass
flow rate. It is infeasible to run this centrifugal compressor at this condition.

From these results, the centrifugal compressor can have high efficiency at peak load, such
as the fasting charging mode. However, its operating range is very limited and may not be a good
candidate for future mobile air conditioner systems. The current design can't operate in the
heating mode due to a significantly changed suction state. Approaches that can increase the
operating range, such as the inlet guide vane or movable vaned diffuser, might help and can be

the direction of future research.

136



_° STAGERPM=81200 _a& STAGE R

91350 &~ STAGE RPM=101500 ¥~ STAGE RPM= 111650 m ~ Stall

T
Inpeller
- 5 0626 \_
= 5 AV =
o tr"u'i;"_n::,_\,,h,; Tolute _ e
& T e S " \
9 B Yomledt o ‘\“@ TInduoer
= e—
34 Volute | 0.33%°
= ..
2]
1 T T T
0.0 005 0.1 015 0.2 025 0.3 035 04
STAGE MFLOW
/{ STAGE RPM = 81200 /I/ STAGE RPM = 91350 ,Ir STAGE RPM =101 SUU/ STAGE RPM=111650 =~ Stall
7
& Inpeller
. Vaneless
. 54 Trpeter
e 4l Vol¥
x 4 Yaneless ]
w *—
4] Yolute \,*\’.\
2 —=
[ — -
5 '\'—l\l
14
o
-1 T T T
0.0 0.0s 0.1 015 0.2 0.25 0.3 0.3s 04
STAGE MFLOW
Figure 71: Compressor map (fast charging)
,I/ STAGE RPM=72800 _a  STAGERPM=81900 _&~ STAGERPM=91000 _¥~ STAGE RPM=100100 m * Stall
5
4
- Impeller Yaneless
= — Volute
x TT—
E Impelier Yolute
o 1 Vo e
= Tmpeller Tolute L P
2] ————— m
Vaneless ~Wolute . ~ 0.783 -
2 e [
1 T T T T
0.0 0.05 01 015 0z 0.25 03 035 0.4 045 0s
STAGE MFLOW
_m~ STAGERPM=T72800 = STAGERPM=81800 _& STAGERPM=91000 _»~ STAGERPM=100100 m  Stall
19
1.8 !
Vaneless Vanelurs vahielits
1.7
bl 16] Yaneless ) .
o - - —
& 1.5 Vanalass
T4 Vaneless —
1.3
1.2
1.14
1.0 T T T
0.0 0.05 01 015 0z 025 0.3 0.35 0.4

Figure 72: Compressor map (cabin cooling)

137



15

_m~ STAGE RPM=860000 &  STAGERPW=67500 &~ STAGERPM=75000 " STAGERPM=82500 m Stall

IS
1

STAGEPRTT

L

1.0

w
L

b
L

Trpeller
Irpellex . ——

Trpeller

Irpelldr

AR,
e11d8" ,": - - ———"—ﬁ
Irp :.JJ

16

T T T T
0.00 0.005 oo 0.015 0.02 0.025 0.03 0.035 0.04 0.045

STAGE MFLOW

_m" STAGE RPM=60000 & STAGE RPM= 67500 &~ STAGE RPM=75000 " STAGE RPM=82500 m  Stall

0.08

w = y
I L L

STAGEPR TS

)
h

10

Vaneless
—

0.00 0.00% I]IU1 0015 0‘02 0.025 0.63 0.035 I].IDG 0.045

STAGE MFLOW

Figure 73: Compressor map (heating)

5.6 Chapter summary and conclusions

0.05

In this chapter, an aerodynamic design of a centrifugal compressor was performed.

Summaries are as follows:

Thermodynamic models for three modes: fast charging, cabin cooling, and heating, were

developed. In addition, a simple centrifugal compressor model was developed to roughly

estimate centrifugal compressor speed and size. The results show that a two-stage

centrifugal compressor is more reasonable for the fast charging mode and can deliver

higher efficiency.

1D optimization was performed to obtain the initial compressor design. The optimum

solution has 0.43 PRratio and 73.3% overall isentropic efficiency.
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e 3D design and CFD analysis were performed. The final CFD results show 69.4% first-
stage efficiency and 64.7% second-stage efficiency. And the 1D model was adjusted and
updated based on the 3D design results.

e Heat exchangers were modeled and resized for the new requirement of the fast charging
mode.

e Cycle simulations were performed. Results show that in the fast charging mode, the
centrifugal compressor has 1.61 COP, while the COP of the scroll compressor is 1.51. In
the cabin cooling mode, the COP of the centrifugal compressor and scroll compressor are
1.64 and 1.82, respectively. As for the heating mode, the centrifugal compressor may
stall, while the scroll compressor still works and has a COP of 2.65. These results
indicate that though the centrifugal compressor has better efficiency in the fast charging
mode, its operating range is minimal, and techniques that can widen its operating range

are needed.
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6 Conclusions

For fast steady-state analysis, thermodynamic models were developed for BC, FT-VIC,
and KC. Since the sub-cycle consumes extra energy to increase the injection mass flow rate,
when the compressor speed is the same, KC has a higher heating capacity and lower COP. At
Tamb=-15°C, compared to FT-VIC, KC, on average, increases heating capacity and decreases
COP by 20.1% and 18.9%. To evaluate their performance under various temperature bins, the
simulation matrix from SAE standard J2765 was expanded to cover heating mode. And
calculations were performed to calculate their annual energy consumption. Results show that FT-
VIC has a higher COP than BC. And KC has the higher heating capacity and COPoverail
(including PTC heater) only when Tamp=-15°C. In other simulations, the increased power
consumption of the sub-cycle compressor is higher than the reduced power consumption of the
main-cycle compressor. In addition to the annual energy consumption, LCCP was also evaluated.
Results show that the annual energy consumption of M3 is on average 1.3% higher than that of
M1 and 3.0% higher than that of M2. And LCCP of M3 is on average 3.0% higher than that of
M1 and 4.6% higher than that of M2.

Since vehicles are moving at various speeds, a transient model is necessary to evaluate
real-time cycles’ performance. Thus, Dymola models were developed for BC, FT-VIC, and KC.
A modified fan model with ram air compensation was developed to estimate the outdoor air
velocity. Transient simulation at -15°C under the UDDS driving cycle was performed. Results
show the heating capacity is stable despite the highly fluctuating vehicle speed. And at the end of
the simulation, the accumulated heating capacity of KC is 14.8% higher than VIC and 32.7%
higher than BC. However, the accumulated power consumption of KC is 32.4% higher than VIC

and 64.4% higher than BC.
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In addition, a centrifugal compressor was designed for a future EV with high fast-
charging cooling demand. The results show that at the design point (fast charging mode), the
centrifugal compressor’s COP is 1.61, which is 6.6% higher than the scroll compressor.
However, at the off-design point, its performance is worse. In the cabin cooling mode, its COP is
1.64, while the COP of the scroll compressor is 1.82. And the centrifugal compressor cannot
operate in heat pump mode. To resolve this issue, efforts should be made on things that could
expand its operating range, such as the inlet guide vane.

Contributions made in this research are:

e Thermodynamic analysis and LCCP evaluation of advanced heat pump cycles for EV:

o Built the KC thermodynamic model for quick cycle performance analysis. Calculated

and compared heat pump cycles’ performance under various conditions.

o Proposed a new method for evaluating electric vehicle heat pumps’ LCCP. Calculated

and compared their LCCP across the U.S.
e Transient modeling of advanced heat pump cycles for EV:

o Built the transient model for KC.

o Added ram air compensation to the air maldistribution calculation.

o Performed steady-state and transient calculations and compared cycle performance.

e Centrifugal compressor design and performance evaluation for future MACs with high
cooling demand:

o Designed a two-stage centrifugal compressor for the fast charging mode with high

cooling demand.

o Simulated the centrifugal compressor’s cycle performance.
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