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1. Introduction

Due to environmental and legislative concerns, the refrigeration and air-
conditioning industry is making major efforts to improve the energy efficiency of
residential appliances and switch to more environmentally friendly refrigerant types.
Unfortunately, many of the viable alternative low global warming potential (GWP)
replacement options (GARS) [1] for the current refrigerants tend to have less favorable
thermodynamic properties that result in undesirable reductions in system performance, or
other drawbacks. Some of the other drawbacks include high flammability, such as in the
case of isobutane and propane. Government regulations prohibit the use of these
flammable refrigerants in some applications for safety reasons. In order to meet the
challenge of minimizing energy consumption while replacing the currently used
refrigerants in accordance with regulations, potential working fluid replacement options
must be explored through both experimentation and simulation.

One of the major segments of the refrigeration industry is the household
refrigerator-freezer market. The widespread use of household refrigerator-freezers
provides an opportunity for substantial energy savings, and the 100 million new units
sold annually across the globe represent a considerable quantity of refrigerant [2].
Household refrigerators in the North American market typically use HFC-134a as a
refrigerant because it has zero ozone depletion potential, favorable thermodynamic
properties, and is non-flammable. The issue with R134a is that it has a relatively high
100-year GWP of 1,430 [3], which is a measure of its effect on the environment as a

green house gas relative to carbon dioxide.



Two alternative low GWP options that are being considered as replacements for
R134a in household refrigerators are HFO-1234yf and HFO-1234ze. The household
refrigerator-freezer sector is paying particular attention to using R1234yf as an R134a
replacement due to the similar thermodynamic characteristics. Another reason that
R1234yf is being considered as a replacement option for R134a is because it has a very
low 100-year GWP rating of ~4, which is approximately 350 times lower than R134a [4],
[5]. Among the various alternative low GWP refrigerant choices, one of the advantages
of using R1234yf as an R134a replacement is that it shows promise as a direct drop-in
replacement without system modifications because of the similar thermodynamic
properties. The biggest issue for the acceptance and implementation of R1234yf is the
fact that it is mildly flammable, which can create potential fire hazards for equipment
which utilizes the refrigerant. The burning velocity of R1234yf has been found to be less
than 10 cm/s, which qualifies it for the new 2L classification defined in ANSI/ASHRAE
Standard 34 [6]. Pending new regulations, this classification has the potential to allow the
implementation of R1234yf for household refrigerators, from which Class 2 refrigerants
are currently banned [7]. The thermodynamic and transport property libraries of
Engineering Equation Solver (EES) [8] were used to develop a chart of the
thermophysical properties of R134a, R1234yf, and R1234ze over a temperature range
common for household refrigerators. Some of the relevant properties are shown in Table

1.



Table 1: Thermophysical properties of R134a, R1234yf, and R1234ze [8]

- B |25 2 T _ 2 g2 g
S 5 || 8 z a F 5 >
£l F — & O
14
kJ/kg-K kg/m?® mW/m-K Pa-s
°c | kPa | kikg ——2 9 ! e
Lig. Vap. Liq. Vap. Liq. Vap. | Lig. | Vap.
-25 | 106.5 | 216.3 | 1.280 | 0.796 | 13740 | 5.5 104.7 9.6 |3718| 99
<| -7.5 | 221.3|204.2 | 1.320 | 0.862 | 1319.0 | 11.0 97.8 114 | 2929 | 10.6
3
™| 10 |4149|190.8 | 1.369 | 0.941 | 1261.0 | 20.2 90.3 13.1 | 2342 | 113
@

275 | 716.8 | 1755 | 1.433 | 1.040 | 1197.0 | 34.9 82.0 14.8 | 1885 | 121
45 | 1161 | 1576 | 1.529 | 1.177 | 1125.0 | 57.7 73.1 16.6 | 151.2 | 13.0
-25 | 123.0 | 1779 | 1.217 | 0.847 | 12510 | 7.2 83.5 7.5 ]3054 | 10.3
-7.5 | 243.1|168.1 | 1.283 | 0.911 | 1199.0 | 13.7 77.8 86 |2420| 111
10 | 437.7 | 156.8 | 1.350 | 0.983 | 1144.0 | 24.2 71.3 9.8 |193.7| 119
275 | 731.7 | 143.7 | 1.427 | 1.070 | 1083.0 | 40.6 64.2 11.2 | 156.3 | 12.7
45 | 1153 | 1279 | 1.530 | 1.186 | 1012.0 | 65.9 56.4 12.8 | 1259 | 13.8
-25 | 785 [ 197.1 | 1179 | 0.742 | 1311.0 | 45 65.1 N/A | 187.6 | N/A
-7.5 | 1645 | 186.5 | 1.225 | 0.811 | 1260.0 | 9.1 61.7 N/A | 1629 | N/A
10 | 310.3|175.1 | 1.269 | 0.889 | 1208.0 | 16.7 58.2 N/A | 142.4 | N/A
275 | 538.8 | 162.3 | 1.320 | 0.982 | 1154.0 | 28.8 54.6 N/A | 1243 | N/A
45 | 876.7 | 147.5 | 1.388 | 1.100 | 1094.0 | 47.6 50.6 N/A | 107.6 | N/A

R1234yf

R1234ze

To simplify the identification of the differences between the two alternative low
GWP refrigerants and R134a, a second chart was created which shows the properties of
R1234yf and R1234ze relative to R134a. The chart of the relative properties is shown in
Table 2, where the magnitudes of the relative differences have been color-coded. Green is
used to identify values within 10%, yellow within 10% to 20%, and red for greater than
20%. One of the important things to note is that the saturation pressures of R1234ze are
significantly lower than R134a, which means that the cycle will operate significantly
below atmospheric pressure during evaporation. The vapor density of R1234ze is also
significantly lower than R134a, which means that the mass flow rate of a compressor

would be reduced, possibly requiring a redesign of the compressor.
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Table 2: Thermophysical properties of R1234yf and R1234ze, relative to R134a
(green within 10%o, yellow between 10% and 20%, and red greater than 20%b) [8]

= g o S T > S 2
= © = S I o = = )
S| g g a = = O & S 3
s £ |2&| 2 S a 2 2
g e 9% 3 5 8 >
x

kd/kg-K kg/m? mW/m-K puPa-s

° kP kJ/ki

¢ a Ikg Lig. | Vap. Lig. i

-25 1.15 | 0.82 0.95 1.06 0.91
E -75 | 1.10 | 0.82 0.97 1.06 0.91
Q10 1.05 | 0.82 0.99 1.05 0.91
®| 275 | 1.02 | 082 | 100 | 1.03 | 0.90

45 0.99 | 0.81 1.00 1.01 0.90

-25 111 | 097 | 088 | 1.05
gl 75 111 | 095 | 0.89 | 1.05
@[ 10 112 | 094 | 090 | 1.06
x| 275 113 | 093 | 092 | 1.07
45 115 | 091 | 093 | 1.08

It is seen that R1234yf exhibits similar properties to R134a, including very similar
saturation pressures, which means that the cycle can operate at similar conditions. The
vapor density of R1234yf is moderately higher than that of R134a, which means that the
compressor mass flow rate will increase, likely resulting in increased capacity. The major
drawback of R1234yf is the lower thermal conductivity of the liquid and vapor phases.
This lower conductivity indicates that the heat transfer capabilities of the fluid may be
less than R134a, possibly requiring redesign of the heat exchangers or even a reduction in
the system efficiency. Overall, it is anticipated that R1234yf will serve as a suitable drop-
in replacement for R134a with reduced heat transfer and increased mass flow rate.
R1234ze will not match well at drop-in conditions because of lower system pressures and
lower mass flow rates, and would likely require the redesign of the compressor and

expansion device.



One possible remedy for R1234yf’s flammability issue is to create a mixture of
R134a and R1234yf. Since the two refrigerants have similar thermodynamic
characteristics, a mixture of the two has the potential to work well as a working fluid for
a refrigerator-freezer. The addition of R134a to the R1234yf also has the potential to
reduce the flammability of the refrigerant, perhaps to levels at which it would fall into
non-flammable regulation categories, such as Class 1 in ANSI/ASHRAE Standard 34 [6].
Since R134a is already considered to be non-flammable, certain R134a/R1234yf mixtures
have the potential to fall into the same category while having a lower GWP than pure
R134a. This compromise between flammability and GWP would allow manufacturers to
lower the environmental impact of the refrigerant while still satisfying all of the current
flammability standards without major modifications to the current systems. An example
of a threshold set by legislation is the European Union’s introduction of a mobile air-
conditioning regulation that requires the use of refrigerants with 100-year GWP’s less
than 150 [9].

Simulations and experimental testing have been conducted for R1234yf in the
application of automobile air conditioning, and results have been mostly positive. In
several cases, R1234yf has been shown to have less than a 5% decrease in energy
efficiency when compared with R134a [10],[11]. Since R1234yf is a relatively new
refrigerant and is not yet freely available in the market, there has been little analysis of its
performance for the household refrigerator application. Additionally, there has been little
experimentation performed for stationary applications, and currently there is no published

experimental data available for household refrigerators.



Leck (2009) presented modeling results for a basic thermodynamic cycle with a
suction line heat exchanger and evaporation temperature of -2°C, which would be
considered medium temperature refrigeration [12]. The results indicated that the COP of
the R1234yf cycle would be between 1.7% and 7.2% lower than the R134a cycle
depending on the condensing temperature, which was studied from 30°C to 56°C.

Leck (2010) also presented modeling results for a basic thermodynamic cycle for
medium temperature commercial refrigeration at an evaporation temperature of -10°C
and a condensing temperature of 40°C [13]. The results indicated that R1234yf would
have a 43% lower evaporation capacity and 7% better COP than the R404A, and an equal
evaporation capacity and 1% lower COP than R134a.

Fujitaka et al. (2010) studied the performance of R1234yf as a drop-in
replacement for R410A in a 4 kW room air conditioning application [14]. The ideal
theoretical model predicted a 5.6% increase in COP when using R1234yf, while the
experimental work showed a COP decrease of 58% and cooling capacity decrease of
30%. The differences between the theoretical model and the experimental work were
attributed to the increased pressure drop of the pipes and the evaporator when using
R1234yf, which would indicate that a system redesign would be required.

Spatz (2009) performed experimental work on a beverage cooler for medium
temperature refrigeration [15]. The evaporation temperature was -6.5°C, and the
condensing temperature 45°C. For a drop-in replacement of R134a, the data showed that
R1234yf would exhibit a 4% decrease in both evaporator capacity and COP, and
R1234ze would exhibit a decrease in evaporator capacity of 17% and a decrease in COP

of 13%.



In summary, R1234yf looks to be a promising alternative low GWP refrigerant
replacement for R134a in household refrigerators from both an environmental impact and
thermophysical property view-point. The modeling studies that have been published
show promising performance for R1234yf, but it is apparent that a more detailed study
specific to household refrigerators is needed. Thus, an analysis must be performed to
identify the steady-state and transient performance of R1234yf when used as a drop-in
replacement fluid in a household refrigerator. Additionally, steady-state simulations must
be conducted to determine the viability of using R134a/R1234yf mixtures for household
refrigerators. A quantification of the performance characteristics of the alternative low
GWP refrigerants mentioned will aid manufacturers when making decisions about the
development direction of new refrigerants as legislative requirements require the phase-

out of R134a.



2. Experimental Work

To evaluate the potential of alternative low GWP fluids through simulations, the
first step was to experimentally validate the models. In order to validate the models,
experimentation must be performed at fixed test conditions to produce repeatable,
accurate data. A test facility was created to measure all of the relevant thermodynamic
properties of a household refrigerator under transient cycling conditions. Beyond system
operation performance experimentation, additional reverse heat leak testing was
performed. The reverse heat leak testing evaluated the insulation properties of the
cabinets to determine the overall heat transfer coefficients. The overall heat transfer
coefficients were necessary to create accurate models of the transient heat transfer

between the interior air of the cabinets and the ambient air.

2.1. Test Facility Configuration

A household 27.6 ft* (782 L) French door refrigerator-freezer was outfitted with
measurement equipment for testing and evaluation purposes. The refrigerator-freezer unit
had a bottom mounted freezer, French door style fresh food compartment with through-
the-door ice and water dispenser, 115 V AC reciprocating hermetically-sealed
compressor, automatic electrical defrost heater, and was charged with 140 grams of
R134a refrigerant as a working fluid. The compressor was a single fixed-speed type, with
thermostat-based on and off control. The condenser was a forced convection type, which
utilized an AC motor driven fan. The unit utilized a single evaporator in the freezer
compartment which had an AC motor driven fan and an electrically actuated mechanical
damper. The damper system was controlled by a refrigerator compartment thermostat

which toggled the damper between fully closed or partially opened. When the damper



was fully closed, all of the evaporator outlet air flow was routed to the freezer
compartment. When the damper was partially opened, a fixed portion of the volumetric
air flow rate was routed to the refrigerator compartment in addition to the remaining air
flow to the freezer compartment.

The refrigerator-freezer unit was installed in an environmental test chamber in the
Heat Pump Laboratory of the Center for Environmental Energy Engineering at the
University of Maryland. The environmental chamber is capable of controlling the
ambient temperature conditions over a range from 5 C to 43.3°C using a 3.5 kW capacity
refrigeration system. The environmental chamber uses a baffled dropped ceiling in order
to maintain air velocities below 1 m/s at all points surrounding the refrigerator-freezer
unit.

In the fresh food cabinet three thermocouple masses were installed in order to
measure the average air temperature within the compartment. The thermocouple masses
were constructed by soldering a T-type special thermocouple into a hole drilled in the
middle of a solid cylindrical copper mass with a diameter of 2.54 cm and height of 2.54
cm. These thermocouple masses were spatially distributed as shown in Figure 1 and
Figure 2 in order to provide an average air temperature reading for the cabinet. The
freezer cabinet also used three copper thermocouple masses of the same type in order to
measure the average air temperature within the compartment; the spatial distribution of

these masses is shown in Figure 1 and Figure 3.
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Figure 1: Side view of thermocouple mass placement in refrigerator-freezer cabinets
(thermocouple masses were centered along the width with respect to a front view)
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Figure 2: Thermocouple mass placement in refrigerator cabinet
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Figure 3: Thermocouple mass placement in freezer cabinet

The thermocouple wires which connected the thermocouple masses on the interior
of the cabinets to the data acquisition system were routed out of the sides of the front of
the cabinet where the doors seal against the cabinet walls. At locations where the door
seals were displaced by the wires, moldable duct sealant (clay) was used to block air flow
through the gaps, and insulation foam was used to reduce the heat gain introduced by the
modifications made. The insulated sections of the fresh food and freezer cabinet seals are

shown in Figure 4.
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Figure 4: Insulation of the door gaskets where the thermocouple wires enter the
fresh food cabinet (left) and freezer cabinet (right)

The vapor compression cycle consists of four main components: a reciprocating
compressor, a steel spiral fin and tube heat exchanger condenser, a capillary tube
expansion device which is brazed to the suction line to create a suction-line heat
exchanger (SLHX), and an aluminum tube and fin heat exchanger with variably spaced
fins as the evaporator. The compressor compresses low-pressure superheated vapor
refrigerant to a high-pressure superheated vapor. This superheated high-pressure vapor
then enters the condenser where forced air convection transfers heat from the refrigerant
to the ambient air in order to condense the refrigerant into the liquid phase. The liquid
refrigerant then enters the hot pipe component, which is a steel tube that is routed along
the inside of the exterior cabinet shell in order to reject additional heat and maintain the

cabinet door seals above the dew point to prevent condensation of water vapor. The hot
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pipe provides additional subcooling to the high-pressure liquid refrigerant, bringing it
closer to the ambient air temperature. The subcooled liquid then enters the capillary tube
SLHX where it is expanded to a low-pressure two-phase fluid and exchanges heat with
the superheated vapor from the evaporator suction outlet. The SLHX lowers the vapor
quality of the two-phase refrigerant at the inlet of the evaporator in order to increase
evaporation capacity, as well as increasing the degree of superheat of the refrigerant from
the evaporator outlet to the compressor inlet. The additional heating of the refrigerant
after the evaporator outlet ensures that liquid doesn’t enter the compressor suction port,
which would cause severe damage to the compressor components. The two-phase
refrigerant at the outlet of the capillary tube is then evaporated inside of the freezer
cabinet through forced convection heat transfer with the cabinet air. This refrigerant is
generally a slightly superheated vapor at the evaporator outlet which then exchanges heat
in the SLHX before entering the compressor suction and completing the cycle.

The measurement instrumentation that was installed into the refrigeration cycle
was designed so that all of the relevant properties of the cycle could be measured or
calculated. This included the measurement of the power consumption of the entire unit as
well as the compressor individually. Another measured system property was the
refrigerant mass flow rate, which was accomplished by installing a Coriolis mass flow
meter before the suction port of the compressor. Additionally, the pressures and
temperatures of the refrigerant were measured at all of the relevant state points, i.e. the
component inlets and outlets. A component level schematic of the refrigeration cycle can

be seen in Figure 5.
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Figure 5: Component-level schematic of the refrigerator-freezer test facility

To measure the effect of the additional suction line pressure drop caused by the
Coriolis mass flow meter, a system of valves was used to create a bypass. The

configuration and installation of the valves is shown in Figure 6.
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Figure 6: Physical hardware setup for mass flow meter bypass valves
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In order to measure pressure drop across the evaporator, two pressure taps were
created. These pressure taps were made from capillary tubes which connected to the
refrigerant circuit directly before and after the evaporator within the interior evaporator
compartment of the freezer cabinet. The capillary tubes were then routed through a 1 cm

hole drilled through the rear cabinet wall, as demonstrated in Figure 7.
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Figure 7: Evaporator pressure tap capillary tubes

All of the pressure transducers were attached to the exterior rear of the cabinet
using adhesive tape, and the mass flow meter was mounted horizontally, where it was
supported by, and insulated from, the floor of the environmental chamber. In order to
install the sensor cabling and refrigerant tubing, some modifications were made to the
panel enclosing the condenser/compressor compartment. Small amounts of material were
removed from sections of the panel which were already perforated for air flow purposes.
Although these modifications affect the airflow which exits the condenser and flows over
the compressor, the degree of interference is slight considering that the air flow
perforations were already greater than 50% of the area. A picture of the exterior rear of

the cabinet with all of the sensors installed is shown in Figure 8. After all of the sensor
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equipment was installed it was calculated that the increased tubing volume required an
increase in R134a refrigerant charge of 15 grams. The total refrigerant charge was

therefore increased from the original 140 grams to a new charge level of 155 grams.

Figure 8: Exterior rear of the cabinet with installed sensors shown

The power supplied to the unit was regulated in order to eliminate transient
fluctuations, and maintain a root mean squared (RMS) voltage of 115V AC. The
regulation was accomplished by converting the main building electricity of 115 VAC to

24 V DC, and then converting the 24 VV DC to 220 V AC. The 220 VV AC supply was then
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controlled with a Variac (autotransformer), to supply 115 V power to the tested unit, to

within 1 V AC.

A list of the manufacturer, model number, range, and systematic uncertainty

specifications for all of the measurement equipment is given in Table 3. All of the

instruments were connected to National Instruments field point modules, and LabVIEW

software was used to record data and calculate system performance parameters in real-

time.
Table 3: Specifications of instruments
Instrument Type Manufacturer Model # Range Systemqtlc
Uncertainty
Mass Flow - , : 08-5 0
Meter Coriolis Micro Motion CMF025 ols +0.833% f.s.
Pressure Strain Setra 280E 0 _b;rY'Z +0.11f.s.
Differential . 2301010P | 0-68.9 0
Pressure Strain Setra D2F11B kPa +0.25% f.s.
Watt Meter Watt Ohio 0-500 +0.2%
(System) Transducer Semitronics GW5-001E W reading
Watt Meter Watt Ohio PC5- 0 - 1000 +0.5% f
(Compressor) Transducer Semitronics 002X5 W FOTD TS
T-type -250 to o
Thermocouple (special) Omega N/A 350°C +0.5°C
Relative . 0-100 0
Humidity Capacitance Testo 6651 %RH +1.7% RH

2.2. Uncertainty Analysis

In order to calculate the uncertainty in a measured variable, both the systematic

uncertainty of the measuring device and the random error experienced during

measurement must be considered. The systematic errors of the measurement equipment

used are given in Table 3. The random measurement errors are equal to the standard

deviation of the data used to calculate the average value. The total error is the summation
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of the systematic and random error, defined as Equation (1).

Utot = Usys T UsTp 1)
Where:

u;o; = total uncertainty of a measured value

Usys = Systematic uncertainty of a measured value

ugrp = random uncertainty of a measured value (one standard deviation)

In order to calculate the systematic uncertainty of a calculated variable, the
systematic uncertainty of each measured variable used in the calculation must be

included. In order to propagate these uncertainties, the Pythagorean summation of

uncertainties method is used, which is defined as Equation (2).

oF 2 (oF 2 oF 2
uF_\/(a_vl*ul) + (G rue) o (5 w) @)

4

F = calculated variable

ur = Uncertainty in the calculated variable “F”
u; = uncertainty of the measured variable

v; = measured variable

i = number of variables used to calculate “F”

The random error was calculated as one standard deviation of the measured

variable from the collected data set, as defined in Equation (3).

1 N2
Ustp = |1 jyzl(xj - X) (3)
Where:

N = number of data points in the collected data set
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j = data point index

x; = measured variable data point at index j

X = average of the measured variable over the entire data set

For each of the measured and calculated variables typical values for the
propagated systematic uncertainties, the random uncertainties, and the total uncertainties
are shown in Table 4. The definitions of several of these variables and calculated values
will be introduced in subsequent sections.

Table 4: Typical variable uncertainties

Variable Units | Systematic | Random | Total

Pressure kPa 1.90 2.18 4.08

In-stream Temperature °C 0.5 0.19 0.69
Average Cabinet Air Temperature °C 0.29 0.05 0.34
Average Ambient Temperature °C 0.17 0.09 0.26
Differential Pressure kPa 0.17 0.10 0.27

Mass Flow Rate /s 0.025 0.019 0.044

Total Power Consumption W 0.20 0.51 0.71
Enthalpy kJ/kg 0.75 0.10 0.85

Evaporator Superheat K 0.59 0.17 0.76

System COP - 0.71 0.024 0.095
Evaporator Capacity W 0.12 2.92 3.04
Energy Input (Reverse Heat Leak Testing) W-hr 0.2 - 0.2
Yearly Energy Consumption kWh/yr 1.8 - 1.8

2.3. Enerqgy Consumption Testing

2.3.1. Test Procedures and Conditions

As stated previously, the tested unit was housed within a temperature-controlled

environmental chamber. All of the testing performed was done in accordance with the
United States Department of Energy (DOE) testing standard conditions [16]. The testing
standard can be found in the United States Federal Registry: 10 CFR Part 430, entitled
“Uniform Test Method for Measuring the Energy Consumption of Electric Refrigerators

and Electric Refrigerator-Freezers.” This testing standard is designed to simulate the
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typical energy use of a household refrigerator-freezer while implementing testing
procedures which minimize testing complexity, duration, and potential for testing
repeatability issues. The unit is tested at an ambient temperature of 32.2°C, which is
higher than what would be expected in an average household. This higher ambient
temperature allows for an approximation of the cabinet heat losses without needing to
simulate cabinet door openings, which tend to be difficult and expensive to implement
reliably. There was also additional testing performed using all of the DOE standard
procedures except for the ambient temperature, which was decreased to 20°C. The lower
ambient temperature testing condition allowed for the analysis of system performance
trends based on ambient temperature. For all of the testing conducted, the special
temperature drawer was set to the coldest setting “Meat” (1°C), and the automatic ice
maker was electrically disabled using the switch, as per the DOE testing standard
instructions.

In the DOE testing standard, the ambient temperature around the cabinet is to be
maintained at a constant 32.2+0.6°C. The refrigerator-freezer unit that was tested falls
into the DOE standard category of “refrigerator-freezer with variable defrost control.”
The energy test is conducted in two parts: the standard steady-state energy consumption
test, and the long time automatic defrost energy consumption test. The practical definition
of “steady-state” operation of a transient system is when the unit is transiently cycling
with whole cycles which don’t change relative to one another. The official DOE criterion
for the “Steady State Condition” is that the temperature measurements in the cabinets are

not changing by more than 0.023°C per hour during a stabilization period. For purposes
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of consistency and repeatability, all of the DOE testing results for yearly energy
consumption are extrapolated from six complete on and off cycles.

For the steady state energy test, the first phase of testing occurs with the unit’s
thermostat set to its middle settings, which are a refrigerator temperature of 4.4°C and a
freezer temperature of -17.2°C. The test is then run, and the average cabinet temperatures
are compared with the standardized maximum average refrigerator/freezer cabinet
temperatures of -15°C/7.2°C. The thermostat conditions for the second phase test are
chosen to be either the warmest or coldest possible settings such that the cabinet
temperatures from the two test phases bound the standardized cabinet temperatures. For
the unit tested, the middle thermostat settings resulted in temperatures lower than the
standardized temperatures, and therefore the warmest thermostat settings were used for
the second phase of the testing. The warmest thermostat settings corresponded to a
refrigerator temperature of 7.8°C and a freezer temperature of -13.3°C. The results of the
warmest thermostat setting tests were then used in the yearly energy consumption
calculations, which will be discussed in subsequently.

The second part of the DOE standard is the long time automatic defrost energy
consumption test, which was performed in order to estimate the yearly energy
consumption of the evaporator defrosting system. The testing was repeated for both the
middle and warmest thermostat settings for use in the yearly energy consumption
calculations. The test involves measuring the energy consumption of the unit during a
defrost cycle. The defrost cycle is measured from the start of the off-cycle of the last
compressor on-cycle before the “precool” cycle occurs to the end of the recovery cycle

after the defrost period. The “precool” cycle is an extended compressor on-cycle which
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cools the freezer cabinet to temperatures below the normal thermostat “off” point. This
extra cooling ensures that the freezer compartment remains at adequately low
temperatures throughout the duration of the defrost cycle in order to protect the food
contents from thawing. The defrost period then occurs, in which an electrical resistance
heater is used to heat the evaporator coil above the freezing point of water in order to
melt and remove accumulated frost. The energy consumption measurement continues
until the end of the off-cycle which occurs after the “recovery” cycle. The recovery cycle
is the first compressor on-cycle after the defrost period occurs, and it is typically an
extended cycle which is used to return the freezer cabinet to the appropriate temperature
level after being heated during the defrost period. A basic schematic of the measured

defrost period is given in Figure 9.
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Figure 9: Measured defrost cycle of DOE testing standard [16]

After the completion of both parts of the energy consumption test, the overall

yearly energy consumption of the unit can be calculated. This calculation is performed
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using the DOE standard equation for long time automatic defrost units. The formula takes

into account the energy consumption during steady state cycling as well as the defrost

cycle, all weighted by the frequency of the defrost cycle. The defrost cycle frequency

factor in the equation is “CT,” which was known. The explicit yearly energy

consumption formula is given in Equation (4).

(022 (52 (227). (2)

E

Where:
E = total energy consumption [KWh/day]
EP1 = energy expended in first (steady-state) portion of test [kKWh]
T1 = duration (time) of first (steady-state) portion of test [min]
1440 = conversion factor for minutes to days [min/day]
EP2 = energy expended in second (defrost) portion of test [KWh]
T2 = duration (time) of second (defrost) portion of test [min]
12 = factor to adjust for 50% run time of compressor

CT = time between defrost cycle

2.3.2. Results

(4)

The DOE testing standard was implemented for testing the R134a system as

outlined previously. After conducting the tests with and without bypassing the mass flow

meter, it was found that the additional pressure drop penalty incurred by having the mass

flow meter in the circuit was only a 0.7% increase in the yearly energy consumption.

Since the effect of the mass flow meter pressure drop on the yearly energy consumption

was so small, the mass flow meter was not bypassed in any of the testing results shown in

order to reduce testing complexity.
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The most relevant test for measuring the refrigerator-freezer energy consumption
is the official DOE standard conditions. For the tested unit those conditions are an
ambient temperature of 32.2°C, and the warmest refrigerator/freezer thermostat settings
of 7.8°C/-13.3°C. The first “steady-state” testing occurred over a time period
encompassing six complete on/off cycles of the compressor. Some of the key system
measurements including the system powers and average cabinet air temperatures, in-
stream temperatures, pressures, mass flow rate, subcooling/superheating, and heat

exchanger pressure drops are shown in the graphs of Figure 10 through Figure 15.
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Figure 10: System powers and average cabinet air temperatures (experimental DOE
“steady-state” at Tomp = 32.2°C and “warmest” thermostat)
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Figure 11: Pressures (experimental DOE “steady-state” at T, = 32.2°C and
“warmest” thermostat)
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Figure 12: In-stream temperatures (experimental DOE “steady-state” at Tymp =
32.2°C and “warmest” thermostat)
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Figure 13: Refrigerant mass flow rate (experimental DOE “steady-state” at Ty =
32.2°C and “warmest” thermostat)
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Figure 14: Subcooling and superheat (experimental DOE “steady-state” at Tamp =
32.2°C and “warmest” thermostat)
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Figure 15: Heat exchanger pressure drops (experimental DOE “steady-state” at
Tamp = 32.2°C and “warmest” thermostat)

The energy consumption was also measured for the second phase of the DOE
testing standard, the defrost cycle. The measurement included the pre-cooling cycle, the
electrical resistance defrost heater cycle, and the recovery cycle as stated in the testing
procedures. The total power consumption and average cabinet air temperatures are shown

in Figure 16 for an ambient temperature of 32.2°C and “warmest” thermostat settings.
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Figure 16: System power and average cabinet air temperatures (experimental DOE
defrost phase at Tymp = 32.2°C and “warmest” thermostat)

In order to better quantify the results from the “steady-state” portion of the
testing, the total average was calculated for each of the most relevant measurement values
over the on-cycle periods of all six cycles. These average on-cycle values are given in

Table 5.
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Table 5: On-cycle measurement value averages (experimental DOE “steady-state”
at Tamp = 32.2°C and “warmest” thermostat)

Measurement Units Value
Total Refrigerator Power W 119.6
Compressor Power w 114.0
Average Refrigerator Cabinet Temperature °C 9.1
Average Freezer Cabinet Temperature °C -12.5
Refrigerant Mass Flow Rate /s 1.12
Evaporator Pressure Drop kPa 3.8
Condenser Pressure Drop kPa 23.5
Evaporator Superheat K 3.2
Evaporator Capacity w 190.9
Hot Pipe Subcooling K 1.4
Discharge Pressure kPa 1,066.9
Discharge Temperature °C 68.0
Suction Pressure kPa 119.4
Suction Temperature °C 32.1
Average On-cycle Duration min 31.7
Average Off-cycle Duration min 27.0
Compressor Yearly Energy Consumption (without defrost) | kWh/year | 536.0
Total Yearly Energy Consumption (without defrost) kWh/year | 577.6

The yearly energy consumption of the compressor without defrost is 536.0+1.8
kWhlyear, the total yearly energy consumption of the unit (including fans, electronic
circuitry, etc.) without defrost is 577.6£1.8 kWh/year, and the total energy consumption
of the unit with defrost, which is the official DOE testing standard value, is 607.6+1.9
kWh/year. The United States government mandates that each manufacturer must
implement the DOE test procedures for each refrigerator-freezer unit that they sell in
order to determine the yearly energy rating for an “EnergyGuide” label attached to the
retail units. For the refrigerator-freezer tested herein, the “EnergyGuide” energy
consumption was listed as 563 kWh/year, which is within 8% of the experimental results.
The discrepancy between the manufacturer rating and the experimentally measured value

can be accounted for by the modifications made to the test facility when compared with
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an unmodified unit. The experimentally measured performance was degraded by both the
additional refrigerant pressure drop due to the various sensors and the additional cabinet
load due to wires and capillary tubing.

In addition to the results mentioned for an ambient temperature of 32.2°C and
“warmest” thermostat settings, the “steady-state” DOE testing procedures were followed
using the “middle” thermostat settings at an ambient temperature of 32.2°C, as well as
the “warmest” and “middle” thermostat settings at an ambient temperature of 20°C. Some
of the basic tabulated results for these three test conditions are given in Table 6, where
the yearly energy consumption calculations are made per the DOE testing standard, and
the measurement values are average values for six compressor on-cycles. The transient
data including the system powers and average cabinet air temperatures, in-stream
temperatures, pressures, mass flow rates, subcooling/superheating, and heat exchanger

pressure drops are plotted in graphs shown in the Appendix.
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Table 6: On-cycle measurement value averages and calculated yearly energy
consumptions for DOE testing standard (experimental DOE “steady-state”)

Variables Units Values
Ambient Temperature °C 32.2 32.2 20 20
Thermostat Settings N/A | Warmest | Middle | Warmest | Middle
Total Refrigerator Power W 119.6 118.4 106.2 106.1
Compressor Power W 114.0 108.9 98.5 94.3
Average Refrigerator Cabinet o
?Air Ten?perature c 91 6.1 8.7 >4
AverageTiﬁ%ii;tifg'”et Al oc | 425 | 154 | -146 | 176
Refrigerant Mass Flow Rate /s 1.12 1.03 0.99 0.93
Evaporator Pressure Drop kPa 3.8 35 4.0 3.6
Condenser Pressure Drop kPa 23.5 20.7 28.0 24.8
Evaporator Superheat K 3.2 N/A 4.4 34
Evaporator Capacity W 190.9 178.2 183.5 172.0
Hot Pipe Subcooling K 1.4 1.4 3.3 3.2
Discharge Pressure kPa 1,066.9 | 1,045.6 762.9 748.3
Discharge Temperature °C 68.0 68.4 46.2 47.5
Suction Pressure kPa 119.4 110.7 100.4 94.1
Suction Temperature °C 32.1 324 18.8 19.2
Average On-cycle Duration min 317 45.5 18.6 23.2
Average Off-cycle Duration min 27.0 24.7 37.4 31.5
Consumption (without defiosy | year | 960 | 6164 | 2827 | 3049
ConsI%tStlic\)(ne?\all%/trll_:c)nuetrggfrost) kyve}{ahr/ 577.6 6817 3282 409.0

The most notable differences between the data sets for the different thermostat
settings is that as the set points become lower, the average refrigerator and freezer cabinet
air temperatures decrease. The decrease in the average cabinet air temperatures causes the
suction pressures to decrease due to the colder air inlet temperatures to the evaporator.
The lower suction pressure results in a lower mass flow rate because the compressor
moves less mass with each stroke due to the lower vapor density at the inlet. The lower
mass flow rate in turn decreases the evaporator cooling capacity. The lower cabinet

temperatures also increase the temperature differences between the cabinets and the

33



ambient air for a given ambient temperature condition. The larger temperature differences
then cause an increase in cabinet heat loads. All of these factors combine to create longer
compressor on-cycle times at colder thermostat settings, and subsequently increased
yearly energy consumption. For instance, in the 32.2°C ambient temperature case the
total yearly energy consumption rating of the unit (without defrost) at the “middle”
thermostat settings is 18% higher than when the thermostat is at the “warmest” settings.

One of the most important differences between the ambient temperature cases of
20°C and 32.2°C for a given thermostat setting is that the discharge pressure is drastically
reduced due to the lower condensation temperature. The lower pressure difference across
the compressor reduces the compressor work and increases the volumetric efficiency. The
reduced compressor work in turn reduces the yearly energy consumption of the
refrigerator-freezer. In addition to the lower discharge pressure, the lower ambient
temperature case also shows an increase in the off-cycle duration due to the smaller
cabinet heat load. The heat load is smaller in the lower ambient temperature case because
of the smaller temperature difference across the cabinet walls between the cabinet air
zones and the ambient air. Increased off-cycle duration means that the ratio of on-cycle
time to total refrigerator-freezer operational time is reduced. A reduction in on-cycle

duration fraction leads to a reduction in the yearly energy consumption rating.

2.4. Reverse Heat Leak Testing

In addition to the experimentation done to evaluate the energy consumption of the
vapor compression cycle, there was experimentation done in order to measure the overall
heat transfer coefficients (UA’s) of the cabinets [17]. In order to measure the overall heat

transfer coefficients, a reverse heat leak test was conducted. The reverse heat leak test
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utilizes controlled heating loads inside of the cabinets in order to maintain the inside
average air temperatures at fixed values above the fixed ambient temperature. The testing
is conducted while the vapor compression cycle of the refrigerator-freezer is disabled so
that the amount of heat required to maintain a fixed temperature difference between the
cabinet air and ambient air can be measured. The known heat input and temperature
differences can then be used to calculate the overall heat transfer coefficients of the
cabinets, including the walls and the door seals, which can then be used to model the heat

transfer properties of the cabinets.

2.4.1. Test Procedures and Conditions

In order to measure the overall heat transfer coefficients of the cabinets using a
reverse heat leak test, uniform temperatures must be maintained on the inside and outside
of the cabinet walls. In a reverse heat leak test the interior cabinet air temperatures are
elevated above the ambient temperature through the use of a variable heat load. In order
to simplify the control and measurement of the heat load, an electrical resistance heater
was used. The electrical resistance heater of choice was a 100-Watt light bulb which was
covered with opaque tape such that the radiation between the light bulb surface and the
interior cabinet walls was minimized. The average air temperature inside of the cabinets
was measured using the six thermocouple masses which were distributed within the
cabinet spaces for the energy consumption testing. In order to maintain uniform
temperature profiles within the cabinets, small air fans were used to mix the air. The fan
outlets were directed toward the heating elements for maximum dispersion of the heated
air. To promote air temperature uniformity, all of the shelves and drawers were removed

from the cabinet. It is important to note that the use of air fans increases the convective
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heat transfer coefficient between the cabinet air and the interior of the cabinet walls. The
fans used were similar in size to the internal fans of the unit, so this airflow, and therefore
convective heat transfer coefficient approximates the air flow during an on-cycle of the
refrigerator-freezer.

To be able to maintain a constant average air temperature inside of the two
cabinets, the average heat load output of the light bulbs had to be controlled. A control
system was created using LabVIEW software which utilized two separate PID
controllers. Each of these PID controllers was connected to a relay so that the light bulb
heaters could be powered for a variable fraction of each second. In this way the average
power output per second of each of the heat sources could be controlled individually,
since the rate of heat transfer from each of the cabinets was different. A watt meter was
used to measure the aggregate integrated energy consumption over the test period of both
the light bulb and the fan motor. The controllers were able to maintain the average
cabinet air temperatures to within 0.1°C, which is within the uncertainty of the
measurement.

The two cabinets each have insulating walls between the cabinet air and the
ambient air, as well as a wall between them called the “Mulligan.” Two sets of tests must
be run in order to separate the effect of the heat leak between the cabinets from the heat
leak between the cabinets and the ambient air. For the first test both average cabinet air
temperatures were set to a value of 40°C, so that there would be no heat transfer across
the Mulligan. This first test allowed for the calculation of the UA value for each of the
cabinets, not including the heat transfer between them. In the second test the average air

temperature of the cabinets were set to different values in order to determine the heat
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transfer across the Mulligan by isolating the effects of the other walls from the
calculations. In this test the refrigerator average air temperature was set to 40°C and the
freezer average air temperature was set to 50°C. In both tests the system was allowed to
reach steady-state and then data was recorded for a period longer than 5 hours in order to
minimize the uncertainties in the time and energy measurements. A basic schematic of
the placement of the light bulb heaters and mixing fans is shown in Figure 17. In addition
to the schematic an example picture is shown of the heating unit in the refrigerator

compartment in Figure 18.

Thermocouple masses

Mulligan

Figure 17: Refrigerator-freezer cabinet schematic for reverse heat leak testing
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Figure 18: Refrigerator cabinet reverse heat leak test heating element and fan [17]

When calculating the overall heat transfer coefficients using the reverse heat leak
test, it is important to accurately measure the temperature difference between the air in
the cabinets and the ambient air. In order to make an accurate measurement of the
ambient air temperature surrounding the refrigerator-freezer cabinet, nine thermocouple
masses were installed. The thermocouple masses were identical to the ones used in the
interior of the refrigerator and freezer cabinets. Four of the thermocouple masses were
installed five to ten centimeters from the exterior cabinet wall at the respective centers of
the refrigerator left, right, front, and back sides. Four additional thermocouple masses
were installed in the same configuration for the freezer cabinet, and one thermocouple
mass was installed five to ten centimeters above the top of the refrigerating cabinet, at the

center of the wall. The placement of nine thermocouple masses allowed for both the
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detection of non-uniform temperature distribution, and redundant measurements to lower

the measurement uncertainty.

2.4.2. Results

As mentioned previously there were two phases to the reverse heat leak tests, the
first to measure the overall heat transfer coefficients of the cabinet walls and the second
to measure the overall heat transfer coefficient of the Mulligan. In both phases the test
duration, total energy consumptions of the heating systems, average interior cabinet air

temperatures, and average exterior ambient air temperature were recorded and are shown

in Table 7.
Table 7: Reverse heat leak testing measurement results
Variable Units | Wall UA Test | Mulligan UA Test

Test Duration min 333.0 361.0
Total Energy Input — Refrigerator Cabinet | W-hr 177.8 170.4
Total Energy Input — Freezer Cabinet W-hr 109.2 206.8
Average Ambient Temperature °C 20.91 20.92
Average Interior Temperature —Refrigerator | °C 40.06 40.07
Average Interior Temperature — Freezer °C 40.04 50.07

The equation to calculate the overall heat transfer coefficients for the refrigerator
and freezer walls uses the “Wall UA Test” data from Table 7 and is given in Equation (5)
[18],[19].

UAwan = % ®)
Where:

UA,, . = overall heat transfer coefficient of the cabinet walls [W/K]

E = integrated total energy input into the cabinet [W-hr]

t = test duration [hr]

AT = average temperature difference between ambient air and cabinet air [K]
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The equation to calculate the overall heat transfer coefficient for the Mulligan

uses the “Mulligan UA Test” data from Table 7 and is given in Equation (6).

Eref
t

1
UAmu = 2+AT mal (

Where:

- UAref * ATref

E re
+ [ — Uy * ATy

) ®

UA, .. = overall heat transfer coefficient of the Mulligan [W/K]

UA,.; = overall heat transfer coefficient of the refrigerator cabinet walls [W/K]

UAsr. = overall heat transfer coefficient of the freezer cabinet walls [W/K]

AT,,,.; = temperature difference between refrigerator and freezer cabinet air [K]

AT,.r = temperature difference between ambient and refrigerator cabinet air [K]

ATy, = temperature difference between ambient and freezer cabinet air [K]

E,.; = integrated total energy input into the refrigerator cabinet [W-hr]

Ef.. = integrated total energy input into the freezer cabinet [W-hr]

t = test duration [hr]

The results of the calculations are shown with their respective uncertainties in Table

Table 8: Overall heat transfer coefficient calculation results

Variable Units Value Uncertainty
Refrigerator Cabinet (UA) W/K 1.673 +0.029
Freezer Cabinet (UAg.) W/K 1.028 +0.018
Mulligan (UAm) WIK 0.405 +0.061
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3. Modeling and Simulation

Computer modeling and simulation of the system and its components was
performed using several software packages including CoilDesigner [20], VapCyc [21],
and TransRef [22]. CoilDesigner is a steady-state simulation tool for determining
individual heat exchanger performance based on inlet conditions and the geometry
characteristics of the heat exchanger. VapCyc is a steady-state component-by-component
simulation tool for modeling system performance based on directly calling CoilDesigner
heat exchanger models as well as basic expansion device and compressor models
[23],[24]. TransRef is a transient simulation tool for modeling system performance and
charge distribution based on lumped component models for the expansion device, heat
exchangers, compressor, and cabinet. TransRef allows the implementation of a variety of
control algorithms including thermostat on/off compressor control and thermostat air
damper control.

The on-board control logic of the refrigerator-freezer unit cycles the compressor
on and off according to the capacity needed to maintain the compartment average air
temperatures at the desired thermostat settings. This control logic inherently creates
transient operation of the cycle. After an initial pull-down period to the desired cabinet
temperatures, the cycling becomes periodic and each cycle is approximately equivalent to
the last. For each of these cycles there is a pull-down period immediately after the
compressor turns on which occurs because of the additional power needed to overcome
the off-cycle pressure equalization. Although the individual cycles are transient in nature,
the operation during the middle of the cycle is relatively constant with the changing

variable being a gradual decrease in the air temperature of the cabinets. From this
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relatively stable period of operation a “quasi-Steady-state” point is chosen. This quasi-
steady-state point represents a small time period over which the rate of change in the
system operating characteristics is relatively small, and it is reasonable to compare the
results with the VapCyc steady-state simulations. Specifically, the experimental quasi-
steady-state point is the average of three data points taken in 2.5 second intervals; this is
done in order to account for the small random deviations in the measured values. An
example of the power consumption of the unit during an on cycle is shown in Figure 19;

the arrow marks the location of a quasi-steady-state point.
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Figure 19: Compressor on-cycle power consumption; arrow demarks the “quasi-
steady-state” point
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3.1. CoilDesigner

The first step to the system modeling process was to model the evaporator and
condenser heat exchanger components individually using CEEE’s CoilDesigner software.
CoilDesigner is a physics and correlation-based modeling software which can be used to
create a variety of heat exchanger geometries. In the modeling work performed, fin-and-
tube heat exchangers were created which exchanged heat between the refrigerant (R134a)
and air. Since the geometry of the evaporator was variable, and the condenser was of
unique design, some approximations needed to be made for the modeling. For both of the

heat exchangers, quasi-steady-state experimental data was used for model validation.

3.1.1. Evaporator

The evaporator was modeled using both known values as well as measurements
conducted using electronic calipers. All of the relevant specifications are given in Table
9. The spacing between evaporator fins was variable both along the tube length and along
the height of the heat exchanger. The fin type was “flat” with non-touching collars. The
spacing of the tubes was also variable in both the vertical and horizontal directions. Both

the fin and tube material were aluminum.
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Table 9: Evaporator specifications

Total Tube Length 12.98 m
Outer Tube Diameter 8.0 mm
Inner Tube Diameter 6.6 mm
Total Tube Volume 440.8 cm®
Heat Transfer Area (Fin and Tube) 2.37 m’
U-bend to U-bend Tube Length 0.705 m
Vertical Tube Spacing (Outer Two) 23.5 mm
Vertical Tube Spacing (Center) 31.9 mm
Horizontal Tube Spacing 18 mm
Fin Thickness 0.15 mm
Total Fin Height 0.162 m
Total Fin Width 0.075 m
Width of Finned Portion of Heat Exchanger 0.629 m
Freezer Volumetric Air Flow Rate (Damper Closed) 1.1 m>/min
Freezer Volumetric Air Flow Rate (Damper Open) 1.0 m*/min
Refrigerator VVolumetric Air Flow Rate (Damper Closed) 0 m>/min
Refrigerator Volumetric Air Flow Rate (Damper Open) 0.27 m>/min

Since CoilDesigner is unable to directly handle variable spacing of the fins in
both along the pipe and as a function of the height, or variable spacing of the tubes in
both the vertical and horizontal directions, approximations were made for the geometry.
One of the most important geometric parameters to match between the actual heat
exchanger and the model is the air-side heat transfer area, since this is one of the major
limiting factors for the heat transfer. Two other important parameters that must be
matched are the volumetric air flow rate and the velocity of the air flow, since these also
affect the air-side heat transfer. The air flow velocity was matched by matching both the
volumetric air flow rate and the frontal heat exchanger dimensions. Some of the other
important parameters which needed to be maintained at their actual values in order to
have an accurate model were the number of tubes, tube length, and the number of tube
banks. In order to match all of these important parameters, while also matching the total
air-side heat transfer area, the fin spacing input to CoilDesigner was modified. It was

found that the air-side heat transfer area matched the true value when a fin spacing of
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6.42 mm (3.955 FPI) was used. Basic schematics of the actual and model evaporators are

shown in Figure 20.

COILDESIGNERMODEL
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Figure 20: Picture and schematic showing the actual evaporator geometry (left), and

a schematic showing the approximated CoilDesigner evaporator geometry (right)

The model was executed for a couple of different operating conditions in order to

ensure that the modeling results matched the experimental results. The experimentally
determined inputs for the model are quasi-steady-state points at two different ambient
temperatures, and the conditions are listed in Table 10. For both of the ambient
temperature conditions, the thermostat was set to the “warmest” settings. The key outputs
of the model are compared with their experimental values for an ambient temperature of
32.2°C in Table 11, and 20°C in Table 12.

Table 10: Experimental inputs for CoilDesigner evaporator model

Ambient Temperature 32.2°C 20°C
Volumetric Air Flow Rate 1.27 m*/min 1.27 m*/min
Inlet Air Temperature -9.9°C -11.5°C
Inlet Air Relative Humidity 74.5 %RH 72.9 %RH
Inlet Refrigerant Pressure 141.7 kPa 125.9 kPa
Inlet Refrigerant Quality 0.201 0.165
Refrigerant Mass Flow Rate 0.90 g/s 0.94 g/s
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Table 11: Experimental and CoilDesigner outputs for evaporator at an ambient
temperature of 32.2°C

Variable Experimental | CoilDesigner Difference

Evaporator Capacity 155.6 W 155.9 W 0.2% higher

Evaporator Superheat 47K 49K 0.2 K higher

Refrigerant Pressure Drop 3.56 kPa 2.26 kPa 36.5% lower
Air-side Heat Transfer Coefficient N/A 27.35 W/(m*-K) N/A

Table 12: Experimental and CoilDesigner outputs for evaporator at an ambient
temperature of 20°C

Variable Experimental | CoilDesigner Difference

Evaporator Capacity 172.0W 1722 W 0.1% higher

Evaporator Superheat 59K 58 K 0.1 K lower

Refrigerant Pressure Drop 3.94 kPa 2.61 kPa 33.8% lower
Air-side Heat Transfer Coefficient N/A 27.35 W/(m*-K) N/A

As shown in the previous tables, the evaporator capacity and outlet superheat are
predicted extremely well by the CoilDesigner model, but the refrigerant pressure drop is
off by more than 30%. This shows that the evaporator model will do a very good job
predicting the heat transfer of the evaporator, and is therefore validated for the intended
purposes. It also shows that the correlations for two-phase refrigerant pressure drop are
highly inaccurate due to the inherent difficulties of predicting the effects of the two-phase
flow patterns. The pressure drop results should therefore be used carefully when
considering performance trends. Additionally, since approximations were made for the
external geometry, the air-side pressure drop correlations are unlikely to be very accurate.
Considering that the air-side pressure drop was not measured experimentally, and the
model prediction of the air-side pressure drop is likely in accurate, the air-side pressure

drop will not be considered in any of the analysis.
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3.1.2. Condenser

The condenser was modeled using both known specifications as well as
measurements conducted using electronic calipers. All of the relevant specifications are
given in Table 13. The tubing of the condenser was constructed in spiraling banks, and
the fins were wrapped around the tubing in a spiraled helical fashion. Both the fin and
tube material were steel. CoilDesigner currently doesn’t have the capability to model the
spiraling tube banks, so an approximation to the tubing geometry was made. The
applicable range of the correlations available in the literature for air-side heat transfer of
spiraled helical fins doesn’t include the heat exchanger in question, and therefore an
approximation was made using a constant value of 45 W/m?-K, which was a known value

from previous analysis.

Table 13: Condenser specifications

Total Tube Length 13.80 m
Outer Tube Diameter 4.8 mm
Inner Tube Diameter 3.4 mm

Total Tube Volume 125 cc

Heat Transfer Area (Fin & Tube) 1.39 m?

Volumetric Air Flow Rate 1.7 m>/min

Fin Spacing 5.51 (4.61 FPI) mm

Number of Tube Banks 10 #

Tube Length Per Bank 1.194 m

Tube Length Per Bank Divided Into 6 Tubes 0.199 m
Fin Thickness at Outer Edge 0.47 mm
Fin Thickness at Root 1.75 mm
Fin Outer Diameter 16.5 mm
Fin Neutral Diameter 15.5-16.5 mm
Horizontal Spacing Between Banks ~19 mm
Vertical Spacing Between Tubes 26.3 mm
Total Cross Sectional Area of a Tube Bank 0.06526 m’

Since CoilDesigner is unable to directly model the spiraling tubes or the helical
spiraling fins, approximations had to be made for the geometry. One of the most
important parameters to match between the actual heat exchanger and the model is the
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air-side heat transfer area, since this is one of the major limiting factors for the heat
transfer. Two other important parameters that must be matched are the volumetric air
flow rate and the velocity of the air flow, since these also affect the air-side heat transfer
and temperature profile. The air flow velocity was matched by matching both the
volumetric air flow rate and the frontal heat exchanger dimensions. Some of the other
important parameters which needed to be maintained at their actual values in order to
have an accurate model were the number of tube banks and the total tube length. Each of
the tube banks was divided into six equal length tubes in order to approximate each of the
spiraled banks. In order to match all of these important parameters, while also matching
the total air-side heat transfer area, the fin spacing input to CoilDesigner was modified. It
was found that the air-side heat transfer area matched the true value when a fin spacing of

9.07mm (2.80 FPI) was used. The actual and model condensers are shown in Figure 21.
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Figure 21: Picture showing the actual condenser (left), and a schematic showing the
CoilDesigner condenser model geometry (right)
The model was executed for a couple of different operating conditions in order to

ensure that the modeling results matched the experimental results. The experimentally
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determined inputs for the model are quasi-steady-state at two different ambient
temperatures, and the conditions are listed in Table 14. For both of the ambient
temperature conditions, the thermostat was set to the “warmest” settings. For the
experimental results, the capacity of the condenser couldn’t be directly calculated
because the outlet enthalpy couldn’t be determined due to the two-phase conditions.
Instead, an estimation of the condenser capacity was made using an energy balance on
the system where the condenser heat rejection capacity was equal to the compressor
cooling subtracted from the sum of the evaporator heat input and the compressor
electrical heat input. The compressor cooling was mostly due to air flow over the
compressor shell and thermal storage of the compressor shell and oil due to transient
cycling. The compressor cooling was estimated by subtracting the energy input to the
refrigerant across the compressor from the electrical power input to the compressor. The
key outputs of the model are compared with their experimental values for an ambient
temperature of 32.2°C in Table 15, and 20°C in Table 16.

Table 14: Experimental inputs for CoilDesigner condenser model

Ambient Temperature 32.2°C 20°C
Volumetric Air Flow Rate 1.7 m*/min 1.7 m*/min
Inlet Air Temperature 32.7°C 20.5°C
Inlet Refrigerant Pressure 1063.4 kPa 773.3 kPa
Inlet Refrigerant Temperature 67.1°C 47.8°C
Refrigerant Mass Flow Rate 0.90 g/s 0.94 g/s

Table 15: Experimental and CoilDesigner outputs for condenser (Tamp = 32.2°C,

“warmest”)
Variable Experimental CoilDesigner Difference
Condenser Capacity 172.3 W 176.6 W 2.5% higher
Condenser Subcooling ~0 K 44K N/A
Refrigerant Pressure Drop 25.44 kPa 7.71 kPa 69.7% lower
Air-side Heat Transfer Coefficient | 45 W/(m*-K) 45 W/(m*-K) N/A
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Table 16: Experimental and CoilDesigner outputs for condenser (Tamp = 20°C,

“warmest”)
Variable Experimental CoilDesigner Difference
Condenser Capacity 184.4 W 186.3 W 1.0% higher
Condenser Subcooling ~0 K 43K N/A
Refrigerant Pressure Drop 28.96 kPa 11.67 kPa 59.7% lower
Air-side Heat Transfer Coefficient | 45 W/(m?-K) 45 W/(m*-K) N/A

As is shown in the previous tables, the condenser capacity is predicted very well
by the model, but the refrigerant pressure drop is off by more than 50%, and the outlet
refrigerant conditions are erroneous. This shows that the condenser model will do a good
job of predicting the heat transfer of the condenser, a poor job predicting the exact outlet
conditions of the refrigerant, and will be completely inaccurate for predicting the
refrigerant pressure drop. Once again, the uncertainty of the two-phase pressure drop
correlation is large because of the inherent difficulties in predicting the two-phase flow
patterns. Additionally, since approximations were made for the external geometry, the
air-side pressure drop correlations are unlikely to be very accurate. Considering that the
air-side pressure drop was not measured experimentally, and the model prediction of the
air-side pressure drop is likely inaccurate, the air-side pressure drop will not be
considered in any of the analysis. The differences in the outlet conditions can be
explained in part by the small differences in condenser capacity, since the degree of
subcooling is especially sensitive to small changes in capacity because it is in the single
phase heat transfer region. Since the condenser capacity is predicted within 5% of the

experimental value, the model is considered to be validated for heat transfer calculations.
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3.2. VapCyc

The VapCyc software package is a GUI-based modeling software which executes
a steady-state thermodynamic simulation for a component-by-component model. For the
compressor component, calculations are performed using fundamental heat and mass
transfer equations. In the case of capillary tube suction line heat exchangers (SLHXSs), a
segment-by-segment approach is used for calculations based on fundamental heat-
transfer and mass-transfer equations. For the heat exchanger components, VapCyc calls
another software package, CoilDesigner, which makes heat exchanger calculations based
on pressure drop and heat transfer correlations for both the air- and refrigerant-sides, as
discussed previously. The VapCyc model uses the component models, a fixed discharge
pressure based on experimental results, and initial guesses for the discharge and suction

pressures in order to iteratively solve the model until convergence to a stated residual.

3.2.1. Experimental Validation of R134a Baseline Model

The compressor and capillary tube SLHX models require the input of all of the
basic specifications in order to execute physics-based models. The input specifications
for the capillary tube SLHX are shown in Table 17, and the specifications for the
compressor are: a displacement of 6.9 cm?®, rotational speed of 3,000 RPM, isentropic
efficiency of 69%, and a mechanical efficiency of 85%. The volumetric compressor
efficiency was calculated for each test condition by dividing the experimentally measured
refrigerant mass flow rate by the ideal mass flow rate assuming 100% efficiency per
compression stroke. For the heat exchangers, VapCyc accesses the CoilDesigner software

package in order to make calculations for the heat exchanger models previously created.
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Table 17: VapCyc capillary tube SLHX model inputs

Parameter Units Value
Capillary Tube Inner Diameter mm 0.8
Capillary Tube Outer Diameter mm 1.4

Capillary Tube Length m 2.545
Adiabatic Entrance Length m 0.3

SLHX Length m 1.939
Suction Line Inner Diameter mm 6.0

Since the actual refrigerator-freezer transiently cycles the compressor on and off,
an approximation must be made when modeling the steady state performance. The
approximation of a quasi-steady-state point is used, as was presented previously and
shown in Figure 19. Since a quasi-steady-state point is used, the transient nature of the
compressor cooling must be taken into account in order to achieve the correct compressor
discharge temperature, and subsequently the correct condenser outlet conditions. In order
to account for the compressor cooling, a constant heat rejection load is inserted in the
cycle diagram after the compressor. This component removes a constant amount of heat
dictated by the compressor cooling for the chosen experimental quasi-steady-state point.
As was stated previously, the compressor cooling was estimated using a simple energy
balance where the heat input to the refrigerant across the compressor was subtracted from
the electrical power input to the compressor, less the power that was lost due to
compressor motor efficiency. The VapCyc model assumes that the 15% loss from the
motor efficiency doesn’t contribute to the work being done on the refrigerant. A

schematic of the system model created within VapCyc is shown in Figure 22.
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Figure 22: VapCyc model schematic

The VapCyc model was executed for the inputs mentioned previously using a
quasi-steady-state data point at an ambient temperature of 32.2°C and thermostat settings
of “warmest.” The convergence criteria for the cycle model was the discharge pressure,
which was set to match the experimental discharge pressure of 1,095.4 kPa for the given
test conditions. Using the experimental data point, the compressor volumetric efficiency
was calculated to be 63.9%, and the compressor cooling was calculated to be 78.4 W.
The results of the R134a baseline model are compared with the experimental R134a
baseline data for several important criteria including the mass flow rate, suction pressure,
compressor power, and evaporator capacity. The tabulated results can be seen in Table

18.
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Table 18: VapCyc R134a baseline modeling results (Tamp = 32.2°C, “warmest™)

Variable Units Explgrllézgntal Vl_jfsc?;c Difference
Mass Flow Rate /s 1.17 1.21 3.4% increase
Suction Pressure kPa 128.3 124.2 3.2% decrease

Compressor Power W 118.4 109.7 7.3% decrease
Evaporator Capacity w 202.6 182.5 9.9% decrease
COP - 1.71 1.66 2.9% decrease

The results of the R134a baseline model match the given experimental quasi-
steady-state point within 10% for several important criteria including the suction
pressure, compressor power, COP, and mass flow rate. It is seen that the evaporator
capacity has the largest difference between the model and the experimental data at 9.9%,
but this may be attributable to a variety of factors including the fact that the capillary tube
inner diameter is a nominal value instead of a measured value. Error in the capillary tube
inner diameter can lead to inaccurate prediction of the pressure drop during the expansion
process, which is seen to be 3.2% lower in the model. For a given mass flow rate and
capillary tube inlet enthalpy, a lower evaporation pressure is going to result in a higher
vapor quality at the evaporator inlet. A higher vapor quality at the evaporator inlet will
then lead to a lower evaporator capacity. Another potential source of inaccuracy is that
the system is being considered to be in steady-state operation, when in reality it is a point
chosen from a relatively stable portion of the transient cycle.

In order to better analyze the differences between the experimental data and the
VapCyc model, the thermodynamic state points of the system should be considered. To
simplify the visualization of the system state points, a P-h diagram was created. The P-h
diagram is shown in Figure 23, with the experimental cycle shown in red and the VapCyc

model shown in green. All of the numbered state points correspond to the state points
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shown in the system schematic in Figure 5. The point labeled “Comp Out” is the
theoretical compressor discharge temperature calculated in VapCyc before applying the

compressor cooling to return to the experimental conditions of state point 1.
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Figure 23: P-h diagram comparing experimental data and VapCyc model (Tamp =
32.2°C, “warmest”)

The P-h diagram comparison highlights the fact that the capillary tube SLHX
model doesn’t match well with the experimental data. It can be seen that the
expansion/heat exchange process from state point 3 to state point 4 is very different
between the experimental and VapCyc model results. When calculated, it was found that
the experimental SLHX capacity was 44.8 W, while the VapCyc SLHX capacity was
only 26.2 W. This difference in SLHX capacity causes an increase from the experimental
evaporator inlet vapor quality of 0.20, to the VapCyc value of 0.32. This difference in
evaporator inlet vapor quality explains the error in the evaporator capacity prediction. In

order to account for the inaccuracy of the SLHX heat transfer model in VapCyc, a
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correction factor for the SLHX heat transfer was implemented such that the SLHX
capacities and suction temperatures would more closely match. The heat transfer of the
SLHX is mostly limited by the thermal resistance of the vapor-side heat transfer. The
contribution to the thermal resistance by the metal conduction, liquid refrigerant heat
transfer, and two-phase boiling heat transfer are minimal. In order to reduce
computational time, VapCyc assumes that the overall heat transfer is equal to the vapor-
side heat transfer [25]. The correction factor is a constant multiplier to this heat transfer
coefficient as shown in Equation (7).

Usiux = C1 * HTCyqp (7
Where:

Ug,ux = overall heat transfer coefficient of SLHX [W/m?-K]

C1 = SLHX heat transfer correction factor

HTC,q, = convective heat transfer coefficient of vapor side of SLHX as

calculated using the Gnielinski correlation [W/m?-K]

It was found that a SLHX heat transfer correction factor of 4.0 was adequate. The
results of the corrected model for an ambient temperature of 32.2°C and thermostat
settings of “warmest” are shown in Table 19.

Table 19: VapCyc R134a baseline modeling results, with SLHX heat transfer
correction factor (Tamp = 32.2°C, “warmest™)

Variable Units Explgrll?r’r;:ntal VSf?Sl);C Difference
Mass Flow Rate g/s 1.17 1.20 2.6% increase
Suction Pressure kPa 128.3 129.5 0.9% increase
SLHX Capacity W 44.8 42.5 5.1% decrease

Compressor Power W 118.4 112.1 5.3% decrease
Evaporator Capacity W 202.6 190.7 5.9% decrease
COP - 1.71 1.70 0.6% decrease
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The results of the VapCyc model when using a correction factor of 4.0 for the
SLHX heat transfer match much better than the first iteration of the model. It is seen that
all of the relevant modeling results match within 6% of the experimental values. It is also
seen that the thermodynamic cycles match much more closely on a P-h diagram because
of the correction of the SLHX heat transfer. The updated P-h diagram is shown in Figure
24, with the experimental cycle shown in red and the VapCyc model shown in green. The
slight difference in the discharge temperature at state point 1 between the VapCyc model
and the experimental data can be attributed to the slight 5.3% decrease in compressor
power. A lower compressor power input results in a decreased discharge temperature

when the compressor cooling remains constant.
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Figure 24: P-h diagram comparing experimental data and VapCyc model, with
SLHX heat transfer correction factor (Tamp = 32.2°C, “warmest”)

For further validation, the VapCyc model was executed for another quasi-steady-

state data point at an ambient temperature of 32.2°C and thermostat settings of “middle.”
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The convergence criteria for the cycle model was the discharge pressure, which was set
to match the experimental discharge pressure of 1,062.4 kPa for the given test conditions.
Using the experimental data point, the compressor volumetric efficiency was calculated
to be 60.9%, and the compressor cooling load was calculated to be 76.1 W. The results of
the R134a baseline model are compared with the experimental R134a baseline data for
several important criteria including the mass flow rate, suction pressure, SLHX capacity,
compressor power, and evaporator capacity. The tabulated results can be seen in Table
20.

Table 20: VapCyc R134a baseline modeling results (Tamp = 32.2°C, “middle”)

. .. | Experimental | VapCyc .

Variable Units pR134a Rf34)z:1 Difference
Mass Flow Rate /s 1.07 1.08 0.9% increase
Suction Pressure kPa 123.1 121.9 1.0% decrease
SLHX Capacity W 42.4 39.1 7.8% decrease

Compressor Power W 114.0 102.2 10.4% decrease
Evaporator Capacity W 186.9 169.1 9.5% decrease
COP - 1.64 1.65 0.6% increase

The results of the R134a baseline model match the given experimental quasi-
steady-state point within 11% for several important criteria including the mass flow rate,
suction pressure, SLHX capacity, compressor power, and evaporator capacity. It is seen
that the compressor power has the largest difference between the model and the
experimental data at 10.4%. Once again the thermodynamic cycles match closely on a P-
h diagram when implementing a SLHX heat transfer correction factor. The P-h diagram
for the “middle” thermostat settings at an ambient temperature of 32.2°C is shown in
Figure 25, with the experimental cycle shown in red and the VapCyc model shown in

green.

58



T ‘ ‘ m

2,3
3
107} . 40°C
i //
©
o ,//
~ // / 12.7°C
o /
/
7
/ 7.8°C
/]
e ———
10%}
5x10°"

50 100 150 200
h [kJ/kg]

Figure 25: P-h diagram comparing experimental data and VapCyc model, with
SLHX heat transfer correction factor (Tamp = 32.2°C, “middle”)

In summary, the experimental results of the DOE test conditions of “warmest”
thermostat settings and an ambient temperature of 32.2°C were predicted to within 6%
using the VapCyc model, and for the conditions of “middle” thermostat settings and an
ambient temperature of 32.2°C, the results were within 11%. This outcome validates that
the model can represent the behavior of the system, but that the compressor power and
evaporator capacity have only ~10% accuracy. This accuracy is deemed acceptable for
utilizing the model to explore general system behavior trends when implementing

alternative refrigerants.

3.2.2. R1234yf Drop-in Replacement Simulation

The next step in the VapCyc modeling process was to analyze the performance of
the system when R1234yf is used as a direct drop-in replacement for R134a without any

modification to the system. This means that the R1234yf simulations occur with the same
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inputs and under the same conditions as the R134a simulations, including the SLHX heat
transfer correction factor. The results of the R1234yf simulation are compared with the
R134a baseline simulation results for an ambient temperature of 32.2°C and “warmest”
thermostat settings in Table 21.

Table 21: VapCyc simulation comparison between R134a baseline and R1234yf
drop-in (Tamp = 32.2°C, “warmest”)

Variable Units sts(i);c Xig;%ﬁ Difference
MFR als 1.20 1.43 19.2% increase
Suction Pressure kPa 129.5 138.0 6.6% increase
SLHX Capacity wW 42.5 52.5 23.5% increase
Compressor Power W 112.1 112.3 0.2% increase
Evaporator Capacity W 190.7 188.6 1.1% decrease
COP - 1.70 1.68 1.2% decrease

The results for the R1234yf drop-in simulation show an increase in the suction
pressure of 6.6%. With the increased suction pressure and the fact that the vapor density
of R1234yf is higher than R134a, the result is a drastic increase in the mass flow rate of
19.2%. This result shows that the capillary tube expansion device needs to be modified to
reduce the evaporation pressure and decrease the mass flow rate in order to more closely
match the R134a system performance. Another factor which possibly affects the capillary
tube expansion device performance is that the liquid viscosity of R1234yf is 17.8% lower
than that of R134a at the inlet to the capillary tube [8], which would indicate less pressure
drop per unit length of capillary tubing. The results also show that the compressor power
increases 0.2% and the evaporator capacity decreases 1.1% when R1234yf is substituted
for R134a. The slight increase in compressor power and slight decrease in evaporator
capacity resulted in a 1.2% decrease in the system efficiency. The fundamental structure

of the thermodynamic cycle is similar for the two refrigerant simulations in terms of
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cycle state point locations relative to the two-phase dome. The P-h diagrams can be used
to compare the two refrigerant cycles, the R134a cycle was shown previously in Figure

24, and the R1234yf cycle is shown in Figure 26.
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Figure 26: P-h diagram of R1234yf VapCyc model (T ymp = 32.2°C, “middle”)

The VapCyc model was also executed for the R1234yf direct drop-in replacement
of R134a at an ambient temperature of 32.2°C and “middle” thermostat settings. The
results of the comparison are shown in Table 22.

Table 22: VapCyc simulation comparison between R134a baseline and R1234yf
drop-in (Tamp = 32.2°C, “middle”)

. . VapCyc VapCyc .

Variable Units Rf34)r:1 ng?)%//f Difference
Mass Flow Rate a/s 1.08 1.28 18.5% increase
Suction Pressure kPa 121.9 129.4 6.2% increase
SLHX Capacity W 39.1 48.0 22.8% increase

Compressor Power W 102.2 102.3 0.1% increase
Evaporator Capacity W 169.1 166.8 1.4% decrease
COP - 1.65 1.63 1.2% decrease
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The R1234yf drop-in simulation at an ambient temperature of 32.2°C and
“middle” thermostat settings shows similar results to the previous simulation at the
“warmest” thermostat settings. There is an increase in the suction pressure, which
increases the refrigerant mass flow rate. Once again the results also show that the
compressor power increases slightly and the evaporator capacity decreases slightly,
resulting in a decrease in system efficiency of 1.2%.

The decreased efficiency and capacity of the cycle would mean that the on-cycle
time during transient operation would slightly increase for fixed thermostat temperatures.
Overall the results demonstrate that R1234yf would be an acceptable low GWP direct

drop-in replacement for R134a, with only a slight decrease in efficiency.

3.2.3. Alternative Low GWP Refrigerant Simulations

A simulation study was conducted in order to determine the performance of the
refrigerator-freezer system when using alternative low GWP drop-in replacements for the
original R134a refrigerant. VapCyc was used to investigate the system performance when
the alterative refrigerants R1234yf and R1234ze were used to replace R134a.
Additionally, a parametric study was performed in order to determine the system
performance when using various mixture fractions of R134a/R1234yf as lower GWP and
potentially non-flammable replacements for R134a and R1234yf, respectively. In the
previous experimental set-up and associated VapCyc model, a capillary tube SLHX was
used as the expansion device. When making drop-in replacements for the refrigerants,
one of the main issues is that the expansion device will need modification in order to

achieve the maximum potential performance. As was shown previously, that would entail
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the optimization of the capillary tube specifications in order to maximize the system
energy efficiency when using each refrigerant.

In order to simplify the performance analysis of the various refrigerants, the
optimization process of the capillary tube dimensions for each refrigerant was avoided.
Instead of having a capillary tube SLHX component, the expansion valve component was
turned into a “dummy valve” and the VapCyc model solved for a fixed evaporator outlet
superheat and condenser outlet subcooling for each case. This change also meant that the
VapCyc model no longer required a fixed discharge pressure as an input. This difference
is important because different refrigerants and refrigerant mixtures have slightly different
saturation temperatures, which affects the condensation and evaporation pressures. The
fixed values of superheating and subcooling were chosen as 5 K and 2 K, respectively.
The evaporator superheat value was selected to reflect how a vapor compression system
could be designed to ensure that a thermostatic expansion valve would sense enough
superheat to operate properly and to ensure that the compressor wouldn’t receive any
potentially damaging liquid droplets. The condenser subcooling value was selected to
ensure that the refrigerant at the inlet to the expansion device was fully liquid to prevent
vapor bubbles from causing adverse conditions such as vapor block of the expansion
valve.

The CoilDesigner models for the condenser and evaporator heat exchangers that
were experimentally validated previously were retained for the alternative refrigerant
evaluation. The compressor component model attributes were also retained at the same
values as those used during the VapCyc model validation, with an increase in the

compressor speed to a standard value of 3,600 RPM. As stated before, the capillary tube
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SLHX component was replaced with a dummy-valve and instead the VapCyc model
solved for the fixed evaporator superheat and condenser subcooling values.

The first part of the simulation study was to compare the performance of the
simplified model when using the baseline R134a refrigerant to the GAR options of
R1234yf and R1234ze. The simulation results of this refrigerant comparison are shown
for several important parameters in Table 23.

Table 23: VapCyc simulation result comparison for R134a, R1234yf, and R1234ze

Variable Units R134a R1234yf | R1234ze
COP - 1.604 1.461 1.731
Compressor Power W 121.3 124.9 88.2
Evaporator Capacity W 194.5 182.5 152.7
Mass Flow Rate /s 151 1.96 1.28
Discharge Pressure kPa 1,196.0 1,203.6 851.0
Suction Pressure kPa 132.6 153.3 102.0
Evaporator Inlet Quality - 0.407 0.485 0.404

It is shown in Table 23 that the system performance varies moderately between
the three refrigerants. When taking R134a as the baseline case, it is seen that R1234yf has
a 3.0% increase in compressor power and a 6.2% decrease in evaporator capacity,
resulting in an 8.9% reduction in COP. When comparing R134a with R1234ze, it is seen
that the compressor power decreases by 27.3% and the evaporator capacity decreases by
21.5%, resulting in a 7.9% increase in COP. When comparing these results, it is apparent
that the model predicts that R1234yf will result in a moderate decrease in efficiency when
compared with R134a, whereas R1234ze will result in a moderate increase in COP.
Although R1234ze appears promising from an efficiency stand point, it is important to
note that when compared with R134a the evaporator capacity is significantly lower. Due

to the lower evaporator capacity, the effectiveness of R1234ze as a drop-in replacement
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for R134a is limited. In the case of R1234ze, it is likely that the system would need to be
redesigned with a compressor capable of a larger volumetric flow rate in order to have a
comparable evaporator capacity to R134a. Although the model shows that the system
efficiency decreases when using R1234yf as a replacement for R134a, it is seen that the
evaporator capacity is within 6.2%. Another item of note is that the R1234yf vapor
quality at the evaporator inlet is significantly higher than that of R134a, a 19.2% increase.
This shows that a significant portion of the refrigerant at the inlet to the evaporator is
vapor, which provides only a minor portion of the cooling capacity. The significance of
this finding is that among the three refrigerants, R1234yf may have the largest potential
for efficiency improvement if a SLHX is implemented in the cycle. The effect of the
SLHX is further proved in the previous direct drop-in analysis where the system
efficiency of R1234yf was only about 1.2% lower than R134a.

The second part of the simulation study was to investigate the performance of the
system when using a variety of mixture fractions of R134a and R1234yf as drop-in
replacements for R134a. The results of a parametric study from pure R134a (fraction of
0) to pure R1234yf (fraction of 1) are shown graphically in Figure 27 through Figure 32
for several important parameters as functions of the fraction of R1234yf in R134a on a
mass basis. The plotted values include the system COP, heat exchanger capacities,
compressor power, mass flow rate, suction and discharge pressures, evaporator inlet
quality, and heat exchanger pressure drops. The performance changes relative to the
baseline R134a case are shown on a single graph in Figure 33 for several of the most
important parameters including the COP, evaporator capacity, compressor power, suction

pressure, discharge pressure, mass flow rate, and evaporator inlet vapor quality.
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Figure 27: VapCyc results for COP as a function of the fraction of R1234yf in an
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Figure 28: VapCyc results for power and capacities as functions of the fraction of

R1234yf in an R134a/R1234yf mixture
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Figure 29: VapCyc results for refrigerant mass flow rate as a function of the
fraction of R1234yf in an R134a/R1234yf mixture
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Figure 30: VapCyc results for pressures as functions of the fraction of R1234yf in an
R134a/R1234yf mixture
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Figure 31: VapCyc results for evaporator inlet vapor quality as a function of the
fraction of R1234yf in an R134a/R1234yf mixture
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Figure 32: VapCyc results for heat exchanger pressure drops as functions of the
fraction of R1234yf in an R134a/R1234yf mixture
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Figure 33: Selection of VapCyc results relative to R134a baseline as functions of the

fraction of R1234yf in an R134a/R1234yf mixture

In the graphs from Figure 27 through Figure 32 the actual values are shown for

each of the key variables as functions of the R134a/R1234yf mixture fraction, but what is
more interesting for comparison purposes is Figure 33. In Figure 33, all of the important
variables are plotted relative to the R134a baseline, which gives a clear visual indication
of the effects that increasing the R1234yf fraction has on system performance. The main
reason behind the variable system performance for the different mixture fractions is the
changing saturation pressures. The changing suction pressure is closely linked with the
mass flow rate, because increasing the suction pressure causes the suction density to
increase, which increases the mass flow rate. The mass flow rate is also increased as the
R1234yf mass fraction is increased because the density of R1234yf vapor is higher than

R134a vapor at the given suction conditions. The increasing mass flow rate is in turn
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responsible in part for the increasing compressor power consumption. The main reason
that the evaporator capacity initially increases as R1234yf is added to the mixture is
because of the increased mass flow rate. After an R1234yf fraction of approximately 0.4,
the evaporator capacity begins to decrease because of the increasing evaporator inlet
vapor quality. This increasing trend of evaporator inlet vapor quality can be attributed in
part to the increasing discharge pressure, which results in a higher enthalpy at the
expansion valve inlet. This increasing trend of evaporator inlet vapor quality also
indicates that as the fraction of R1234yf is increased, the benefit of adding a SLHX to the
system would also likely increase.

When evaluating the system performance, the first parameter that is analyzed is
the COP because the energy efficiency of the system is of paramount significance in the
decision of which refrigerant mixture ratio to use. The graph shows that as the fraction of
R1234yf increases, the COP of the system decreases until a fraction of approximately 0.7,
at which point it begins to increase. This trend is important because it shows that
although the COP of pure R1234yf is lower than R134a by 8.9%, for R1234yf fractions
between 0.4 and 1.0, the COP is lower than either pure R134a or pure R1234yf. The other
significance of an R1234yf fraction of 0.4 is that it is approximately the point at which
the evaporator capacity is at a maximum. Beyond an R1234yf fraction of 0.4, the
evaporator capacity decreases as the fraction of R1234yf increases until it hits a
minimum at pure R1234yf, which is 6.2% lower than the R134a baseline. These
characteristics make an R1234yf fraction of 0.4 an interesting mixture to consider when

balancing the various trade-offs.
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Two extremely important characteristics of the different mass fractions of
R1234yf in R134a/R1234yf mixtures are the flammability and the GWP rating. In the
available scientific literature the flammability and GWP of both pure R134a and pure
R1234yf have been tested, but these characteristics haven’t been demonstrated for a
range of R134a/R1234yf mixtures. The results of these tests would be important for two
reasons: they would identify the mixture ratio at which the transition occurs for the
refrigerant flammability classification from ASHRAE Class 1 to Class 2L, and they
would identify the mixture ratio thresholds for the different legislative GWP barriers,
such as the European Union’s introduction of a MAC regulation of 150. This information
has the potential to be extremely useful if it is found that there exists a mixture fraction
which satisfies the Class 1 flammability requirements while also meeting a GWP

restriction such as the European Union regulation.

3.3. TransRef

TransRef is a CEEE software package that simulates the transient performance of
a vapor compression cycle. It also has the capability of implementing a cabinet model
that takes into account the geometry and properties of the insulated refrigerator and
freezer compartments. The compressor and capillary tube SLHX models require the input
of all of the basic specifications in order to execute physics-based models. The capillary
tube model is actually a correlation based model that was developed by the CEEE during
the creation of the software package from data calculated using segmented physics-based
simulations [26]. This correlation was developed in order to reduce the calculation time
of the simulations. For the heat exchanger models, TransRef utilizes a lumped physics-

based modeling approach which requires the basic specifications of the heat exchangers

71



including the average heat transfer coefficients for both the air side and each of the
refrigerant phases.

For transient simulation several control algorithms can be selected. In the case of
the refrigerator-freezer, two control algorithms were utilized. The first algorithm
controlled the compressor state (on/off) based on the average air temperature inside the
freezer cabinet, which means that it acted as a thermostat control for the system based on
the freezer temperature. The second control algorithm controlled the air-side damper state
based on the average air temperature inside of the refrigerator cabinet. The damper state
toggled between circulating all of the evaporator air flow through the freezer cabinet or
splitting a fixed portion of the volumetric air flow for circulation through the refrigerator
compartment. A schematic of the system model created within TransRef is shown in

Figure 34.
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Figure 34: TransRef model schematic
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3.3.1. Experimental VValidation of R134a Baseline Model

The basic inputs for the evaporator and condenser were either known, measured

directly, or calculated using CoilDesigner for a quasi-steady-state point at an ambient

temperature of 32.2°C and thermostat settings of “warmest.” The inputs for the

evaporator and condenser are shown in Table 24.

Table 24: TransRef inputs for condenser and evaporator models

Parameter Units Evaporator | Condenser
Total Internal Volume cm® 440.8 125.0
Total Surface Area m’ 2.37 1.39
Total Internal Surface Area m’ 0.269 0.147
Heat Exchanger Heat Capacity JIK 875.7 1361.6
Air-Side Heat Transfer Coefficient W/(m?-K) 27.4 45.0
Air-Side Heat Transfer Coefficient (Fan Off) | W/(m*-K) 5 12
Refrigerant-Side Heat Transfer Coefficient | W/(m’-K) 304.9 530.0
Volumetric Air Flow Rate m’/s 0.0211 0.028
Ambient Air Temperature °C N/A 32.2
Damper Fraction (open / closed) - 0.213/0 N/A

The inputs for the capillary tube SLHX model were known. The capillary tube

length was 2.545 m, the capillary tube inner diameter was 0.8 mm, and the SLHX length

Table 25: TransRef inputs for compressor model

was 1.939 m. The compressor inputs were known, and are shown in Table 25.

Parameter Units Value
Swept Volume cm’ 6.9
Clearance Volume cm’ 0.04
Shell Surface Area m’ 0.12
Surface Heat Transfer Coefficient W/(m*-K) 18
Heat Capacity JIK 2,600
Polytropic Constant - 1.05
Rotational Speed rev/min 3,000
Isentropic Efficiency - 0.69
Mechanical Efficiency - 0.85
Ambient Temperature °C 32.2

The cabinet model was created through a combination of known, measured, and
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compartments were then used so that the overall UA values would match the
experimentally measured values. The cabinet model input GUI is shown with all of the

specifications, units, and a schematic of their meaning in Figure 35.
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Figure 35: GUI of TransRef cabinet model with model specifications shown

For the control algorithm temperatures, the experimentally measured cut-in and
cut-out points were used. The cut-in temperature for the freezer cabinet is defined as the
warmest air temperature achieved in the freezer cabinet before the compressor is turned
on, and the cut-out temperature is the coldest temperature achieved before the compressor
is turned off. For the warmest thermostat settings, the freezer cabinet control algorithm
temperature bounds were -10.8°C and -16.8°C. For the damper control the cut-in

temperature is defined as the warmest air temperature achieved in the refrigerator cabinet
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before the damper is opened, and the cut-out temperature is the coldest temperature
achieved before the damper is closed. For the warmest thermostat settings, the
refrigerator cabinet control algorithm temperature bounds were 9.8°C and 8.7°C.

The model was executed for the inputs mentioned previously using R134a as the
refrigerant with an ambient temperature of 32.2°C and the thermostat settings at the
“warmest” values. Several of the relevant transient outputs are shown for six “steady”
cycles in the graphs of Figure 36 through Figure 39. The compressor powers, damper
setting, average cabinet temperatures, mass flow rates, and system pressures are

compared between the TransRef model and the experimental R134a baseline data.
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Figure 36: Compressor power and damper fraction - comparison between
experimental and TransRef baseline R134a results
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Figure 37: Average cabinet air temperatures - comparison between experimental
and TransRef baseline R134a results
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Figure 38: Refrigerant mass flow rate - comparison between experimental and
TransRef baseline R134a results
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Figure 39: Pressures - comparison between experimental and TransRef baseline
R134a results
It is apparent from the transient data that the cycle profiles match reasonably well,

though there is some discrepancy in the on and off cycle durations as well as the
compressor power, as shown in Figure 36. The experimental data and the TransRef
model exhibit similar transient responses for all of the variables when the damper is
abruptly closed and when the compressor is abruptly turned on and off. The average
cabinet air temperatures shown in Figure 37 match well between the experimental data
and the TransRef model, which indicates that the modeled thermostat controllers perform
reasonably well. The refrigerant mass flow rates match reasonably well between the
experimental data and the TransRef model, as shown in Figure 38. Finally, Figure 39

shows that there is some discrepancy between the compressor discharge and suction
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pressures, with the on-cycle values being higher and lower, respectively, for the TransRef
model.

In order to make quantifiable comparisons between the TransRef model results
and the baseline experimental data, some of the key parameters are tabulated in Table 26.
Average on-cycle values are given for parameters other than the cycle duration
information and yearly energy consumption.

Table 26: Average on-cycle results — comparison between experimental and
TransRef baseline R134a results

. . Experimental | TransRef .

Variable Units IOR 1342 R134a Difference
On-Cycle Duration min 31.7 35.1 10.7% increase
Off-Cycle Duration min 27.0 29.8 10.4% increase
On-Cycle Fraction % 54.0 54.1 0.2% increase
Compressor Power W 114.0 127.7 12.0% increase

Refrigerant Mass Flow Rate g/s 1.12 1.15 2.7% increase
Discharge Pressure kPa 1,066.9 1,146.3 7.4% increase
Suction Pressure kPa 119.4 82.1 31.0% decrease
Evaporation Temperature °C -22.4 -30.6 8.2 K decrease
Pressure Ratio - 8.9 14.0 57.3% increase
SLHX Capacity W 45.0 17.7 60.7% decrease
Yearly Energy Consumption
(compressor only, without kWh/year 536.0 604.8 12.8% increase
defrost)

The average on-cycle data shows that the TransRef model under-estimates the
evaporator capacity, which is indicated by the 10.7% increase in on-cycle duration. This
is likely due to the fact that the pressure ratio increased by 57.3% and the SLHX capacity
decreased by 60.7%. This indicates that the capillary tube SLHX model has difficulty
predicting both pressure drop and heat transfer. The capillary tube model over-predicts
the pressure drop, which leads to a significantly reduced suction pressure and a slightly
increased discharge pressure. The reduced suction pressure and increased discharge

pressure result in the significantly increased pressure ratio as noted previously. The
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increased pressure ratio means that the compressor must do more work to compress the
refrigerant, which causes a 12.0% increase in the compressor power. When considering
the cycle on a P-h diagram, increased discharge pressure would lead to a higher enthalpy
at the capillary tube inlet. The increased capillary tube inlet enthalpy and reduced suction
pressure would result in a higher evaporator inlet vapor quality, which contributes to the
decreased evaporator capacity. The evaporator inlet vapor quality would also be
increased in the simulation because of the 60.7% decrease in SLHX capacity, leading to
further reduction in the evaporator capacity. The decrease in SLHX capacity is likely due
to an error in the calculation of the SLHX effectiveness.

The average off-cycle duration increase of 10.4% indicates that there is a
moderate error in the cabinet model. Since the cabinet model implemented correction
factors to reach the overall heat transfer coefficients which were measured
experimentally, it is apparent that there is heat gain in the test facility that is unaccounted
for in the model. The likely sources of this additional heat gain are threefold. The first
and likely most significant source is the capillary tubing which leads from the evaporator
compartment to the ambient surroundings in order to measure the evaporation pressure.
Although the capillary tube was insulated and had theoretically no refrigerant flow, the
high conductivity of the copper tubing and the ~50 K temperature difference between the
evaporation and ambient air temperatures meant that there was some heat transfer. A
second source of heat gain could potentially be the instrumentation wires that exited the
cabinets under the door seals, but the insulation shown in Figure 4 should have minimize
it. The last potential source of heat gain could be the drain pain opening from the

evaporator compartment. During the reverse heat leak test the temperature of the air in

79



the freezer cabinet was above the ambient air temperature, so buoyancy effects would
minimize air flow through the hole at the bottom of the pan, which means that the air leak
contribution of the drain pan opening wouldn’t appear in the reverse heat leak testing.
During experimentation the air temperature in the evaporator compartment was lower
than the ambient air temperature, and therefore the buoyancy effects would tend to leak
the colder, denser air from the drain hole at the bottom of the evaporator compartment,
leading to additional heat loss.

Although the model has some short comings when predicting the system
behavior, the results for the yearly energy consumption are within 12.8% of the
experimental case. The difference in the yearly energy consumption is mostly due to the
under-prediction of the evaporator capacity. The under-prediction of the evaporation
capacity becomes especially apparent when considering that the heat load of the cabinet
is also under-predicted. The inaccuracies present in this model indicate that the capillary
tube SLHX model needs improvement as highlighted earlier. The moderate overall
accuracy of this TransRef model indicates that it can be used to show general transient
system performance trends when replacing the refrigerant with a drop-in substitute, but it
should be noted that the absolute performance results have limited, though acceptable,

accuracy.

3.3.2. R1234yf Drop-in Replacement Simulation

After validating the TransRef model for the R134a baseline case using
experimental data, simulations using R1234yf as a direct drop-in replacement were
performed. For the R1234yf direct drop-in simulation, all of the component models and

control algorithms remained the same as the baseline R134a model in order to simulate

80



the expected response of the system when changing refrigerants. Once again, the DOE
test standard conditions were used with an ambient temperature of 32.2°C and the
“warmest” thermostat settings. Several of the relevant transient outputs are shown for six
“steady” cycles in the graphs of Figure 40 through Figure 44. The compressor powers,
damper setting, average cabinet temperatures, mass flow rates, system pressures, and
superheat/subcooling values are compared between the TransRef baseline R134a model

and the TransRef R1234yf direct drop-in model.
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Figure 40: Compressor power and damper fractions - comparison between
TransRef baseline R134a and drop-in R1234yf results
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Figure 41: Average cabinet air temperatures - comparison between TransRef
baseline R134a and drop-in R1234yf results
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Figure 42: Refrigerant mass flow rates - comparison between TransRef baseline
R134a and drop-in R1234yf results
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Figure 43: Pressures - comparison between TransRef baseline R134a and drop-in
R1234yf results
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Figure 44: Subcooling and superheat - comparison between TransRef baseline
R134a and drop-in R1234yf results
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It is apparent from the transient data shown in Figure 40 that the off-cycle
duration is nearly the same between the R134a baseline simulation and the R1234yf
drop-in simulation, as would be expected since the cabinet model remains the same. The
data also shows that the on-cycle duration is less in the R1234yf case, though the
compressor power consumption is greater. This result indicates that the R1234yf cycle
has more evaporator capacity than the R134a cycle. The greater evaporator capacity is
also supported by the increased refrigerant mass flow rate as shown in Figure 42. The
transient response characteristics of the R1234yf drop-in simulation are nearly identical
to the R134a baseline when the damper and compressor powers are toggled.

Figure 41 shows that other than the difference in on-cycle duration, the average
cabinet air temperature profiles are approximately the same, indicating that the thermostat
controls are working as intended. The R1234yf drop-in simulation also predicts that both
the discharge and suction pressures will be slightly higher than the R134a baseline case,
as shown in Figure 43. Finally, Figure 44 indicates that the condenser outlet subcooling
will be higher, and the evaporator and suction superheats will be lower in the R1234yf
case as compared with the R134a baseline case.

In order to make quantifiable comparisons between the TransRef R134a model
results and the TransRef R1234yf drop-in simulation, some of the key parameters are
tabulated in Table 27. Average on-cycle values are given for parameters other than the

cycle duration information and yearly energy consumption.
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Table 27: Average on-cycle results — comparison between TransRef baseline R134a

and drop-in R1234yf results

. . TransRef | TransRef .

Variable Units R134a R1234yf Difference
On-Cycle Duration min 35.1 29.2 16.8% decrease
Off-Cycle Duration min 29.8 28.6 4.0% decrease
On-Cycle Fraction % 54.1 50.5 6.7% decrease
Compressor Power W 127.7 139.2 9.0% increase

Refrigerant Mass Flow Rate als 1.15 1.58 37.4% increase

Discharge Pressure kPa 1,146.3 1,199.7 4.7% increase

Suction Pressure kPa 82.1 96.6 17.7% increase
Evaporation Temperature °C -30.6 -30.6 ~0K

Pressure Ratio - 14.0 12.4 11.4% decrease

SLHX Capacity W 17.7 19.6 10.7% increase

Yearly Energy Consumption | \\vrvear | 604.8 616.3 | 1.9% increase

(compressor only, without defrost)

From the TransRef comparison between the R134a baseline simulation and

R1234yf drop-in simulation, it is apparent that the performance is similar, though there

are some distinct differences. The compressor power is slightly increased by 9.0%, which
is due to an increased vapor density at the compressor suction port and subsequently an
increased volumetric refrigerant flow rate. The increased vapor density at the suction port
is the result of two factors. The first factor is that the vapor density of R1234yf is higher
than R134a, and the second is that the suction pressure is predicted to increase by 17.7%.
The increased volumetric refrigerant flow rate is the main reason for the significantly
increased refrigerant mass flow rate, with the R1234yf simulation being 37.4% higher
than the R134a case. The evaporator capacity of the R1234yf drop-in is also strongly
increased, which is indicated by the decrease in on-cycle duration of 16.8%. The
evaporator capacity increase can mostly be attributed to the increased refrigerant mass
flow rate as well as the 10.7% increase in SLHX capacity. The increase in SLHX
capacity results in an increase in evaporator capacity because the vapor quality at the

evaporator inlet is reduced.
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The most important result of the comparison is that the yearly compressor energy
consumption of the transient cycle is increased by only a slight 1.9% when replacing
R134a with R1234yf. This slight difference in yearly energy consumption indicates that
if the capillary tube SLHX is optimized for R1234yf, it may be possible to match or even
exceed the performance of R134a. It is also important to note that if R1234yf is used as a
direct drop-in, the system will perform adequately without modification to any of the

R134a baseline components, and the system pressures will stay within acceptable limits.
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4. Conclusions

A test facility was constructed in order to evaluate the performance of a
household refrigerator-freezer which used the refrigerant HFC-134a as a working fluid.
The test facility included instrumentation to measure all of the thermodynamic properties
relevant to the system performance. The DOE testing standard to evaluate household
refrigerator-freezer energy consumption was used to evaluate the transient performance
of the system on a yearly basis. Transient cyclic data was collected and used to determine
the yearly energy consumption of the system, which was found to be 607.6+1.9
kWh/year, which was within 8% of the manufacturer’s rating of 563 kWh/year. The 8%
difference can be attributed to the modifications made to the system for testing purposes.

The R134a baseline experimental data was then used to validate both steady-state
and transient models for the system components as well as the entire system. The
transient data consisted of six on and off cycles of the system during the DOE tests, and
the steady-state data was collected during a short, relatively stable portion of testing
referred to as a quasi-steady-state point. The software packages CoilDesigner and
VapCyc were used to model steady-state system and component behavior, while the
software package TransRef was used to model transient system behavior.

When validated with the experimental R134a data, the computer software models
were shown to match the actual system performance within acceptable margins. For all of
the tested cases, the CoilDesigner models matched the heat transfer characteristics of the
evaporator and condenser heat exchangers to within 2.5%, an excellent result.
Considering that the refrigerant two-phase heat transfer correlations have relatively high

uncertainties, it was fortunate that the models matched so closely in the tested cases. The
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two-phase pressure drop predictions of the CoilDesigner models were in error by as much
as 30-70%, though this had little impact on the modeling results for VapCyc and
TransRef. Overall the CoilDesigner models and modeling results were validated for use
in the VapCyc and TransRef models.

The VapCyc model was shown to match most system properties to within 6% at
several different test conditions. There were a few system properties which reached as
high as an 11% error. The fundamental structure of the modeled cycle on a P-h diagram
was found to match well with the experimental results. Taking into consideration the
system uncertainties and the assumptions made, this was considered to be a good result
and therefore validated the model accuracy.

The TransRef model was found to match reasonably well with the experimental
data. The fundamental behavior of the transient cycles matched well. The main
discrepancies in the model were due to an inaccurate capillary tube SLHX model which
under-predicted the heat transfer and over-predicted the pressure drop. The model under-
predicted the suction pressure by 31.0% and the SLHX capacity by 60.7%. The rest of the
relevant system performance characteristics matched within 15%, a reasonable result for
transient simulations considering the capillary tube SLHX issues. The yearly energy
consumption of the compressor was found to be within 12.8% of the experimentally
measured value. The moderate overall accuracy of the TransRef model indicated that it
could be used to show general transient system performance trends but that the absolute
performance results have limited, though acceptable, accuracy.

Although there were some differences between the experimental and modeling

results in the computer models created, the results were useful for determining the
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general performance trends of the system when exploring alternative low GWP
refrigerant replacement options for R134a. The first and most relevant replacement
option for R134a for household refrigerator-freezers is HFO-1234yf. R1234yf was shown
to have favorable thermodynamic properties for use in a refrigeration cycle, and the
properties matched closely with R134a. The first step in the evaluation of R1234yf was to
determine if it could be used as a direct drop-in replacement for R134a without any
system modifications. Using VapCyc, it was found that R1234yf exhibited a 1.1%
decrease in evaporator capacity and a 1.2% decrease in system efficiency under steady-
state operating conditions. Using TransRef, it was found that the yearly energy
consumption of R1234yf would be 1.9% larger than R134a, indicating a slight decrease
in system efficiency.

Both the VapCyc and TransRef models indicated that the system had room for
performance improvement through the optimization of the capillary tube expansion
device, though the accuracy of the capillary tube models was questionable, especially in
the case of TransRef. Without system modifications, the two software platforms indicated
that a slight decrease in system efficiency would occur when replacing R134a with
R1234yf, but in both cases the difference was less than 2%. This indicates that R1234yf
is an excellent direct substitute for R134a, and that with minor system modifications it
has the potential to have system performance equal to, or exceeding, R134a.

In order to determine the viability of several potential alternative low GWP
substitutes for R134a without considering the expansion device performance or
optimization, a simplified model was created with VVapCyc. This simplified VapCyc

model removed the capillary tube SLHX and replaced it with a dummy valve. The
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convergence criteria for the cycle were then set to a condenser subcooling of 2 K and an
evaporator superheat of 5 K. The simplified VapCyc model was then utilized to
investigate the system performance when replacing R134a with R1234yf and R1234ze, as
well as with various mixtures of R134a with R1234yf.

It was found that R1234yf would serve as a suitable drop-in replacement for
R134a with a 6.2% lower evaporator capacity and 8.9% lower COP. The difference
between this result and the previous R1234yf drop-in case using a capillary tube SLHX
indicates that the inclusion of a SLHX has a stronger positive effect on the R1234yf cycle
then on the R134a cycle. It was also found that R1234ze would need modification to the
system in order to replace R134a, exhibiting a 21.5% lower evaporator capacity, but a
promising 7.9% higher COP. To work as a viable replacement for R134a, R1234ze would
require a larger compressor, which makes it a more expensive replacement option than
R1234yf.

Due to the flammability issues associated with R1234yf and the GWP issues of
R134a, a parametric study of mixtures with various mass fractions of R1234yf in R134a
was conducted. This study demonstrated that there are trade-offs in system performance
for the various mixtures due to changes in the saturation pressures. The most interesting
observations were that for R1234yf fractions between 0.4 and 1.0, the system
performance was degraded when compared with pure R1234yf, but that a fraction of 0.4
provided the same system COP as pure R1234yf while increasing the evaporator capacity
by 5.8% when compared with the R134a baseline. Most importantly, this study shows
that if experimentation can be performed to determine the flammability and GWP

characteristics of the various R134a/R1234yf mixtures, trade-off decisions could be made
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between system performance, flammability hazards, and environmental concerns. The
simulation results indicate that any mixture composition of R134a and R1234yf would
provide acceptable system performance as a drop-in R134a replacement, with the COP
remaining within 11% and the evaporator capacity remaining within 6.2% of the R134a
baseline for all mixture compositions.

Overall, the steady-state and transient models which were experimentally verified
using R134a indicated that R1234yf would serve as an excellent substitute for R134a as a
direct drop-in replacement in a household refrigerator-freezer. This conclusion is similar
to the results found in the literature for mobile air conditioners and medium temperature
refrigeration. The significantly lower GWP of R123yf when compared with R134a means
that using R1234yf as a replacement refrigerant will allow environmental regulations to
be met and environmental impact to be reduced. Additionally, it was shown that mixtures
of R134a and R1234yf could be used to create a fluid which has performance
characteristics similar to the pure fluids, but has the potential to have a lower

environmental impact than R134a and a lower flammability than R1234yf.
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5. Recommendations and Future Work

For future analysis using VapCyc and TransRef, it is recommended that new
correlations be implemented for the capillary tube SLHX models for heat transfer and
pressure drop in order to improve simulation accuracy. These correlations should be
tested and/or developed in conjunction with experimental work.

In order to validate the simulation work performed with R1234yf,
experimentation should be performed using R1234yf as a drop-in replacement for R134a.
The experimental work could also include capillary tube optimization to ensure that the
system is achieving its best possible performance. Additional fluids such as
R134a/R1234yf mixtures could also be evaluated as drop-in replacements using the same
experimental test facility.

Mixtures of various fractions of R1234yf in R134a should be tested for multiple
fluid properties. The properties to test would include some basic thermodynamic and
fluid dynamic properties, as well as the stability of the mixtures. It should also be
determined if the mixture components have any azeotropic points. Flammability testing
could also be performed in order to determine the minimum fraction of R134a required in
the mixture to qualify the fluid for non-flammable regulatory categories. Lastly, the GWP
of the various mixtures could be tested to determine how the GWP varies as a function of

mixture fraction.
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Appendix

DOE test standard “steady-state” cyclic data sets for an ambient temperature of
32.2°C and “middle” thermostat settings, an ambient temperature of 20°C and “warmest”
thermostat settings, and an ambient temperature of 20°C and “middle” thermostat
settings. The variables plotted include: system powers and average cabinet air
temperatures, in-stream temperatures, pressures, mass flow rates,

subcooling/superheating, and heat exchanger pressure drops.
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Figure 45: System powers and average cabinet air temperatures (experimental DOE
“steady-state” at Tamp = 32.2°C and “middle” thermostat)
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Figure 46: System powers and average cabinet air temperatures (experimental DOE
“steady-state” at Tayp = 20°C and “warmest” thermostat)
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Figure 47: System powers and average cabinet air temperatures (experimental DOE
“steady-state” at Tomp = 20°C and “middle” thermostat)
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Figure 48: In-stream temperatures (experimental DOE “steady-state” at Ty =
32.2°C and “middle” thermostat)
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Figure 49: In-stream temperatures (experimental DOE “steady-state” at Ty, =
20°C and “warmest” thermostat)
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Figure 50: In-stream temperatures (experimental DOE “steady-state” at Ty =
20°C and “middle” thermostat)

1200
1000 &
800

‘©

a

=

S 600

2 ——SP1 —~-SP2 - SP3

= —SP4 —SP5 —SP6
400
200
0

0 50 100 150 200 250 300 350 400 450
Time [min]

Figure 51: Pressures (experimental DOE “steady-state” at Ty, = 32.2°C and
“middle” thermostat)
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Figure 52: Pressures (experimental DOE “steady-state” at T,m, = 20°C and
“warmest” thermostat)

900

800

700

600

500

400 —SP1 ——SP2 —SP3 |
—SP4 —SP5 —SP6

Pressure [kPa]

300

200

===
100 |

0 50 100 150 200 250 300 350 400 450

Time [min]

Figure 53: Pressures (experimental DOE “steady-state” at T, = 20°C and
“middle” thermostat)
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Figure 54: Refrigerant mass flow rate (experimental DOE “steady-state” at Tamp =
32.2°C and “middle” thermostat)
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Figure 55: Refrigerant mass flow rate (experimental DOE “steady-state” at Ty, =
20°C and “warmest” thermostat)
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Figure 56: Refrigerant mass flow rate (experimental DOE “steady-state” at Tamp =
20°C and “middle” thermostat)

70

:: (/A\\{/A\'N/A\\/A\\{/A\-N{/f

40

30

——Condenser Subcooling
——Evaporator Superheat
20 ——Suction Superheat —
—Hot Pipe Subcooling

Temperature Difference [K]

10

0 50 100 150 200 250 300 350 400 450

Time [min]

Figure 57: Subcooling and superheat (experimental DOE “steady-state” at Tymp =
32.2°C and “middle” thermostat)
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Figure 58: Subcooling and superheat (experimental DOE “steady-state” at Tamp =
20°C and “warmest” thermostat)
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Figure 59: Subcooling and superheat (experimental DOE “steady-state” at Tymp =
20°C and “middle” thermostat)
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Figure 60: Heat exchanger pressure drops (experimental DOE “steady-state” at
Tamp = 32.2°C and “middle” thermostat)
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Figure 61: Heat exchanger pressure drops (experimental DOE “steady-state” at
Tamb = 20°C and “warmest” thermostat)
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Figure 62: Heat exchanger pressure drops (experimental DOE “steady-state” at
Tamb = 20°C and “middle” thermostat)
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