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Heat recovery using absorption chillers has notnbeeonomical for small scale
applications due to high capital requirements aeavig weight/volume as deterring
factors for its expanded use in waste heat-to-ngodipplications. Development of
advanced, high performance heat and mass exchaoggronents can significantly
improve the competitive edge of heat activated gdism cooling systems,
particularly with respect to weight reduction anges/olume of these systems. The
main contribution of this thesis is demonstratiéraamovel high performance micro-
grooved evaporator, as well as a solution heat ax@ér, for use in a small-scale
ammonia-water absorption cooling system. A comp@dtular evaporator was

developed which uses an innovative manifold/fluegd system combined with a



micro-grooved evaporator to realize substantiallyhér (4 to 5 fold) overall heat
transfer coefficient of the evaporator; while requg much less refrigerant charge per
ton of cooling, when compared to conventional stafethe art systems. The
experimentally measured heat transfer coefficieeported in this study are record
high, while pressure drops for the given capaai¢yraodest.

Additional contributions of the study included aalked numerical study of single-
stage absorption cycle with multiple cycle desigthancements to identify the
controlling system parameters. A single-phase nigalerstudy for manifold
microchannel design was carried out to understamel éffect of important
geometrical parameters in support of design aneldpment of the evaporator. The
tubular evaporator was successfully fabricated tsted to the system pressure of
500 psi on the refrigerant-side and was experinignevaluated with several
microgroove surface made of aluminum and nickedyall and also with different
flow header enhancements using R134a/water pairtiféoexperiments conducted,
the microchannel width was typically in the randge36-100 pm with a maximum
aspect ratio of 10. The refrigerant flow rate wasaed within 5-30 g/s and water flow
rate was varied within 150-600 ml/s obtaining witknge of cooling capacity
between 1- 5 kW for 2-12 °C LMTDs. The overall h&ainsfer coefficients greater
than 20,000 W/RK was obtained which is roughly 4-5 times higHeart state of art
for given application. A maximum pressure drop 00 2nbars on water-side and 100

mbars on the refrigerant-side was observed at maximass flow rates.



An alternative method for the evaporator design walas explored in form of flat
plate evaporators which can further provide imptoveverall heat transfer
coefficients. Manifold microchannels were used othisides of the plates, with the
aim to achieve overall heat transfer coefficierager than 50,000 W/AK.

The new micro-grooved evaporator has the potetdgiahtroduce a game-changing
evaporative surface, with precise flow delivery dndgh heat transfer coefficients,
driven by a combination of thin film evaporatioss, &ell as convective boiling on the

heat transfer surface.
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CHAPTER 1: INTRODUCTION

This chapter provides introduction to the curreesearch work and background
behind the selection of the problem. Further, arsany of research objectives and

dissertation organization is provided.

1.1 Background and Motivation

In most recent years, a substantial focus is bplaged on energy efficiency and
optimum energy utilization processes in just aballitenergy-intensive industries.
Based on a US Department of Energy report (20@8)es20 to 50% of industrial
energy is lost as waste heat in the form of exhgases, cooling water and heat
losses from hot equipment and heated surfacedfilization of waste heat can make
a significant impact in the overall improvementnabst energy conversion processes.
Numerous technologies are commercially availabieldoge-scale industries to tap
this waste heat and improve their energy produgtiMn some cases, waste heat
recovery technologies have increased the energgiegfty by as high as 50%.
However, cost-effective recovery and utilizationvediste heat from such industries
requires high performance heat and mass exchangius, to the small
temperature/density gradients in the process-intlu@ste heat streams.

Typically waste heat recovery system has threeniaseomponents: a) a waste heat
source(s) b) a recovery technology and c) use efrétovery energy. Figure 1-1
shows the essential components with a few exangdlesach category. Waste heat

temperature is an important parameter of the wass¢ sources and is a determinant
1



in whether the recovered heat is usable. Work piatefibased on Carnot efficiency)

is another parameter that dictates the maximumggniaken out of the heat source

for driving a heat engine.

i N

Recovered Heat Uses
power generation,
turbochargers,
refrigeration cycle, et

Recovery Technology:
recuperators, waste heat
boilers, etc.

Waste Heat Source !
exhaust gases . cooling
tower water, etc.

Figure 1-1: Waste heat recovery components

Current heat recovery practices show some integgsind useful trends that provide

a focus for research. The trends are as follows:

1)

2)

Waste heat recovery systems are constrained bgréastich as temperature
limits and cost. Though heat recovery systems lien installed in large
scale industries, the quantity of heat recoverysddenatch its full potential.
The key barriers are the material limits or cosioag@ated with changing the
high-grade heat to low-grade heat.

Most unrecovered heat is at low temperaturBaughly 60% of the
unrecovered waste heat is of low quality (tempeeahelow 232 °C). Low-
grade heat has less economical and thermal valuethb large quantity of
this heat source makes it quite attractive bothrésearch and also from an
environmental perspective. Low-grade heat can bed ufor running
refrigeration cycles for upgrading the heat, spheating, or refrigeration

cooling.



3) Some industrial sectors, such as chemical plantsluyce a large amount of
waste heat through chemical compositions. But taseconomical to extract
it because of the fouling characteristics of chetsion the heat exchangers.

4) There is a significant amount of heat loss fromtraafitional heat sources

such as hot product streams and hot equipmentcastfa

Typically waste heat sources can be classifiedrdoog to the exhaust temperature,
and thus the source’s usability can be definedlerad shows the classification with
typical recovery methods.

Table 1-1: Temperature classification of waste heatources

Temperature| Example sources| Tenfii) | Advantages & | Typical

range Disadvantages | recovery
methods
High-quality
Glass melting energy, High
furnace 1300-1540 heat flux, Higher| Steam
power generation generation
High Steel electric
(> 650°C) furnace 1370-1650 Thermal stresses Combustion

on heat air preheats
Hydrogen plants | 650-980 | exchanger
components, and

increased
chemical
activities
Gas turbine 370-540 | More Steam
exhaust compatibility generation
with heat
Medium Steam boiler 230-480 | exchanger Organic
(230-650°C) | exhaust materials Rankine cycle
IC engines 320-590 | Practical for
power generation
Exhaust gases Space and
from gas-fired 70-230 Large quantities | domestic




boilers, ethylene available from | water heating
Low furnaces numerous
(< 230°C) product streams.| Upgrading
Cooling water heat
from furnace
doors, IC engines, 30-120 Organic
Condensers, Rankine cycle
Data Centers

A typical distribution of the unrecovered waste thiegses is shown in Figure 1-2.
The figure shows that almost 60% of the waste keates from low-grade heat.
Despite low-grade heat having low working potentsfl% of the waste heat can be

utilized.

Figure 1-2: Total unrecovered waste heat based onfférent temperature groups

Heat recovery technologies use several heat exehsmg the form of recuperators,
regenerators, heat wheels, heat pumps, and wastbditers. Figure 1-3 shows some
common heat exchangers used in the waste heaterydodustries.

Low grade waste heat recovery due of its largelabiity becomes quite attractive.
However, there are several challenges for recogeiinlike corrosion of heat

exchanger surface in case of chemical plant digelsaand large heat exchange
4



surface requirement due to low thermal gradientathlecovery technologies include
economizers, contact condensation recoveries, thewompressors, transport
membrane condenser, heat pump cycles like absorptidles, compression cycles,

and gas cycles, etc.

Connections ..
Tubesheet _ @

s -k

Radiation recuperator : Adapted from Hamon Thermal Shell and tube heat exchanger : Adapted from
Transfer Corporation Southwest Thermal Technology Inc.

= ~ = e - e
Falling film evaporator: Adapted from Steam condensers: Adapted from Plateheat exchangers: Adapted from
Weinzhou Buieno Machinery Ltd. Scam-Spa it Modem energy technologies Ltd.

Figure 1-3: Some of the heat exchangers used in ugtries

Economizers can be typically used for preheatirgfiilnd for boiler systems, power
plants or heating, venting and air conditioning @&3). In case of boilers, it can be
provided to utilize the flue gases heat for boilihg boiling feed water. In air pre
heater systems, it can be used for heating the gsio air [2].

Direct condensation recovery involves cooling afeflgases by direct mixing of the
flue gases with cooling fluid. These systems dagsequire any wall interface as in

typical heat exchanger, hence heat transfer caositic are higher and size of the



equipment is small. However, there is a challenigat tcooling fluid can get
contaminated with contaminants in flue gases.

Thermo-compressor works on the principle of congirgs low pressure gas by
mixing with high pressure gas and using it at thtermediate pressure. The basic
principle involves acceleration of high pressureast through a nozzle into high
velocity field. This entrains the low pressure steand the mixture is recompressed
in a divergent venturi. It is typically used in @omators where boiling stream is
recompressed and used into a heating steam.

Transport membrane condensers is an innovative eppndemonstrated by Gas
Technology Institute for efficient energy recoveinpm low pressure and low
temperature flue gases using ceramic membranesL[B¢ direct contact heat
recovery, this has been used successfully to dxtvater from flue gases without
contamination. However, it needs more researcwidespread implementation.

Heat pumps are the very popular breed of waste teeatery units where heat is
moved from a lower temperature to higher tempeeatigsing mechanical work or
high temperature heat source. Application inclugdsgerators, air conditioners and
reversible-cycle heat pumps. The basic principleolwves cycle movement of
working fluid which carries heat from lower temptewrg at evaporator to condenser
at higher temperature. Some external work has tortwéided in form of mechanical
work in case of vapor compression system or lowdgraeat input in case of
absorption refrigeration system. Hence, where ahnoel of low grade waste heat is
available, absorption chillers carries a huge pgakerHowever, due to considerably

large size of heat and mass exchangers used oythe smaller absorption have not
6



been very successful in the market due to thealrabst, bulky system and low COP.
But with increasing electricity prices and envira@mtal concerns, it is gaining
demand again. And there is a clear need of malongpact heat exchangers so that it
can be more portable and more economical esped@ailysmall to medium size
applications. Companies and institutes like Ago AZAW, ILK Dresden, Invensor,
Punk, Sonneklima GmBH, Solarnext, Sortech AG, ate.already developing small
capacity absorption chillers for home air conditinunits.

Several design concepts such as shell & tubendgafiim, plate heat, etc. are being
used in industry for design of heat and mass exgdranfor running refrigeration
cycles. Usually, they are attributed to poor hestgdfer coefficients and hence require
much larger surface area. In last few decades, nfachs have been put on
microchannel technology because of availabilityhigih surface area to volume ratio
which leads to order of magnitude higher heat feansoefficients. However,
pressure drop penalty have restricted its high melumanufacturability and the
research have been mostly limited to academia.nfarasting novel concept called
manifold microchannel technology was introducedrydzack to tackle the problem
of pressure drop and increase the COP of such tthannels based systems. A
systematic treatise has been provided in furthepis to scan through available
research and demonstrate its usability for thegthest much compact heat and mass

exchangers.

1.2 Research Objectives

The main goal and the research objectives of tissedation are as follows:
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a) Prepare a working simulation model for a small ecabsorption chiller
system and identify critical parameter affecting tdverall COP of the system.

b) Conduct a comprehensive review of evaporator deaigh enhancement in
the open literature and demonstrate viability amdelty of the manifold
microchannel technology for design of compact laeat mass exchangers for
low heat flux applications.

c) Systematic study of single-phase fluid flow andtheansfer for a quarter-
symmetry manifold microchannel element and iderdifycritical parameters
influencing heat transfer coefficient and pumpimgvpr.

d) Development of a proof-of-concept prototype for ld\A5 cooling capacity
tubular evaporator based on manifold microchanesigh philosophy, which
was successfully tested for much higher pressurck isncompatible with
ammonia as the refrigerant.

e) Development of a novel flat plate evaporator basedsingle manifold
microchannel concept which aligns with conventiopkite heat exchanger
design but provides much better heat transfer wiefits values, in support
for further reduction of size/volume and weight tife heat and mass

exchangers for absorption refrigeration cycles.

1.3 Dissertation Organization
Chapter 1 provides the background and motivatioritfe research being conducted.
A basic introduction to waste heat recovery tecbgpl and its application is

provided, followed by establishing the need foiogéhtly utilizing low grade waste



heat though use of miniaturized absorption chalgstems which requires innovative
compact design for heat and mass exchangers. Cl2aptevides a brief introduction
of the absorption cooling system and the basic dorehtals behind it. Results of
simulation study carried out for single-stage cytcledentify the critical parameters
are shown to support evaporator and solution heettaager design for the cycles.
Chapter 3 provides a comprehensive review for enadpo and single-phase heat
exchanger design available in literature. Furth@riew on microchannel evaporators
and manifold microchannel design is provided esthlvlg its importance in terms of
heat transfer coefficient and pressure drop charaetion. Chapter 4 is dedicated to
single-phase numerical study of manifold microcl@rsystem identifying critical
geometrical and flow parameters influencing thepevator design. Preliminary
numerical optimization is provided using Dynamic4Qethod integrated with
commercial numerical solver. Chapter 5 covers tegtadesign of tubular evaporator
and the experimental setup used for testing theofyme. Chapter 6 focuses on the
experimental results obtained for several iterationthe design phase. Results are
presented for aluminum microgroove tube with 1stegation manifold, improved
(2nd generation) manifold and nickel microgrooveblet with improved headers. The
last section of the chapter provides a brief intiibn to the flat plate evaporator
design and fabrication. A preliminary study was dwcted and it would progress as
future developmental work. Chapter 7 provides a mamy of the findings and
conclusions, as well as the suggested future wadontinue further research in this

area.



CHAPTER 2: ABSORPTION REFRIGERATION SYSTEM

This chapter starts with an introduction to heanps in general and compares vapor
compression with absorption refrigeration systenertgphasize the benefit of latter
for waste heat recovery applications. Furtherpdysof single-stage absorption cycle
with system level design enhancements was condugieédy EES and important
parameters are identified and discussed. The dedipeat exchangers is critical for

improving the COP of the cycle which would be dssed in further chapters.

2.1 Heat Pumps

Heat pumps, as introduced in the first chapter,tgpecally categorized into vapor
compression and absorption refrigeration systenago¥ compression refrigeration
cycles are mostly used for HVAC applications. Tlaeg also used for domestic and
commercial refrigeration. A schematic of a simpéper compression cycle with a
corresponding P-h diagram is shown below in FiQife

Qu

1

Condenser

Liquid

Compressor

Expansion Valve

Liquid + vapor
4 1 Vapor

Evaporator

— q h

Warm Air ﬁ Cold Air

Qo

Figure 2-1: Schematic of a typical single-stage vap refrigeration cycle
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A saturated liquid vapor refrigerant mixture withwl quality enters the evaporator
and heat is exchanged with the process fluid asteom temperature. Saturated vapor
exits the evaporator and enters the compressorremiverk is added at constant
entropy, and saturated vapor exits at higher pressuext, the saturated vapor is
condensed at constant pressure, and saturated &gits the condenser. Finally, the
saturated liquid goes through an isenthalpic pmcesd liquid vapor exits the
expansion valve with reduced pressure. The cygeats. Typical refrigerants for
domestic and commercial refrigeration are R-13460Ba, R-404A, etc. For building
heating and cooling R-507 and R-717 are also uBleel.performance of the cycle is
measured by parameter called “coefficient of penfamce (COP)”. COP is the ratio
of refrigeration capacity and the work/heat inpatthe system. For a reversible

Carnot cycle, COP for cooling is defined as

T
COFg:arnot = #
St (2-1)

This is the maximum COP for the cyclic devices, aithican theoretically go to

infinity but are limited due to second law of themiynamics. For a typical single-

stage vapor compression cycle, COP for coolingiegipdbn and cycle efficiency is

defined as:
Q hi-h4
CORers =4y “ho_ta
_ CORgss 22
"= cop

Carnot

where Q is the heat extracted at evaporator (also knowrefigeration capacity)
and W, is the work input for the compressor. For a typivausehold refrigerator,
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COP is around 5 and for an air-conditioner it isween 2 to 3. The actual vapor
compression cycle is slightly different the disadsdeal cycle, as thermodynamic
states do not remain constant and no state tramditppens in an ideal way, which
leads to further decrease in COP.

The absorption refrigeration cycle is another fafrheat pump which uses a heat
source to provide the energy needed to drive tlmdingp system. This is a popular
alternative to compression refrigeration where telgty is expensive, unavailable

and unreliable, compressor noise is problematid, surplus heat is available for
running the desorber. COP for single-stage absormycle is typically less than 0.5;

however with some improvements and a multi stagdecYCOP can be greater than
one.

A comparison between compression and absorptiotersyss shown in Table 2-1

which demonstrates why the latter is preferred elanple waste heat is available.

Table 2-1: Comparison between compression and abgaion system [4]

Compression System Absorption system
Work operated and high COP Heat operated and low COP
COP and refrigeration capacity very Performance not sensitive to evaporator

sensitive to evaporator temperatures temperatures

Performance is sensitive to evaporator Evaporator superheat is not important.

superheat.

COP reduces considerably at part loads COP doasdte significantly with
loads

Liquid at exit of evaporator may damage Liquid at exit is undesirable for

compressor performance issues; but not a serious

concern

12



Many moving parts — a reliability concernFew moving parts like pump and hence

Regular maintenance required low maintenance required

Higher noise and vibration Less noise and vibration

Large systems are bulky and small systerf@mall systems are bulky and large

are compact systems are compact

Economical when electricity is available Economical where low cost fuel and
waste heat is available

Most of the refrigerants are HFCs which No such issues as it uses salt solution

are expensive and have high ozone like LiBr, ammonia water pairs, etc.

depletion and global warming potential. which are naturally occurring and pose

As per Montreal protocol, their use will beno danger to environment.

prohibited by 2020!

The above listed benefits of absorption refrigerasystem over compression system
make it an attractive field of research. The sysiemiscussed in detail in the next

section.

2.2 Absorption Refrigeration System

As discussed in the previous section, absorptifigegation is just another type of
heat pump which requires a heat source to provideshergy for driving the system.
Although absorption cooling is used for conventionaoling in buildings, it is
particularly applicable for cooling applications @vk heat is supplied from the waste
heat generated by a gas turbine engine, solar gnergany other source providing
low-grade heat such as process plants or IC engiftesre are other heat driven

technologies in literature like adsorption (solajer), magnetic refrigeration, and

13



Stirling cycles, but absorption systems are onthefoldest and most widely applied
[5].

The heat driven heat pumps can be typically categdras Type 1 and Type Il heat
pumps. In Type | pumps, heat input is at highesiperature level and the output is
either refrigeration at the lowest temperatureseating at intermediate temperatures.
In Type Il pumps, heat input is at intermediategenature and product heat output is
at the highest temperature level. Type Il pumpsatse known as heat transformers
or temperature amplifiers. One basic differencevbenh Type | and Type Il is that the
evaporator and absorber work at higher pressurebype | pumps and at lower
pressures in Type Il pumps. Type | pumps are mogular and widely used in
commercial buildings as water chillers for air ctiothing applications. Type I
pumps have been demonstrated in a few industriplicapons but are not very
economical. For low-grade waste heat recovery, Type more suitable, and
therefore discussion will be limited to this tygepamp.

The most widely used available absorption techriebgsed in the market are either
water/lithium bromide chillers or ammonia/waterlEhs. A comparison is shown in
Table 2-2 below [5].

Table 2-2: Comparison between working fluid pairs 6r VARS

Water/Lithium bromide chillers Ammonia water chile

Has been widely used since 1950's Used since late 1800’s. Used for ice
production prior to vapor compression
technology

Water is refrigerant. Does not requirdmmonia is used as refrigerant. Requires

rectifier due to low vapor of salt. rectifier as water is volatile.

14



Typically used as water chillers for ¢ Used for large tonnage industrial

condition applications. Main competir applications requiring low temperatures for

technology is vapor compressic process work.

chillers. Also sold as air-cooled and gas-fired air
conditioning component, solar cooling.
Typically around 0.5. However, a triple

0.7<COP<1.2 effect-two stage-absorption air conditioner

can show a COP of 1.7.

Cannot operate below zero and dan¢ Can work at much lower temperatures.

of crystallization. Works at sub atom Works at higher pressures.

pressures.

Mostly compatible with all materials,Ammonia is toxic at high ppm and not

but corrosion can be a concern due tompatible with  copper. But s

presence of aqueous salt solution. Gootexpensive, environmentally compatible

compatibility with most rubber andand has excellent thermodynamic

polymer compounds. properties.

Due to the excellent thermodynamic properties ofmamia-water pair and operation
at sub-zero temperatures, it is a good choice tdoning the cycle. It also works at
large pressure difference between high pressurdéoan@ressure components, which
is preferable for compact heat exchanger desigis, Ammonia/water systems are
becoming an important component of integrated gneomversion system in which

the complete system produces electricity, heatcatal

A schematic for single-stage ammonia/water absamptefrigeration cycle is shown

in Figure 2-2.
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=3 Ammonia loop
&—| Rectifier Desorber

—3 Ammonia/Water Condenser €
Solution loop

Expansion
Device Qeva
1
Evaporator = Absorber

Figure 2-2: Schematic of a Type | single-stage ammi@/water absorption
refrigeration cycle

In comparison to components of vapor compressiaiesys, the compressor is

replaced with an absorber/desorber system whictacmna refrigerant and absorbent

solution. For the ammonia/water cycle, ammonia wa& refrigerant and water is the

absorbent solution.

Details of the components and their thermodynamaiesare discussed briefly below.

1) Evaporator —This has the function of evaporating the ref@ager(ammonia)

usually at constant saturation temperature. Thet itdl the evaporator (state
12) is usually liquid and vapor mixture at low qgtialwhile outlet from
evaporator (state 1) is saturated or superheateor v@ihe enthalpy is gained
due to the heat load provided at evaporator, wischlso the refrigeration
capacity. There can be some temperature glide ddserin temperature) due

to pressure drop (caused by friction) inside thepevator.
16



2) Absorber — The rich ammonia vapor leaving the evaporatiaitésl) goes for

3)

4)

5)

absorption into the weak solution (less concemnatf ammonia in water)
available at state 5. The absorption process tplas in the absorber and
makes it a critical component of the cycle. Comphexat and mass transfer
with chemical kinetics is involved in the procefsnmonia dissolves in the
water well releasing NH4+ and OH- ions. The reaci® highly exothermic
(releases heat) which can increase the solutiompaesture and hence can
slow down the absorption process, if not removditiently. The new rich
solution (higher concentration of ammonia in wateravailable at state 2 for
further processing.

Pump — A pump provides the external mechanical workdeéeto pump the
rich solution to higher pressure at state 3. Batwlork input is quite low in
comparison to the compressor of vapor compressistes.

SHX (Solution heat exchanger)- The solution heat exchanger is another
critical component that has major role in affectthg performance (COP) of
the cycle. Its main function is to reduce the hiegut to the desorber by
preheating the incoming cold rich solution. On tle¢urning path, it also
precools the hot weak solution recycled from thgodeer.

Desorber— The function of desorber is to evaporate the amantrom the
rich solution and direct it to the condenser thiotige rectifier. It operates at
high pressure and high temperature and requireghahieat input. The weak

solution is recycled back to the absorber througlbt®n heat exchanger. As

17



water is volatile, some of the amount gets evapdrationg with ammonia
which is undesirable.

6) Rectifier — The rectifier is required in the case of the amia-water solution
to completely remove the water vapor before reartine condenser. Water
vapor can condense on the condenser surface aneadeccondenser
performance. The ammonia mass fraction exitingréwatifier is critical, as
COP heavily depends on it. A small reduction in amm@ concentration
amplifies the COP decrease.

7) Condenser — Saturated/superheated ammonia vapor gets caletts
saturated liquid at same higher pressure. It iga&irno the vapor compression
system.

8) Expansion device— An expansion device is needed for reducing teesure
and usually the process in this device is an isgpith process. It is used
between states (6-5) for reducing the pressure edkwsolution and also
between states (11-12) for reducing the pressutguwti ammonia available

at the exit of condenser.

Mass balance and energy balance for each comp@nshown below (‘m’ refers to
total mass flow rate, ‘X’ is the concentration ofiraonia and ‘h’ is the enthalpy). If
enthalpy is known at all state points, the syste® 25 equations and 25 unknowns
which can be solved for finding mass flow rates antmonia concentration at each
state points. The number of equations and unknowifisincrease for complex

cycles.

18



The cycle works on two pressures: the condenseedbidber at higher pressure and
evaporator & absorber at lower pressure. As it iBype | pump, it also works on
three temperatures: evaporator at lower temperatbsorber and condenser at
intermediate temperatures, and desorber and excati higher temperatures. The
rectifier temperature is little lower than the afimy temperature. But here for the
sake of simplicity, it was assumed to be the same.

From the first law of thermodynamics, energy halda@onserved:
Qevap + Qdes - Qcon+abs+rec +WP =0 (2-3)

From the second law of thermodynamics, total etedange is the sum of entropy

change in the system and surroundings:

ASOI = ASS)/S + ASSUI‘I’ 2 O (2_4)

Based on temperature estimates and various eneaggférs, a simplified energy
flow diagram can be made as shown in Figure 2-3.
As the refrigeration cycle is a closed system ttia@ entropy change on the working

fluid of the system is zero.

AS — _% _ Qdes + Qabs + Qcon _ Qrec > O

T T, T, T, T (2-5)
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Absorbe
My + My =M, MgXs + M X, =M, X,; mhy +mghg =myh, + Qg

Solution expansion Valve
My =My, % =Xg: s =hg

Pump
m, =m; X, = Xa;mzhz +W, = mahs

Solution heat exchanger
My = M5 X5 = X,; My =My X, = Xg;Msh; +m;hy, =m,h, +mghg

Desorber

M, + My =My + M, ;M X, + MpXg = MyXg + M, X;; MyA, + MR, + Qe =myhy + myh,

Rectifier
My =M + My, MyXg = MXg + MpXo; Moy + Qe = Mphg + Myghy,

Condenser
my, = Myg; X, = X0 Mghy =myh, +Q,

Refrigerant expansionvalve
My =My X, =Xy =hy,

Evaporator
My, =M X, =X My =mph, +Q,,
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Qeva = Qe

Figure 2-3: Energy transfer in a simplified VARS

Since the solution pump work is negligible andifestheat output can be neglected
also (for the sake of simplicity, as it is not sfgrant compared to the condenser and

absorber outputs), COP can be derived as

T, \T,-T,
CC)Fi)deal,VARS < (To B Te ] ng
(2-8)

So, the maximum COP of an ideal VARS cycle (totatlyersible) is

Q T, Tg -1,
COR =<e_|_e = COR, e
ideal VARS Qg -I-0 _-I-e T Carnot 77Carnot

g

(2-9)
The COP can be also considered as a combined systesisting of a Carnot heat
engine and a Carnot refrigerator. The actual COR WYARS will be much less than

this because various irreversibilities exist in dotual cycle.
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There are various ways to utilize the rejected Heattcannot be used in the cycle for
single-stage. Utilization of the rejected heat lead to improved COP. One way is to
use the condensate precooler, which subcoolsdb&llentering the evaporator. This
leads to a reduction in enthalpy at the evaporatdry and no change in exit

enthalpy, providing more refrigeration capacity.

However, the precooler superheats the vapor egt¢he absorber and can lead to
bigger absorber size, lower heat rejection tempezadt the absorber or lower mass
fraction of solution streams which in turn can lgadhigher desorber temperature.
Another way to use the rejected heat is to usedbiifier heat output for preheating

the cold rich solution before it enters the solutioeat exchanger. As the waste
rectifier heat is getting utilized in the cycleelfs it increases the COP of the cycle.
There are many other ways to improve the COP hygudouble-stage or triple-stage
cycles and minimizing the waste output. But thes@e with other penalty in terms

of size, cost and reliability. So, there is a tcttlbetween performance and cost.

2.3 Single-Stage Absorption Cycle Simulation

The motivation behind this investigation is to depea low-cost, heat actuated
cooling system with applications for a military geator waste heat recovery unit,
small scale micro-CHP and transport refrigeratigsteams. The electrical generator
for supporting military operation consume large amntoof fuel with the majority of
power used for electronic equipment cooling and KVapplications. An efficient
waste heat recovery unit utilizing the low-gradathevailable from the exhaust gases

can considerably reduce the fuel consumption amde&se electrical generation
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capacity. In such a unit, COP must be increasedyide range of ambient
temperatures must be accommodated, and low weghtogm of chilling must be
achieved. The heat exchangers alone can consurtee 1§86 of the gross weight for
such recovery units. Hence, a novel design mushdmrporated to reduce their size
with increasing COP. A comprehensive cycle simatatis needed to ascertain the
importance of all system parameters and how they s tweaked to achieve the
desired outcome. The simulation was carried outgugingineering Equation Solver,
and the following cycles have been considered dnadacterized in terms of system
parameters.

a) Single-stage ammonia-water absorption cycle

b) Single-stage ammonia-water absorption cycle widtpoler

c) Single-stage ammonia-water absorption cycle withecpoler and

integrated rectifier

2.3.1 Single-stage ammonia-water absorption cycle

The single-stage cycle comprises basic componehntfieo ammonia water cycle

described in the previous sections. There are tvéhermodynamic state points
available as shown in Figure 2-4 where nine inpuésneeded in order to solve the
whole cycle. The following inputs have been used:

a) Evaporator Exit Temperature {Jp outier, °C)

b) Evaporator exit vapor qualitydap,outie)

c) Mass flow rate through the pumm@ump)

d) Absorber exit temperature 4L outiet, °C)
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e) Condenser exit temperature;{Joutiet,"C)

f) Solution heat exchanger mass fraction differerog (
g) Solution heat exchanger pump efficienqy) (

h) Solution heat exchanger effectiveness,f)

i) Rectifier ammonia mass fraction output&bute)

9

a CONDENSER )< Rectifier [ _( DESORBER
con 10 * 8' ; -

Qrec 4

,'J-, Qdes
Gl
¥

Solution HX

7 _.
/ Qshx
4;; ESEV 3
' <)

/11

. .//'7?;1
— = pUP

Wp “;/(//

y 2/ ___¥5
(EVAPORATOR)——»(ABSORBER
1

Q
Qr:va abs

Figure 2-4: Single-stage ammonia-water cycle in EES

The solution heat exchanger pump efficiengy {s needed to calculate the pumping

power defined by (\W:

m um
W = (PARC_high — Pare_iow = (2-10)
Pllp

where Rrc_nighis the highest operating pressure of the cyclgc Rwis the lowest

operating pressure of the cych.a,pump is the mass flow rate to solution pump gnid

the density of the rich solution mixture passingtigh the solution heat exchanger.
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The solution heat exchanger effectiveness is defioye

T, -T
€shx :[.lj —TGJ (2)1
77 13

where T, is the temperature of the lean mixture coming @utlesorber, ¢ is the
temperature of the lean mixture coming out of sotuheat exchanger ang 16 the
temperature of the rich mixture going into the solu heat exchanger.
The following outputs for the cycle have been mangitl and further studied:

a) Solution circulation ratio, SCR

b) Solution pump power , YWKkW)

c) Cooling capacity of solution heat exchangeg, kW)

d) Heat dissipated by absorber,,dkW)

e) Heat input to rectifier, @{kW)

f) Heat input to desorber,sdkW)

g) Condenser cooling capacity4IkW)

h) Evaporator cooling capacity,.Q kW)

i) Coefficient of performance, COP

where solution circulation ratio, SCR is definedhgsammonia mass fraction at the

state points shown in Figure 2-2.

SCR=10" %7

X, — X, (2-12)
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All cooling capacities and heat dissipation for th@ad mass exchanger components
are defined by conventional first order equatioam@ mass flow rate, specific heat
capacity and temperature difference.

Coefficient of performance is defined by:

Qeva
Qdes + WP

COP= (2-13)

2.3.1.1 Baseline Case

A baseline case was solved based on the requirenhemt existing unit running at

independent ammonia-test facility. For proprietaeasons, details related to the
actual cycle configuration cannot be provided arstubsed. But the original cycle
was reduced to a single-stage cycle and the dasaused to carry out all further

simulation work. Further in the chapter, COP congmers would be provided too to

show the improvement based on cycle enhancements.

Tevapinlet = 877OC, AX = 01
Xevapoutet = 0.8902 Xectoutiet = 0.9896
Mume = 0.0874kg!s; -1
o ° Tpump (2-14)
Tabsinlet =64.9 OC; €shx =08
Tconoutlet = 649 OC

The following results were obtained in terms ofput parameters after solving the

cycle.
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SCR = 74T Qu. = 2927 kW

W, = 0.2473KW: Q.. = 1281 kW

Quy = 2744 KW; Q.. = 9673 kW (2.15)
Q. = 2179 kW; COP= 03277

Q.. = 4596 kw

These results provided the important design ohjestfor the evaporator and solution
heat exchanger which will be discussed in furthepters. Based on these results, 5
kW was the target object for the evaporator desiga 20 kW for the solution heat
exchanger. Further, it was also required that COB zan be achieved for better
thermal performance of the cycle, which would regumtegration of heat exchanger

components in the form of a precooler and integratetifier.

2.3.1.2 Influence of Solution Heat Exchanger Effectiveness

Heat exchanger effectiveness is a critical paramaftecting the COP of the
absorption cycle. In heat exchanger analysis, whieth and outlet temperatures for
both streams are known, the conventional LMTD metban be used. In the absence
of these parameters, NTU (Number of Transfer Umits)hods have to be used [6].

Effectivenesss is typically a function of NTU and ratio of heatpacity rates.

¢=f(NTU,C,)
Cr — Cmin IB)
C

max
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where Guin and Guaxare minimum and maximum heat capacity rate oflthée

streams respectively. NTU is defined by:

UA
NTU = =2
C ()1

min
where U is the overall heat transfer coefficientraf heat exchanger and A is the base
heat exchange surface area.

For a parallel flow heat exchanger, heat exchaeffectiveness is given by:

_1-exp[-NTU@+C,)]
£ 1+C, (2-18)

For a counter flow heat exchanger, it is given by:

1-exp[-NTU(1-C,)]
=T — _ (2-19)
1-C. exp-NTU(1-C,)]

When G = 1; it reduces to

. NTU
B — 2-20
1+ NTU (2-20)
For two-phase heat exchangers such as evaporaibrsoadensers,,&G 0 as energy
change in the two-phase fluid is independent ofpenature change and heat capacity

theoretically tends to infinity. The effectiveness also independent of flow

arrangement and hence the effectiveness equationes to:
e=1-expENTU) (2-21)

Based on the above relations, it can be seen thatsignificantly impacts the

effectiveness of the heat exchanger. This meant thiea better the overall heat
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transfer coefficient, the more effective the heathanger. As the objective of the
cycle is to also reduce the size and weight, ibbexs imperative to achieve better
overall heat transfer coefficient through novelgihsi methods.

Figure 2-5 shows the variation of cooling capaeity heat input/output for all the
heat and mass exchanger components with solutiah dxechanger effectiveness.
Heat input to the desorber and heat output fromatisorber significantly decreases
with increase in SHX effectiveness, and SHX cooloagacity increases. However
evaporator cooling capacity, condenser heat outpod rectifier heat input

requirements does not change as SHX parameter elanlyg affect ammonia-water

loop. The pump power requirement is low and theitgm circulation ratio remains

constant. Due to the significant decrease in desdneat input, COP significantly

increases, as shown in Figure 2-6.

60
et (5hX
50
——Qabs
— 40
; e 810214
= 30
—
d = QeSS
20
: s () COTY
10 @ Do) ® S—G0D
F 4 r_wmy oy v == (eva
0 &/ . . , , ,
0 0.2 0.4 0.6 0.8 1

SHX Effectiveness

Figure 2-5: Heat transfer rate variation with solution heat exchanger
effectiveness
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Figure 2-6: COP variation with solution heat exchager effectiveness

2.3.1.3 Influence of Evaporator Exit Vapor Quality

Evaporator exit quality is generally desired toalsehigh as possible. But the desorber
heat input requirement as shown in Figure 2-7 isthia bottom range which
significantly affects the COP. For exit vapor qtialirom 0.89 to 0.99, the lower
system pressure decreases by 6 times (from 541d&kP@ kPa) which affect all the
components. It is observed from the simulation dlaéd when evaporator exit quality
increases, keeping the absorber exit temperaturstaat, a much leaner solution is
entering the solution pump. Hence, to maintaindame rectification mass fraction
output, more heat is needed at the desorber. mhisrns also increases the cooling
capacity of the SHX as the much leaner hot soluigoleaving the desorber to the

solution pump.
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Figure 2-7:Heat transfer rate variation with evaporator exit vapor quality

The evaporator capacity tends to dip in the sanmgeadespite large enthalpy
difference as less mass flow rate of ammonia islada from the condenser. The
COP curve goes through a peak and it decreaseschahge in exit quality away

from the peak as shown in Figure 2-8.
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Figure 2-8: COP variation with evaporator exit vapa quality
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2.3.1.4 Influence of ammonia mass fraction output from recifier

Ammonia mass fraction output from the rectifier ltlas highest sensitivity to COP
among all input parameters as it directly affetis performance of condensers and
evaporator. The higher the water content in the-pase cycle, the more
performance degradation, as the vapor pressurenofcmia is much higher than
water. The water can occupy the significant heatdfer area in the evaporator and
due to low sensible heat rate; it can degrade Wagparator output quality. In the
current simulation case as the evaporator outpditoaality were kept constant, the
cooling capacity of evaporator and condenser weteaffected but the rectifier and

desorber heat input shot up as shown in Figure 2-9.

70 -
50 - == Qabs
=
40 - == (lrec
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st CON
10 -
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Rectifier NH3 Fraction

Figure 2-9: Heat transfer rate variation with NHz mass fraction output from
rectifier

COP decreases by 144% with only 8% decrease iificatibn as shown in Figure

2-10 which makes the rectifier optimum functiongrgical for the whole cycle.
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Figure 2-10: COP variation with NH; mass fraction output from rectifier

2.3.1.5 Influence of rich and lean mixture concentration dfference
The concentration difference across the solutioat lexchanger affects all the
components of the cycle and the heat transfer abt®st linearly increases with

increasing concentration difference as shown inféi@-11.
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Figure 2-11: Heat transfer rate variation with NH3 mass fraction difference
across SHX
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Figure 2-12: COP variation with NH3 mass fraction dfference across SHX

The solution heat exchanger capacity does not ehangch, as the enthalpy
difference across both solution streams remainstaoh When the concentration
difference reaches lower values, the solution tateon ratio increases exponentially
and COP decreases drastically. It is further olesktliat COP fairly remains constant

in the wider range as shown in Figure 2-12.

2.3.1.6 Influence of evaporator exit temperature

Evaporator temperature has very similar trend coethéo ammonia mass fraction
output from the rectifier. As the evaporator tengpere increases, the desorber heat
input decreases significantly and the evaporatpac#y increases moderately, as
shown in Figure 2-13. Both effects lead to enhanc&P and leads to a favorable
design for the current simulation. The rectifiemh@put significantly decreases to
close to zero for evaporator temperature clos@5t6C. For the same temperature, it

can be seen in Figure 2-14 that COP > 0.5, which tha design objective for this
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case. However, the penalty for this may be th#&atls to a higher system pressure

requirement.
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Figure 2-13: Heat transfer rate variation with evaprator temperature
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Figure 2-14: COP variation with evaporator temperature
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2.3.1.7 Influence of solution pump flow rate
The mass flow rate through solution pump lineaffgas all the components and
COP remains constant for the data studied as showigure 2-15 & Figure 2-16

respectively.
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Figure 2-15: Heat transfer rate variation with soluion pump mass flow rate
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Figure 2-16: COP variation with solution pump masdlow rate
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2.3.1.8 Influence of rich solution temperature exiting from absorber

The rich solution temperature exiting from the abso affects the solution
circulation ratio and the evaporator temperatunesterably. As more enthalpy is
made available in the solution stream for a constaaporator temperature and exit

guality, heat dissipated from absorber goes dowishawn in Figure 2-17.

== Qshx
=—Qabs
== Qrec
=== des
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=@ Qeva
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Figure 2-17: Heat transfer rate variation with absaber exit temperature to the
pump

As the desorber heat input and SHX capacity rerfagily the same with decreasing

evaporator cooling capacity, COP decreases by &skhown in Figure 2-18.
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Figure 2-18: COP variation with absorber exit tempeature to the pump

2.3.1.9 Influence of condenser exit temperature
Higher condenser exit temperature significantlyrdases the condenser capacity
which in turns also affects the evaporator coolbagacity. SHX cooling capacity,

desorber heat input and absorber heat dissipalsmnicrease, as shown in Figure

2-19.
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Figure 2-19: Heat transfer rate variation with concenser exit temperature
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COP has a similar trend to the absorber exit teatper, as shown in Figure 2-20.
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Figure 2-20: COP variation with absorber exit tempeature to the pump

2.3.1.10Influence of pump efficiency

Pump efficiency doesn’t affect the heat rate of amythe components, but lower
efficiency increases pumping power which in turriees the COP. However,

pumping power is much lower compared to heat inpatthe effect may not be

noticeable unless working at much lower efficien€ie heat rate curves and COP

are shown in Figure 2-21 and Figure 2-22.

39



== (Qshx

== Qabs
== (lrec
== (Qdes
Qcon
! . . . . . =@=0Qeva
0 0.2 0.4 0.6 0.8 1
Pump Efficiency

Figure 2-21: Heat transfer rate variation with pump efficiency
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Figure 2-22: COP variation with pump efficiency

2.3.2 Single-stage ammonia-water absorption cycle with grcooler

The precooler is added in the loop as shown inreid425 to utilize the ammonia
enthalpy input to the evaporator for preheating dh@monia input to the absorber.
The heat exchange in the process serves two olgsectd) It precools the ammonia

input to the evaporator; and b) it superheats aparator exit vapor which in turns
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favors the absorber. Both of the these factors shaéfp widening the enthalpy
difference across evaporator, which in turn inoeeth® evaporator cooling capacity
and greatly enhance the COP, as shown in Figui@ &-Bigure 2-24. It can be seen
that COP can be increased by 37% with the adddfanprecooler. A precooler with

zero effectiveness represents the earlier basedise.
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Figure 2-23: Heat transfer rate variation with precooler effectiveness
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Figure 2-24: COP Variation with precooler effectivaess
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2.3.3 Single-stage ammonia-water absorption cycle with gcooler and
integrated rectifier

The COP of the cycle can be further enhanced bygateng the rich solution mixture

by utilizing the heat from the rectifier. This helgo increase the solution heat

exchanger effectiveness by reducing the thermalign& of the solution streams,

which in turn enhances the COP as discussed iieesgctions.

A schematic of the full cycle is shown in Figur@2-

‘IO Qrec
-+ CONDENSEFD<— ifier |
Qcon _.M?r B
/11 \
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Precooler 15II', d Qshx ;
: Wp

é_,:,': 13

(EVAPORATORD '+ >

Qeva

Figure 2-25: Single-stage cycle with precooler andtegrated rectifier model in
EES

A simulation study was carried out by changing$ii#X and precooler effectiveness

to check the COP limits. The results are showniguifeé 2-26 and Figure 2-27.
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Figure 2-27: Enhancement of COP over existing unit

It can be seen that a maximum COP of 0.5854 caacheved assuming a fully
effective precooler and SHX which is 78% greatantkhe original baseline value of
0.3227. The current existing unit (at ammonia tesp facility) had SHX

effectiveness of 0.9434 and precooler effectiverné€s8706. Using same values for
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the simulation cycle, it can be seen that COP e@afulther enhanced by a modest

7%.

2.4 Summary

From the study, it is quite evident that numerogstesn parameters can significantly
affect the COP of an ammonia absorption cycle.h&sammonia-water properties are
empirically determined and heavily influenced witfiermodynamic state parameters,
it is difficult to obtain correlations for performee index. From the limited
simulation study performed in current work, thddaling important conclusions can
be drawn:

a) SHX and precooler effectiveness heavily influenke tycle performance.
The more effective the heat exchangers, the béterCOP of the cycle.
Hence, novel design with low thermal resistance gach heat exchangers is
needed in the absorption cycle.

b) There is an optimum exit vapor quality for the emapor where maximum
COP can be achieved.

c) Rectifier ammonia mass fraction output is highlyitical for overall
functioning of the cycle. COP of the cycle is vesgnsitive to this which
makes the efficient rectifier design important thoe system.

d) The higher the evaporator exit temperature; theebéthe COP of the cycle.
However this causes a higher system pressure perait optimum space
should exist.

e) Higher absorber and condenser temperature signifjcdecrease the COP.
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Based on the above conclusions, further focus wé&sop component level design
specifically for improving the design of evaporatord solution heat exchanger in
terms of achieving higher overall heat transferffi@ent. It is shown in further

chapters that microchannel technology is a promisiandidate for the two-phase
heat exchangers design and has been studied fauthent development. The next
chapter will review existing design methodologiesthe evaporator with more focus

on review of the literature on microchannel evapwrheat exchanger design.
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CHAPTER 3: LITERATURE REVIEW OF EVAPORATORS

DESIGN ENHANCEMENT

This chapter surveys traditional designs of evaposavidely used across industries.
More attention is given to microchannel heat exgeasievaporators and manifold
microchannel design available in literature.

A basic review of important correlations used foha@cterizing two-phase
microchannels and single-phase minichannels is@®aded in the last section.

As described in Chapter 2, evaporators are anrat@agrt of any refrigeration cycle
whose basic function is to evaporate the refrigesandl provide cooling. The basic
working principle of an evaporator is the same amgle-phase heat exchanger with
the exception that the two-phase process is indolea the refrigerant-side.
Refrigerant flowing through the evaporator absahergy as it cools a fluid (usually
water or air). The saturated refrigerant (usuallg guality of 10% or low) enters the
evaporator and exits in saturated or superheated fdepending on design such as
flooded or direct expansion coils). The most comeeral flow arrangements are co-
current and counter-current type. There is moreptexiflow patterns like cross flow
arrangements as well. Typical temperature profieso-flow (parallel) and counter

flow are shown below in Figure 3-1.
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Figure 3-1: Typical temperature profiles for an evaorator

It can be seen from the figures that despite ggihigat, temperature at the exit of the
evaporator slightly dips (before superheating) beeaof the pressure drop. As the
pressure decreases, the saturation temperaturdeadseases.

A typical schematic of the evaporator heat exchangeess is shown in Figure 3-2:
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\ e, (P,T) i \ Wb, o (P,T) i
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| HX System i
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I |
1 = . |
: mw,inphw,in (P)T) : Imw,ou[,hw’out( ,T):
L _________ | L l— _________ |

m— Mass flow rate , h — enthalpy
r—refrigerant, w — water
P —Pressure, T - Temperature

Figure 3-2: Typical evaporator system

a7



The mass balance of the system can be written as
Mass Balance
L] L] L] L] (3—1)
mr,in = mr,out ; mw,in = mw,out

If there are no energy losses outside to the systaargy balance can be written as:

EnergyBalance

I'-.nW(lﬂlw,in - hw,out) = r.nr (hr,out - hr,in) =UALMTD
(Tw,in _Tr,in) - (Tw,out _Tr ,out)

In[ (Tw,in _Tr,in) ]
(Tw,out _Tr,out)

where U is overall heat transfer coefficient; Aatal heat exchange area; and LMTD

(3-2)
LMTD =

is log mean temperature difference.
On the water-side, specific heat can be treatedoastant as there is not much
temperature difference at the inlet and outlet.ti@nrefrigerant-side, saturated liquid
will enter the HX and saturated vapor or vaporiigmixture will exit. Evaporator
temperature is typically considered as the satdrai@perature of the refrigerant.
Using following assumptions as given below:
a) Change in kinetic energy and potential energy bathefrigerant and water is
small and is therefore neglected.
b) Properties like specific heat of water are constansingle-phase for small
gradient.

c) LMTD correction factor is taken as 1.

Energy balance can be simplified as:
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(Tw,in - Tw,out)

Tw in Tsat
|n A sa
Tw,out - Tsat

r.nW CP,W(TW _Tw,out) = r.nr (h - hr,in) =UA

,in r,out

{ UA }
Tw,out = Tsat + (Tw,in _Tsat)e G

(3-3)

h i =N, it

r,out — ' r,in

T

w,in

T

w,out )

muCy,, (
m,

For superheated exits, pressure would no longecdmstant, and an appropriate

correlation has to be used to take this factor atcount to find the temperature and

enthalpy relation. Further, due to non-linear carjties, the equation has to be

solved iteratively. Heat exchanger effectivenesansther important term to gauge

the performance and is typically defined as:

Toin =T,

_ lwiin w,out
= Tw,out _Tr,in 34

When the outlet water temperature reaches satarioperature of the refrigerant,

the evaporator theoretically has 100% efficiency.

3.1 Classification of evaporator designs

Evaporators are most commonly used in refrigerateomd air conditioning
applications or in the process and chemical intstiBased on the literatures, a
comprehensive list is shown in Figure 3-3 for thestrcommon evaporators used in

industry [7].
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Figure 3-3: Common types of evaporators used in ingstries

3.1.1 Direct Expansion Evaporator Coil

The evaporator coils used in the present desigien aonsist of plate-finned tubes
with refrigerant flowing inside the tubes and dawiing over the outer tube surface.
The capacity of evaporator coils can vary from salv&actions of tons for small
refrigeration applications to hundreds of tons Farge building air conditioning
applications. For the outer tube side, both natooalvection and forced convection
can be used. There are a number of techniques,asuicitreasing surface roughness,
and using swirl flow devices and extended surfabgsyhich the inside tube can be

augmented to improve the surface area and incrigesédeat transfer coefficient.
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However, more surface roughness and swirling cath te more pressure drop, which
should be minimal to avoid reducing COP. Extendedaces such as high profile
fins, micro fins, annular offset fins, and interseg fins, are used for HVAC

applications. Micro fins are most popular as thaxe dwo to three times higher heat
transfer coefficients than smooth tubes and it ireguless material. However,
pressure drop increases by one to two orders. id@-seat transfer typically occurs
with large large circular fins. Based on design stderations and applications, the
fins can be further divided into plain, wavy ortrgular fins. Coils can be dry or wet
type. In the wet type, surface temperature is reduzelow the dew point of air and
the coil becomes wet, which can affect the heaistea coefficient. Several designs

and correlations have been discussed in literdturdifferent configurations [8-17].

3.1.2 Shell and Tube Flooded Evaporators

Flooded shell-and-tube evaporators cools liquidewithg through tubes by
transferring heat to the evaporating refrigerantttos shell side. Tubes are covered
with a saturated mixture of liquid and vapor. Tké&igerant at low quality (10% or
low) enters the shell side through a distributat tbvenly distributes the refrigerant
over all tubes. As boiling occurs and bubbles rike,quality of refrigerant increases
from the bottom to the top. Level control is needeanake sure that the top row of
the tube is completely immersed in refrigerant.sTtyipe is more often used with
centrifugal compressors. Heat transfer on outsifidubes is dominated by the
nucleate and convective boiling regimes. Heat feansan be augmented using fine

pitch finned tubes. Wolverine Tube company makesgiral finned tubes with fin
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densities as high as 40 fins per inch with higheaspatios. The same company has
also provided the high aspect ratio microchannieés$ufor the current tubular design

which is discussed in later chapters.

3.1.3 Shell and Tube Direct/Dry Expansion Evaporators

Shell and tube direct/dry expansion evaporatorsabs® a form of liquid chillers that
are more popular compared than flooded evaporaitwes.major difference is that a
refrigerant flows inside the tubes and a superhi@pbr is obtained at the exit. These
are used typically with positive displacement coesgors such as reciprocating and
screw. These heat exchangers are usually desigmeuabfizontal evaporation. The
refrigerant enters the heat exchanger through ket port and then goes inside the
tubes. Micro-fin tubes are also used here for edihgrthe heat transfer coefficient on

the inner side.

3.1.4 Shell and Coil Type Evaporator

Shell and coil evaporators have a smaller cap#aéty shell and tube chillers and are
usually of the dry-expansion type with refrigerflatving inside the tubes and chilled
liquid in the shell. One or more spiral shaped baoiés can be enclosed in a steel

shell based on the cooling capacity requirements.

3.1.5 Double Pipe Type Evaporator
This design consists of two concentric tubes whefegerant flows through the
annular passage and chilled fluid flows through itneer tube. It can be used in

flooded as well as dry mode. This requires moreephan conventional design and
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also requires insulation as refrigerant is flowmgside. But the flow is counter type

and hence provides higher heat transfer coeffisient

3.1.6 Plate Surface Evaporator

Plate surface evaporators are also known as baggecevaporators. Two flat plates
are embossed in such a fashion that a passageatedrfor the refrigerant flow. They
are used in household refrigerators. There is andyipe where a thin serpentine tube
is sandwiched between plates and the remainingesigaeither vacuumed or filled
with a eutectic solution to make good thermal contd he design is commonly used

in refrigerated trucks.

3.1.7 Plate Type Evaporator

These evaporators are used when a close tempeggipreach (0.5 K or less) is
required between refrigerant and the fluid beindledh They are widely used in
dairy plants for chilling milk. Heat transfer coiefénts as high as 4500 Wk for
ammonia/water and 3000 Wknfor R-22/water are reported. The capacity can be
easily changed by increasing or decreasing the supofiplates. Arima et al. reported
heat transfer coefficient value of 8,000 W/ for ammonia evaporation with the

use of vertical plate evaporator [18].

3.1.8 Horizontal falling film evaporator

Falling film evaporators are used extensively ie tthemical, food and process
industries. Horizontal evaporators are used typidalr desalination of water and in
refrigeration technology. The liquid to be evapedats sprayed on the outside of a

horizontal tube bundle and the heating fluid flanside the tubes. The liquid outside
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forms a thin film around the tubes and provideshhiggat transfer coefficients.
Distribution of the fluid becomes simpler which cha a huge advantage for the

design.

3.1.9 Vertical falling film evaporator

These are used more often than horizontal fallimy &nd work under gravity. The
feed liquid is arranged to fall as a thin film dowhe inside of the tubes and the
heating fluid flows on the shell side of the heatlenger. The main disadvantage of
the falling film design is the non-uniform distriftan of fluid in and around the
circumference of the tube, but it has usually bdteat transfer coefficients compared
to the shell and tube designs. These evaporatats suzcessfully at lower values of

temperature difference between the hot and cokksid the heat exchanger.

3.1.10 Climbing/rising film evaporator

The climbing evaporator design works on the thesiptton principle and has a very
similar design as falling film except that the infeed liquid comes through the
bottom and exits at the top. A pump is used for pimgn the feed liquid. The flow in
the tubes is relatively low, so a large fractiorvégporized quickly. This results in
high vapor velocity, causing the annular vaporiligilow. As the annular liquid film
is thin, these evaporators provide excellent heanster coefficient. They are

generally inexpensive to manufacture and requess floor space.

3.1.11 Agitated thin film evaporator
In the agitated thin film design, the heating Idjdiows around the outer jacket and

the feed liquid is sandwiched between outer thtkkgh and inner revolving rotor. The
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rotor helps in making a uniform thin film which = to higher heat transfer

coefficient.

3.1.12 Submerged combustion evaporator

These are direct contact evaporator where combyusdices place inside the liquid.
This is associated with heat exchange becausesddtibence of any heat exchanger
material. There is no corrosion or fouling issuast the major disadvantage is the

contamination of liquid through direct contact.

3.1.13 Flash evaporator

Flash evaporators were originally applied for pmmdg distilled water in ships and
also were also used for desalination of water. @herno external heat transfer
surface and hence no fouling problem occurs. Wateeated and introduced into a
chamber, which is kept at lower pressure than spmeding saturated pressure of
heated water. Upon entering a chamber, a smaliopoid instantly evaporated in a
flash, which is then passed through moisture sémai@remove any entrained liquid
and condensed to form distilled water.

There are additional classifications of heat exgeas available in literature. Most of
the design discussed here is quite establisheatumstry but not enough documented
literature is available in terms of performance beat and mass transfer
characterization because of proprietary restristidhis not possible to compare all
design in terms of a common performance index el eae has its own advantages
and disadvantages. For ammonia/water absorptioerags falling film evaporator
are used in large industries because of good maasfer coefficients. For small
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capacity absorption systems, plate evaporatorswadely used because of design
compactness and excellent heat transfer coeffgie#nother breed of heat
exchangers based on microchannel technology has kedely discussed in
literature. Microchannel heat exchangers have fegly surface area/volume (10,000
- 50,000 M/m®) compared to 300 — 600°fm® of conventional heat exchangers. Also,
heat transfer coefficients associated with sucigdesare much higher due to smaller
hydraulic diameters. Further sections of the chamtefly discuss the literature work

available related to microchannel evaporator design

3.2 Review of microchannel evaporators

In last decade, microchannel technology has gaiogdlarity for electronics cooling
for high heat flux dissipation. Some of the impotteeview papers by Morini et al.,
Thome et al.,, Garimella et al., Kandlikar et alsadiss the thermal transport
phenomena related to both single-phase and tweedlag inside microchannels and
compare several experimental results in a compsdhenway [19-24]. As the
microchannels are associated with smaller hydradi@aneters and flow boiling
utilizes latent heat, very high heat transfer dogfhts are obtained. The same
technology has been utilized for the developmennmirochannel evaporators. Few
works in the literature demonstrate successfullynmg a small refrigeration cycle

for cooling electronic packages at laboratory scale

Companies like Delphi have been developing highicieficy microchannel
evaporators [25]. The evaporators are construdtédazed aluminum and consists of

three components- a flat microchannel tube, firdtaro refrigerant manifolds joined
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together. These evaporators are suitable for useesidential air conditioning,
commercial cooling/heating and refrigeration apgtliens. Hermetically sealed
microchannel heat exchangers have also been dexklapVelocys for cryogenic
applications, high temperature reactions and @isoh.

A comparison has been drawn among widely usedenedtangers as shown in Table
3-1 showing the superiority of microchannel teclogglover other technologies.

Table 3-1 : Heat exchanger performance comparison

Parameter Microchannel HX | Shell & Tube HX | Compact HX
Surface area per unit
3 10,000-50,000 50-100 850-1500
volume (nf/m°)
HTC (liquid, W/nfK) | > 7000 ~ 5000 (tube side)|  3000-7000
Approach temperature < £G ~20°C ~10°C

Kim et al. developed and verified a heat exchanfy@te volume model for
evaluating the thermal performance of a microchbemaporator for a COmobile
air-conditioning system. Heat transfer and pressiuop correlations were evaluated
for both wet and dry air and refrigerant-sides. é3al correlations for both air and
refrigerant-sides have been compared for foldedtifnulvered fin geometry. The
numerical model has good agreement in terms ofimpatapacity (+ 2.6%) and
refrigerant-side pressure drop (+ 13.6%) [26].

Mudawar et al. did an extensive study for evalugptiwo-phase heat transfer
coefficient and pressure drop for a microchannedt renk using R134a as the

working fluid. The microchannels were formed by matg 231 um wide x 731 um
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deep grooves on the copper surface. Mass flux &8m654 kg/m-s and heat flux in
the range of 31.6-93.8 W/émas tested. Heat transfer coefficient in exces0d300
W/m?-K was observed but was found to decrease sharjily increasing vapor
quality. With increasing heat fluxes, heat transteefficient was observed to
increase. Pressure drop in excess of 200 mbarshgzsved as well. Key findings of
the study were the dominance of the bubbly flow andeate flow boiling regimes at
lower heat fluxes leading to lower vapor quality €<0.05). High fluxes produced
medium quality (0.05 <x< 0.55) or high quality (0.55 <.x 1.0) flows where heat
transfer was dominated by annular film evaporatibhe pressure drop generally
increased with increasing mass flux but there was@preciable diminution where
complete conversion to vapor took place insidentiiro-channels [27].

Yun et al. measured convective boiling heat transfeefficients and two-phase
pressure drops of R410A in rectangular microchanmélh hydraulic diameters of
1.36 mm and 1.44 mm. Mass fluxes was varied bet@&érto 400 kg/rits and heat
flux was varied between 10-20 kWimas the saturation temperatures were
maintained at 0, 5 and 10 °C. The experimental ftatheat transfer coefficient was
within a deviation of 18% with the existing corrida for large diameter tubes but
pressure drop had similar trend. Heat transferfimierfit in excess of 20,000 WK
and maximum pressure drop of 100 mbar per meterolasrved. With increasing
saturation temperature, heat flux and mass fluat transfer coefficient was found to
generally increase for medium and higher vaporitiesl[28].

Mongia et al. developed a small-scale refrigerasgatem for cooling high-power

components in notebook form factors. The refrigerasystem was based on vapor
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compression cycle and had miniaturized componeitts iso-butane as the working
fluid. A COP > 2.25 was achieved. A copper basedpevator with parallel
microchannels of 80 um size was used to cool thspbt The condenser was
designed to achieve thermal resistance of 0.5 *@id@/was controlled mainly by heat
transfer on the air side [29].

Joshi et al. evaluated design and thermo-hydraagidormance of high heat flux
evaporators suitable for interfacing the micropssce chip with a cascaded
R134a/R508b vapor compression refrigeration sysiem80 °C. A different set of
compact evaporator design was examined for a heatdnging between 20 W/ém
and 100 W/crh The microchannel evaporator consisted of 13 oblarthat were 1.2
mm deep and 400 um wide with a spacing of 800 peatHkransfer coefficient in
excess of 45,000 W/K was observed at a refrigerant flow rate of 7enig/
Pressure drop was observed between 50-100 mbarvaried heat flux range of 20-
100 W/cnf [30].

Edvin et al. did an experimental study on phasengbacooling of high heat flux
electronics utilizing an innovative phase changehmteue involving force-fed
evaporation and condensation. High-performance a¥ystiuctured surfaces
consisting of alternating fins and channels coupheth the force-fed mechanism
were used for the evaporator and condenser. Thoe-fed mechanism provided a
highly vigorous micro-channel convective heat tfansnvironment and low pressure
drop due to smaller flow lengths. For the evaporabeat flux levels above 300
W/en? with wall heat transfer coefficients more than0@® W/nf-K using HFE-

7100 as the working fluid. For the condensation endtkat fluxes up to 56 W/ém
59



with heat transfer coefficients of 32,000 W/ were achieved using the same fluid.
Pressure drop was at a maximum of 10 mbar at rhassff25 kg/nf-s for condenser
test section. The force-fed method utilizes antihader placed on top of the micro-
structured surface to direct the working fluid twe theat transfer surface. The liquid
evaporates as it passes a short distance throaghitino-channel and the vapor flows
out of the channel back into the header, which $@ecific channels for directing
vapor out of the area. The result is the formatbm liquid vapor flow pattern that
provides a continuous supply of liquid working 8ubeneath the escaping vapor [31].
Hrjnak et al. developed microchannel heat exchanfggrcharge minimization in air-
cooled ammonia condensers and chillers. Microchatubes of hydraulic diameter
of 700 um were tested and compared with other dssidir side heat transfer
coefficients of 60-180 W/frK were obtained at an air velocity between 1-5. mite
microchannel condenser charge per capacity ratfaand to be 76% less than the
macrochannel serpentine condenser. As the microehadesign was light weight and
made of aluminum, it is suitable use for automoapelications [32].

Cao et al. developed a counter flow microchannalepheat exchanger utilizing the
similar flow principle of corrugated plate heat banger. Channels with 400 pm size
were etched on stainless steel plates. Maximunnvedtic heat transfer coefficient of
5.2 MW/nt-K with a corresponding pressure drop of less tB@8nkPa under a
Reynolds number of 65 was reported [33].

Anurjew et al. presented different microstructueides used for evaporation and

generation of steam. They found that long, stramgittochannels are not optimal for
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evaporation. A new design based on circular blamduding numerous circular or
elliptic sidewalls, showed the full evaporation augerheating [34].

Qi et al. developed two retrofitted compact andhhéjficient microchannel heat
exchangers. The microchannel heat exchangers vep@ted to be 15% less in
weight and size for condenser design. The evapofao a maximum cooling
capacity close to 6 kW at air volume flow rate 6057/hr with a pressure drop of
160 Pa. Maximum refrigerant mass flow rate was B@br with a pressure drop of
90 kPa. The condenser had the maximum heat rejecdite close to 11 kW at air
velocity of 4.5 m/s with a maximum pressure drod80 Pa. Maximum refrigerant-
side pressure drop was 110 kPa at 150 kg/hr clilngeate [35].

Thome et al. tested three different micro-evaporetoling cycles: one with a pump,
one with a compressor and one with a hybrid of tike together for cooling a
computer blade server. For an evaporating temperati60 °C, subcooling of 5K
and outlet vapor quality of 30%, the predicted CHias about 2.2 times the
maximum heat flux of the blade server using fireg thad 170 um wide channels, 170
pm fin height and fin thickness. The accuracy irdmting critical heat flux was
around 20% [36].

A summary of the above literature is shown in Tab2

Table 3-2: Literature summary of microchannel evapaoators

Max HTC;
Hydraulic Reynolds Min thermal
Authors Type of diameter number; Resistance;
Study Flow regime; Max pressure drop ;
Fluid Max heat flux
Kim & Bullard, Numerical ~mms CO,/Air 300 Pa for air,
2001 300 kPa for CQ

61



Owhaib et al., Experimental 1.7,1.224,0. R134a 15000 W/fmK
2004 826 mm
Lee & Mudawar, Review Wide R134a 57000 W/M-K;
2004,2005 21000 Pa
Yun et al., Experimental 1.36,1.44 R410A 20000 W/hK;
2006 mm 50 kPa/m
Mongia et Experimental 350 pum Multiple 0.28 °C/W
al.,2006
Lee & Experimental 349 um R134a 100 Wkem
Mudawar,2006 125 kPa
Trutassanawin et Experimental - R134a 0.60 °C-cr/W
al., 2006
Wadell et al., Experimental 600 pm R134a/R508b 30000 WKn
2007 30 mbars
Baummer et al., Experimental 77-142 um HFE-7100 100000 W/rA-K;
2008 300 W/cnt
Hrnjak et al., Experimental 0.7 mm Ammonia/air 110-192 Wik
2008
Brix et al.,, 2009 Experimental 0.96 mm R134a 0.05 bars
Cao etal.,, 2009 Experimental 301-392 pm 10-70; Water 5.2 M\t
29 kPa
Qi et al., 2009 Experimental ~ mms Air 100 Pa
range
Anurjew et al., Experimental - Water -
2010
Qietal., 2010 Experimental ~ mms R134a/Air 180 Pa
range
Marcinichen et  Experimental - R134a, R245fa -
al., 2010
Khan & Fartaj, Review 0.001-4.1 Wide -
2010 mm

The current work described in this thesis is basedthe manifold microchannel
philosophy as mentioned in the work of Edvin etaath the difference that it is being
used for low heat flux. The design has existediterdture for last decade and has
sizable advantage in terms of reducing the presina@ A comprehensive summary

of the manifold microchannel design is providedhae further section.
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3.3 Review of manifold microchannel designs

Manifold microchannel design has been in existdoceéhe last decade and several
novel concepts have been tested at the laborataig.sThe earliest work for the
study of fluid flow and heat transfer is availabiethe work of Harpole and Eninger
[37]. They developed a two dimensional flow/thermaimerical model of the micro-
channel heat sink and were able to demonstraténgoof 1 kW/cnf heat flux with
water methanol mixture with top surface temperatfr@5 °C. Microchannels were
etched on silicon and a diamond sheet was attaitch&dther maintain the uniform
heat flux utilizing its isotropic properties. Seakdesign parameters with respect to
geometry and fluid flow were proposed to achievbeat transfer coefficient of
100,000 W/m+K within a total pressure drop of 2 bars. Theyoramended
combining the heat exchanger into the heat sowamihimize the overall thermal
resistance. The pressure drop in the header andatdawas not considered in the 2-
d model, but they recommended keeping the manifoWd areas larger.

Copeland et al. performed a numerical study of aifolal microchannel heat sink.
The heat sink was made of silicon and was coolea Wfijporocarbon liquid. The
assembly was modeled using a unit cell boundedbycenterlines of the manifold
inlet and outlet channels and those of the microobs and heat sink walls. Three
dimensional finite element models of single mamifohicrochannels were used to
simulate fluid and heat transfer behavior. A paraimestudy was conducted for
various geometrical and flow parameters includimgtivelocity, microchannel flow
length, microchannel depth, microchannel width, fudth and heat flux. The

simulation was carried out for both constant hdax fand constant temperature
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boundary conditions. The model neglected the presksses at inlet and outlet of
the microchannels due to flow contraction and egmancomplexities. The results
indicated high heat transfer regions near the .inkdt higher inlet velocities,
secondary maxima in heat transfer were also obdeatethe microchannel base
below the inlet and also at top of the microchamesr the exit. It was shown that
channel length had nearly no effect on thermalktasce, though the pressure drop
reduced significantly with reducing flow length [38

Kim et al. performed an experimental study of maldifmicrochannel heat sinks
using forced air. They investigated the effectsgebmetrical parameters on the
thermal performance of the heat sinks for optinedigh. The thermal resistances of
the manifold design were also compared with thokdramitional microchannel
design. The experimental results indicated thatntlhé resistances of the manifold
design are strongly influenced by the pumping poweicrochannel width, and
manifold inlet/outlet channel width and microchanaspect ratio. The microchannel
thickness and the depth had a weak effect on thdtse It was also observed that
thermal resistance of the heat sinks decreasedmatbasing microchannel depth and
thickness-width ratio. Further, under the optimainditions of the geometrical
parameters, the thermal resistance and pressupewdrs observed to be 35% lower
than the traditional design [39].

Poh and Ng performed numerical analysis for fllmvf and heat transfer inside
manifold microchannels. A numerical model was pregain ANSYS and 16
different set of parameters were studied. Pressemgperature and velocity contour

plots were obtained and analyzed. The results wemspared with an analytical
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model and a large dependence on flow rate was fadodiever, weak dependence
was found with the microchannel aspect ratio. Tlarmesistance was found to
increase with decrease in inlet velocity, channalthvand channel depth. It was
concluded that the results of two models are noy @ecurate as interfacial effects
were neglected in the finer narrow channels. Eéfextcoolants also needed to be
analyzed, as gaseous and liquid coolants can diigaificantly flow phenomena. As
uniform heat flux does not exist for micro-scalerides, a conjugate analysis would
also be needed [40].

Ryu et al. did a three-dimensional analysis fol@aang the thermal performance of
the manifold heat sink and used the steepest destgorithm for obtaining the
optimal geometrical dimensions. The optimal chandepth, channel width, fin
thickness, and inlet/outlet width ratio yielded tloevest thermal resistance for the
specified number of manifolds and a given pumpiog/gr. It was concluded that
95% of the heat is removed through the fin suri@oce the lowest temperature was
found in the vicinity of the channel entrance poifihe hottest point was observed
near the inlet and outlet stagnation points in ¢hannel base. It was claimed that
thermal resistance is lowered by 50% for identivaat load and pumping power
when compared to traditional microchannel heat siekign. Channel width and
channel depth were found to be more critical patarseaffecting the thermal
performance. A power-law dependence on pumping paveas found to exist for
optimal dimensions and corresponding thermal rascd. However, Reynolds

number did not affect the optimal aspect ratiohef thannel cross-section [41].
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Jang & Kim experimentally investigated the thercizdracteristics of a microchannel
heat sink with impinging jet which closely resensbtee manifold design. In order to
evaluate the cooling performance, pressure dropssadhe microchannel heat sink
and base temperature distributions were measuredrr&lation for the pressure drop
and thermal resistance was demonstrated to bervd0%o of the experimental result.
It was concluded that cooling performance of annoged manifold heat sink with
an impinging jet is enhanced by 21% when compaveahtoptimized microchannel
heat sink when pumping power is 0.08W and changighttis 2.2 mm [42].
Jankowski et al. tested two different methods hggrating microchannel coolers for
reducing overall thermal resistivity. In the firapproach, they tried direct fluid
impingement on the die using the silicon manifolttnochannel design. For the
second design, they fabricated a standard paraiiefochannel design into an
aluminum nitride substrate. As non-optimum miciuhel design was used, both
design had comparable performance for operatingspres below 35 kPa. Both
devices were tested for flow rates ranging fron680nL/min with thermal resistivity
obtained in order of 0.13-0.19 °C-&iw [43].

Wang et al. performed ANSYS CFX simulation of a mf@d heat sink and
concluded that it has a higher heat transfer efficy/rate than conventional
structures. Infrared test were performed to deteenthe dependence of substrate
steady-state temperature on flow rate where wassrwged as the working fluid. The
maximum heat flux input of the microchannel heaksivas found to be 75% lower

than the conventional unit cell for a normal workitemperature of 353 K under the
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same boundary conditions. They demonstrated a memiireat flux input of 104000
W/m? for 6.7 ml/min with surface temperature of 80.2[2@].

Wang and Ding presented their previous work for anifiold heat sink integrated
with a high-efficiency copper heat spreader and ansmime additional conclusions.
The temperature rise along the flow direction wasntl to decrease significantly, a
result of entrance effects in the transverse cHarameays. The effect was
demonstrated through higher heat fluxes obtainet tige traverse channel array
inlet. The manifold design was found to have muekids heat transfer efficiency
than conventional heat sinks for all the boundanyditions considered [45].

Xia et al. studied the effect of surfactants owtion pressure drop in a specifically
designed manifold microchannel heat sink. A cr@ssien of 100 pm x 300 pm with
a length of 10.0 mm microchannel was used. An acisnrfactant of 100 ppm
sodium dodecyl sulphate (SDS with 95% purity graaigyeous solution and a new
type of 300 ppm green non-ionic alkyl polyglycosighPG1214 with 98% purity
grade) aqueous solution were used as working fluilsvas found that drag
reductions were dependent on flow velocities anddfltemperatures. The drag
reduction was not significant for laminar flow bacreased in the transition flow
regime. It was concluded that temperature rise pramote drag reductions in the
presence of SDS and APG. APG was found to be béten SDS at high
temperatures for drag reductions [46].

Haller et al. performed the simulation and expentakinvestigation of pressure loss
and heat transfer in microchannel networks comgirbends and T-junctions. The

test structure was made of silicon, and the pressoss and heat transfer for
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Reynolds numbers ranging from 10 to 3000 were imya®ed. The results
demonstrated that enhancement in heat transfebeaachieved by redirecting and
splitting the fluid. Due to vortices present in theved flow, the temperature gradient
was found to increase at the wall, leading to enbdrheat transfer. However this
enhancement came at a high pressure loss penalyasl further concluded that
shapes with higher pressure losses have highertigfaess. It was not feasible to
find a mathematical model to evaluate the presksses of the distributed laminar
flow with vortices in bent microchannels. More expeental evaluations of different
shape and aspect ratio would be necessary to atdcpressure losses for more
complex structures [47].

Kermani et al. fabricated and tested a novel méahifoicrochannel heat sink for
cooling concentrated solar cells. The microchanneése micro-fabricated and
integrated on the backside of the silicon substratd the manifold was fabricated on
another silicon substrate. Manifolds were etched mm thick silicon wafer having
depth of 500 um. The inlet and outlet holes werédanan the back side of the wafer
having 1 um thermally grown silicon oxide. Microcdmels were etched in 0.5 mm
thick silicon wafer with 200 um depth. The expennta results demonstrated that
heat transfer coefficients of 65480 Wit can be achieved at a flow rate of 1.1 g/s
and a heat flux of 75 W/chrtan be achieved using water as the cooling fledd.all
cases, flow was in the thermal entry region and\thsselt number was not constant.
Moderate pressure drops were recorded during tperements that corresponded to

moderate pumping power requirements for the codiygiem. It was suggested that
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in order to have high heat transfer coefficient & pressure drop, microchannel
and manifold channel dimensions need to be optinis].

Escher et al. conducted an experimental investigadtn an ultrathin manifold heat
sink which consisted of impinging liquid slot-jesd with liquid coolant. A closed
fluid loop for precise hydrodynamic and thermalretlwderization of six different test
vehicles was also built. The influence of the numisé manifolds systems,
microchannel width, volumetric flow rate and the mping power on the
hydrodynamic and thermal performance of heat siak studied. A design with 12.5
manifold systems and 25 um wide microchannels adéat transfer microstructure
provided optimum choice of design parameters. Alttdtermal resistance between
maximum heater temperature and fluid inlet tempeeabf 0.09 criK/W with a
pressure drop of 0.22 bars on a 2 x Z aip was demonstrated for a volumetric
flow rate of 1.3 l/min. Cooling power densities ofore than 700 W/ctmfor a
maximum temperature difference between the chip fand inlet of 65 K were
demonstrated. The heat sink height did not excemthzand included a 500 pm thick
thermal test chip structured by 300 um deep mi@onkls for heat transfer. The
influence of elevated fluid temperatures demonssragnhancement of heat sink
cooling efficiency of more than 40% for a temperatuse of 50 K [49].

Sharar et al. fabricated, tested and provided #peremental results for a four-chip
aluminum nitride direct-bonded-copper manifold raarannel cooler with water at
25 °C and 80 °C and three vehicular coolant fluads80 °C with a maximum
allowable pressure drop of 5 psig. The total stesistivities varied from 0.316-

0.628 K-cnf/W within 5 psig limits depending on the coolantidl used. It was
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concluded that geometric optimization and comprsivenmanifold study is needed
to implement manifold microchannel cooler in a tegbrid vehicle system [50].
Cetegen provided a detailed study of a manifoldroaesicannel system for both single
and two-phase fluids in his dissertation [31]. Anarical study for single-phase heat
transfer and fluid flow was carried out using Gam& ANSYS Fluent, and
parametric analysis related to important geomdtaca fluid flow parameters was
performed. Effects of fin thickness, fin height,cneichannel width, inlet and outlet
feed channel width, microchannel length, microclehrsurface base thickness and
manifold height were studied for the practical festion limitations. The fins were
fabricated through micro deformation technology Wblverine Inc. The sample
geometry was numerically investigated for fluidwl@nd heat transfer behavior. At
lower Reynolds numbers, fluid flow occurred throumtbypass zone between inlet
and outlet feed channels at the top of the micnocbl The effect in turn created
dead zones at the bottom of the microchannel aguifisiantly affected the heat
transfer rate. Increasing the mass flow rate angh®ds number pushed the fluid
core to the bottom of the microchannels and creat#did recirculation zone on the
top part of the channel. An increase in fluid vélpalso helped create secondary
flows which appeared in the form of vortex pairshe microchannel cross section.
Further, effects of geometrical parameters on pampiower were studied for fixed
heat transfer coefficients values. It was concluttet geometrical parameters had
conflicting effects on fluid flow and heat transfeehavior and hence an optimum
point or space should exist. But due to large nurob@arameters, it was difficult to

obtain the optimal conditions. An attempt was mexeptimize the geometry using
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Approximation Assisted Optimization coupled with rsumerical solver. The

following important conclusions were made from $inggle-phase study:

» At lower Reynolds numbers, the optimum design favarger fin heights,

high fin aspect ratio and larger hydraulic diametdrarger feed channel
dimensions preferred with inlet channels slightlyadler than outlet channels.
At higher Reynolds numbers, both heat transfer fooefits and pumping
power have a monotonic increasing trend. In genéna optimum design
favors smaller microchannel and manifold dimensions

Due to smaller microchannel length and conductiteictures, thermal

gradients along longitudinal direction are smahehjch is beneficial to attain

uniform surface temperature.

» The optimum values can be further reduced for higtesynolds numbers if it

micro deformation technology

dimensions.

is feasible for sucmaBer channel

A summary of the above literature is provided ifo[€a3-3.

Table 3-3: Literature summary of manifold microchannel design

Max HTC;
Hydraulic Reynolds number;  Min Thermal
Authors  Type of Study diameter Flow regime; Resistance;
(Lm) Fluid Max Pressure drop
Max Heat Flux
Harpole & Numerical 15-66 15-400; Water 1000000 W/rfrK
Eninger,1991 1 kWi/cnf, 1-2 bars
Copeland et Analytical, 113-226 Laminar; Water 0.27 °C/W, 0.1216
al., 1996 Numerical bars
Kim et Experimental 700-2000 Laminar; Air 0.2 °C/W, 4200 Pa
al.,1998
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Ng & Poh, Numerical 113-226 10-800; Laminar; 0.34 °C/W, 4333 Pa

1999 Water
Ryu et al., Numerical 10-60 1-100; Laminar; 0.031 °C/W
2003 Water
Jang & Kim,  Experimental 343-379 0-500; Air 30000 WH
2005 , 409.8 Pa
Jankowski et Experimental 40-760 Laminar; Water 0.131 °C-cri’W,
al., 2007 35 kPa
Wang et al., Experimental 134 Laminar; Water 203000 W/m
2007
Xia et al., Experimental 200 100-3500; Aqueous -
2008 Surfactant Solution
Haller et al.,, Experimental, 10-3000 10-3000; Water 11000 WHIK;
2009 Numerical 340 mbars
Kermani et Experimental 36,67 Laminar; Water 75 Wicnd,
al., 2009 22 kPa
Escher et al., Experimental 46 Laminar; Water 700 WFicm
2010 0.09 cm-K/W
Jankowski et  Experimental 272 Laminar; Water 0.316 K-cni/W;
al., 2010 7 psig
Cetegen, Numerical, 21-60 HFC 1230 W/c
2010 Experimental 330000 W/MK;

3.4 Tubular evaporator single-phase and two-phase cortations for

heat transfer coefficient and pressure drop

The system under the current study is a microcHarased evaporator that involves
flow boiling physics inside microchannels at th&igerant-side. Significant literature
is available regarding the two-phase flow regimsida the microchannels; which
influence the heat transfer process. Most of thasestigations are empirical in
nature due to complex nature of the fluid flow cameldl with evaporation. With the
use of manifold guided flow, entrance region eleate also present, which makes
any present model inapplicable. On the inner sidin@® heat exchanger, fluids flow
through comparably bigger triangular minichannelkich is essentially single-phase

flow through small channels. Limited correlationg available in the literature to
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determine the fluid flow and heat transfer behavimr both kinds of flow and
geometry. Better method in terms of numerical satioh can be used to get more
accurate results. In further chapters, various mioalesimulation results will be
presented based on header types which help in awajuin the water-side heat
transfer coefficient. Experimental testing of tivagorator is non-intrusive and all the
flow and temperature conditions are measured aintké and outlet of the flow. A
data reduction method is provided in the form afeations to determine the overall
heat transfer coefficient using overall cooling acipy; base heat transfer area and log
mean temperature difference.

The tubular evaporator design is the combinatioa geveral small heat exchanger
surfaces working alternately in the co-current @oedinter-current modes. As the
measurements are non-intrusive due to the pressurimature of the system,
parameters cannot be evaluated at internal ge@sefin approximate data reduction
based on average inlet and outlet conditions isl t@esvaluate overall heat transfer
coefficient and pressure drop. Also, it is impottEmnconsider the energy losses to the
surrounding environment, which can be evaluatedguaithermal resistance network.

A schematic of the fluid flow is shown below in Erg 3-4.
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Figure 3-4: Schematic of the fluid flow

As seen in the schematic above, water enters thrahg solid circular region
perpendicular to the page and travels along thiasiof the tube and comes out of
the dashed circular region. Due to the quarter-sgtrymature of the heat exchanger
process, the mass flow rate is assumed to be gglaidled in all the four quarters.

On the refrigerant-side, multiple U-channel flow wid be present. Saturated
refrigerant liquid enters through alternate inletmfiolds and saturated or superheated
vapor exits through the alternate outlet manifoldss assumed that inlet mass flow
rate is equally divided across all inlet manifoédsl also along the length of the tube

for sake of simplicity. The ultimate objective is tichieve a uniform manifold
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microchannel elemental volume, which will be disad in Chapter 4 and can be

scaled for calculating the overall cooling capacity

Some important assumptions have been made as follow

a)

b)

Flow length on both sides was assumed to be thee Jamthe sake of
simplicity. Flow is uniform and symmetric circumésatially and axially in all
channels. For the saturated vapor/liquid mixturet, eflow arrangement
(parallel/counter-current) will not affect the LMTi&alue. But for superheated
exits, it would be considered.

Heat loss is assumed to occur through natural atioveto ambient from the
outer tube surface area, as it is not insulatedvever, heat loss would be
much smaller considered for cooling capacity, whehktudied here. It is also
assumed there is no thermal gradient between ther twbe and HX tube
surface so that the primary heat exchanger sur@oains the microgroove
surface.

Fouling resistance is assumed to be negligibledtoulating overall thermal

resistance.

If the symmetric unit cell is considered based be manifold flow symmetry in

circumferential direction, the following thermakistance network can be prepared as

shown in Figure 3-5.
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Figure 3-5: Unit cell thermal resistance network

The thermal resistance consists of three individesistances: water-side convection
resistance, tube conduction resistance and refmgeside convection resistance.
If the total surface area is considered, overdtrntal resistance can be written in the

form of:

|n DO - 2hr ,f
1 1 D; +2h, 1
= + — (3-5)
U overaIIAbase hr Abase 2ﬂktubel—[ube h/vpbase

where Uyeran is the overall heat transfer coefficienAis the common base area of

the tube, his the refrigerant-side heat transfer coefficidmt,is the water-side heat
transfer coefficient, Pis the outer tube radius with microchannelsjsDxhe inner

tube radius without minichannels,fis the height of the outer microchannelg; ts
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the height of the inner minichannelg,,kis the tube thermal conductivity angde is
the axial length of the tube.

In the next section, correlations are provided it@ml#ate these heat transfer
coefficients. However, wherever applicable, nunargimulation is used to obtain
more accurate estimates. The scope of the sedidmited to a few important
correlations found in the literature and is nobaprehensive survey. It is suggested
to refer to original articles to obtain detailedoimation regarding the experimental

findings and method of establishing empirical clatiens.

3.4.1 Single-phase heat transfer and pressure drop corrations for flow inside
triangular cross sections

This section provides the available correlationditerature for triangular channel

flow in single-phase. The correlations are empirinanature and have been mostly

established for macro channels. The most accurataad to evaluate heat transfer

coefficient for smaller channels is the numericahwdation method which is

discussed in further chapters.

Nusselt number, Reynolds number and Prandtl nurfdresingle-phase flow are

given by:

D mw D wCow
Ny, = wPnw . Re, =t pp o Hew (3-6)

N kw A/v,c/uw " kw

Campbell and Perkins provided a Nusselt numbeetairon for developing turbulent

flow in an equilateral triangular channel with ctarg temperature and adiabatic wall
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boundary condition [51]. The friction factor and $¢elt number are given in terms of

average wall temperaturg, Bnd mean bulk fluid temperature.T

—04+(x/ D, ) %7
_ 0079 T, 145<% <72 ;110< 1w < 211
Re’* (T, D, Ty
T 0.7
Nu,,,, = 0.021Re® Pr® [T—W) ¢ (3-7)
-07 T 0.7 T
p=|1+] 2| 22| | 6<2<123; 110<2< 211
Dh Tm Dh Tm

Shah and London provided a fully developed lamilzay correlation for an

equilateral triangular channel [52].

Nu,, =1.892 f Re=13333 for no rounded corners

Nu,, =2196 fRe=14057 for onerounded corner (3-8)

Malak et al. provided a friction factor correlatitor fully developed flow turbulent

flow in an equilateral triangular channel [53].

0.0425
f :W for 4000< Re< 80000 (3-9)

€
Altemani and Sparrow conducted experiments on ailagral triangular duct and

developed the following correlation [54].

Nu = 0.019 Re®™ for 4000 < Re < 80000 (3-10)

78



Philips (1987) provided a generalized correlationdvaluating pressure drop for

smaller channels, given by: [55]

el (A 4f, L ]
pr_—z HAJ (2Kgo )+ (K, + K, )+ 5 +K(x) (3-11)

hw
where A is the plenum area;«is the loss coefficients at 90 degree bendsarki
Ke are the contraction and expansion coefficientd; K{x) is pressure drop defect.
Based on recommendation of Kays & London (1984)Rimitips (1990), Ko = 1.2
and K. and K is derive from their graph [56, 57].

For triangular ducts, K(x) can be replaced with éfagagh’s factor kf) =1.818 for

no-cornered 60° triangular fins andoK)(=1.698 for single-corner 60° triangular fins

[52].

3.4.2 Two-phase heat transfer and pressure drop correlatins for flow inside
microchannels.
As the refrigerant-side involves two-phase flow ides microchannels, a few
important correlations are identified that closedpresents the microchannel flow for
the straight rectangular geometry. Although dug@resence of manifolds, changing
flow area and entrance region effects, exact fl@hdvior cannot be captured with
these correlations, these correlations provideirmidaa in regard to flow boiling
physics inside the finer channels.

The important non-dimensional numbers for two-plbse are defined as:
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Ar,c:ul,r

08 05
Co{ﬂ} Pur ConvectionNumber
X P

Re o =

ReynoldsNumber

q

Bo= Boiling Number (3-12)

fg

C
Pr =ﬂ";( P" prandtl Number

Ir
1,r

GZDhr
We, =—— Weber Number
pl,ro-r

Lazarek and Black performed the saturated flow ibgilstudy for R113 for a
hydraulic diameter of 3.15 mm and a mass flux ranfjd40-740 kg/ms. Heat

transfer coefficient was found to be relatively epdndent of vapor quality but a
strong function of Nusselt number, Reynolds nundred Boiling number. [58] The

following heat transfer correlation was proposed:

Nu=30Re**" Bo®"** (3-13)
Tran et al. developed saturated flow boiling catieh using R12 for rectangular
channels with hydraulic diameter of 2.4 mm. It wiasnd that nucleate boiling
dominated the heat transfer mechanism and heatféracoefficient was found to be
independent for quality > 0.2. No strong mass ftlependence was found. Mass
fluxes were in the range of 44-832 kgfmand heat flux was in the range of 3.6-129
kW/m? [59].

h= (84x10°)(Bo?We)®® (ﬂj (3-14)

\
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Yan and Lin did an experimental investigation a¢ #vaporation of heat transfer and
pressure drop for R134a for smaller channel havydyaulic diameter of 2.0 mm.
Heat transfer coefficient was found to be incomsistwith vapor quality and
influenced by mass flux, heat flux and saturati@mperature [60]. Following

correlation was proposed:
h, =(C,C,%% + C,Ba®*Fr,, JL- X ) °h (3-15)

Bao et al. performed the study of R11 and HCFC1H28 smooth copper tube with a
hydraulic diameter of 1.95 mm. Experimental heatsfer coefficients in the range of
1-18 W/nf-K were found with mass flux range of 50-1800 K&#n heat flux range
of 5-200 kW/nf, vapor quality of 0-0.9 and system pressure raxfg200-500 kPa.
Nucleate boiling was found to dominate for wide garof flow conditions. Heat
transfer coefficient was found to be independennass flux and vapor quality but a

strong function of heat flux and system pressuig. [6

h=223q"%"%® (3-16)
Yu et al. studied the two-phase pressure dropjrigphlieat transfer and critical heat
flux in a small horizontal tube having hydraulicadieter of 2.98 mm and 0.91 m
heated length. Inlet temperatures from ambien®0t6@ and mass fluxes in the range
of 50-200 kg/mrs were investigated at the system pressure of KBGO Nucleate

boiling dominates over a large mass flux and quadihge [62].

-02
h = 6,400,000(BowWe 027(ﬂj (3-17)

\'
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Kandlikar and Steinke, Kandlikar and Subramaniaretigped two-phase flow

boiling correlations for microchannels for a widmge of Reynolds number [63, 64].

ForRg,>100  hyp =maxiipnen reced)

hipneo= 066880 ™ (1-X)*h o +1058Bd" (1-X) “F
hipcep=113€0 ™ (1-X)*h o +6672Bd" (1-X) “F. h

ReoPr. (f. 12, /D,,)
10<Rg, <50 h,= 1+f27(p,2/3_1)(f 12)%

3000Re <10 = e~ 2000Pr (1, /A, /D)
° © 1+127(PF°-1)(f, 12

100<Re, <1600 h, = NLE{):K" . f =[158n(Re,) - 324"

,r

R, <100 hp=hypepn=066880%(1—X)h o +1050BJ” (1-X)F h 6

(3-18)

ho is the single-phase liquid heatransfer coefficient. & is the fluid surface
parameter which can be assumed to be 1 in caseawhilability.
Mudawar et al. combined several experimental datavhter, R134a and developed

following correlation [27, 65]:
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Re _ 2r.nw Dh,r & Re _ 2r.nw Dh,r 1_&
" Nm Ar,c/ul,r 2 " Nm Ar,c/uv,r 2

dp _2fG2(1-x./2)? dp _2f,G%(x,/2)?
dz | - Dh,rpl,r dz v - Dh,rpv,r
f,=Po/Re,, ; f,=Po/Re,,

o)
0<x,<005 h,=3856X°%h,  ; Xx2= 02l p - N

sp,f 7

05
« - ﬂ 05 1- Xe 05 & 05 « - f| Reffs 1— Xe 05 & 05
" Hy Xe pl g 0.079 Xe pl
005< x, < 055 h, = 43648B0°Wel* X **®h_ ; Bo=—1— ; We, =— "
’ thg pl,ro-r

055<x,<10 htp = max{(108.6 X 1665},

Nu3kv,r
spg T

h

spg ) Nepg}
for laminargasflow ; h,, , =0.023Re}® Pr* for turbulentgasflow
hr
(3-19)
X is the Lockhart-Martinelli parameter.,Xis for laminar liquid and laminar vapor
flow. Xy is for laminar liquid and turbulent vapor flow.
Mudawar et al. provided two-phase pressure drogetadiron for microchannel where
total pressure drop is essentially the sum of aflspure drops due to such as

contraction and expansion loss at inlets and efitfjon and acceleration pressure

drops for two-phase and pressure drop due to a@p66].
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Ny /8

Z {(Apf +APa) tp+AEp& i
Ap, =Ap, =AR-AR+-2
pr pot c e (NM /8)

where

Angiz [1— J +{1—1] {1+(pf_pg)xe"‘} ; AP =Go, (Lo, ElJli }(pf_pg))%w‘}
2p; |\ & o, Py Ps Py

) ZGZL!p Xeout 1 ) . 2 C 1 2 _ (dp/ daf
AP, —my{m ff(l_)%)(IDfJ¢fd)g » fi= HYJF? X (dp/ dz,

C,=2.16R&*'We* (Laminar liquid-laminar vapor) ;
C, =L1.45R&*We:* (Laminar liquid-turbulent vapor)

) ) 237t
AF;:GZ )§0ul + (1_Xeour) _ Xzeout+ (1_ X:eir) S a= l+[l_)%] &
pgaout pf(l_aout) pgain pf(l_aout) Xe P ¢

2l
Al:;pg:j fsng2 = ;
D, P

g

foRey = 24 & 1.3558+ .94675° — 1.7018°+ 0.95@ - 0.2587] Re 2000

f,,=0079R> 2008 Re< 20,000f; = 0.046Re Re 20,000;
- €
Refo:%;RQ:ql &)Q ’RG:G)%D-lWem: q
Hs Hy Hy Py (3_20)

3.4.3 Heat transfer correlations for natural convection or outer tube
As the temperature gradient will be low with the wd insulation, not much heat loss
is expected, and so the standard heat transferc@HuUChu correlation for vertical

plates can be used:

_ 3
Rq_ — GI’L Prair — gﬁ(Te Tamb)L
Vairaair
067Ra "

)9/16]4/9

] (3-21)
Nup, =07= = 068+
Ka L+ (0.492/ P

air

Rg <10

This correlation can be used for vertical cylindéfsllowing condition satisfies: [6]

D, 35

L GrM*

(3-22)
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3.5 Summary

In this chapter, a detailed review of differentéypf conventional evaporator design
with a focus on microchannel-based evaporatorspr@asgded. A section was devoted
to a special microchannel-based design called mwianihicrochannel technology,
which is the basic design philosophy behind theulbevaporator, on which the
further study is based. In the last section, aifaportant correlations were reviewed
to provide the underlying physics for fluid flow dnheat transfer inside
microchannels. However, due to the complex geoneetdyfluid flows, none of these
correlations are applicable for the present casemFthe literature studies, it is
evident that that a more systematic study is neéaledtablish the effect of important
geometrical and fluid flow parameters to predicath&ransfer behavior inside a
manifold guided channel. Due to the larger numbepavameters, it is difficult to
find a generalized solution that would be benefitoa all design cases. Hence, the
next chapter focuses on a single-phase numerigdy stf quarter-symmetry manifold
microchannel cell using ANSYS IcePAK to validatee thindings obtained in the
literature studies. An attempt at a parametricojation which would serve as a

guideline for future developments is also given.
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CHAPTER 4: SINGLE-PHASE STUDY OF MANIFOLD

MICROCHANNEL SYSTEM

This chapter focuses on manifold microchannel degignciple and a numerical

study of important geometrical and flow parametensch govern the fluid flow and

heat transfer behavior. Further, brief attentiongigen to optimization using the
Dynamic-Q method for a fixed mass flow rate instie manifold microchannel

elemental cell. All the studies have been donequdiNSYS IcePAK ensuring grid

independence of the model.

A manifold microchannel system consists of a miovoge surface attached to a
manifold surface on the top perpendicularly aligrveith microchannel fins. The

function of the manifold is to guide the flow inparticular way to reduce the flow
length and pressure drop. A schematic of the mihifocrochannel system is shown
in Figure 4-1.

MANIFOLDS

MICROCHANNELS
ALTERNATE FLUID
INLET AND OUTLET

HEAT FLUX

Figure 4-1: Manifold microchannel system schematic
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Heat is provided at the base of the microchannaistware typically made of highly
conductive materials. Fluid enters alternativelptigh a series of manifolds attached
to the top of the channels. Manifold is usually mad poor conductive materials and
is made of light weight material. As multiple feeale present, flow length at the
bottom of the microchannel is reduced, which heitpseducing the pressure drop
without sacrificing heat transfer coefficient. Asetflow length is much smaller
compared to traditional microchannel flow, flowllstemains in the developing
region and average heat transfer coefficient irsgeaharply. Multiple flows turns
and flow area reduction leads to significant mixiofy the flow which further
enhances the heat transfer coefficient based os fluxsprovided.

Another advantage of the design is that it leads teduction of the thermal gradient
usually associated with a straight flow, which nskbe manifold microchannel
system a very promising candidate for removingdpaitts and in applications such as

chip cooling, where uniform heat flux is criticarfsmooth functioning of the device.

4.1 Numerical Study

A systematic study was conducted using ANSYS IceRAkKevaluate the critical
geometrical and flow parameters that influence flned flow and heat transfer
behavior. A quarter-symmetry elemental volume wvels chosen for the study that
accurately represents the overall system, as shiowkigure 4-2 . The boundary

conditions are shown in Figure 4-3.
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Figure 4-3: Geometrical model with boundary conditons
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Numerous geometrical and flow parameters are importfor heat transfer
characterization as listed below:

> Inlet manifold channel widthwch, man_inlet

» Outlet manifold channel widthweh, man_outlet

» Manifold fin width, tin man

» Microchannel fin thicknessgn micr

» Microchannel widthweh micr

> Base height Hpase micr

» Microchannel fin height Hin micr

» Manifold height Hsin man

» Mass flow rate through manifold inIerfn

The final choice of material for the designed evapmr was a nickel alloy, discussed
in a further chapter; hence this was used as therialchoice for the microgroove
surface in the simulation. The manifold design Ibesn utilized both for single-phase
and two-phase flow in the evaporator and only sifpgglase flow in the solution heat
exchanger with ammonia and ammonia-water solutisaspectively. Ammonia-
water solution properties can vary significantlyttwiemperature and are heavily
influenced by thermodynamic state parameters. Heweat lower ammonia mass
fraction, properties would be close to water. Hericethe sake of simplicity, water
was chosen as the fluid material for the simulation

Further, the following assumptions were made foe tgeometrical model

development:
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For single-phase flow with smaller flow length, f@enature gradient across
the channel would be small and hence density amer @roperties won'’t vary
significantly. So, all the fluid and surface prajes are treated constant with
temperature variation.
Base height is fixed and equal to 0.1 mm to minérize conduction thermal
resistance. No parametric study would be conductedbase height, as
uniform heat flux would be considered at the base.
The manifold volume is made of poor thermal conuitgt material (Teflon)
and hence would have adiabatic boundary conditimlbsurfaces. No heat
exchange would occur between the manifold surfacefid present in the
channels.
Symmetry conditions are used at Z-min, Z-max,Y-r&irY-max boundary
condition.

0 Z-min is on the middle plane of the microchannelthickness.

0 Z-max is on the middle plane of microchannel width.

0 Y-min is on the middle plane of the manifold outlet

0 Y-max is on the middle plane of the manifold inlet.
Uniform and constant heat flux of 50,000 W/im supplied at the base of the
computational domain at Y-min. For single-phasevfliieat flux variation
was not studied, as it does not significantly daftee heat transfer coefficient
or pressure drop in the parameter range studied.

Uniform mass flow rate is specified at manifoldeinat Y-max.
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» Static ambient pressure boundary condition is wdeahanifold outlet at Y-
max. Total pressure drop across the channel isiateal keeping outlet feed
as the reference.

» All fluid properties are assumed to be constantwater at 25 °C and used
from ANSYS IcePAK 13.0.2 default database :

o Density = 998.0 kg/ff

0 Specific heat = 4183.0 J/Kg-K

o Conductivity = 0.582 W/m-K

0 Viscosity = 0.001 kg/m-s

0 Molecular weight = 18.015 kg/kmol

» The microgroove material is nickel (Ni-Pure) and fbllowing properties are

used from ANSYS IcePAK 13.0.2 default database:
o Density = 8907.0 kg/f
o Specific heat curve (K, J/Kg-K ; T=0, Cp = 163 £177, Cp=163; T =
373, Cp=465; T = 1000, Cp = 465)
o Conductivity type = Isotropic

o Thermal Conductivity = 91.74 W/m-K

The total size of the computational domain was rdeteed based on the above

geometrical parameters and is summarized below.
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W

W, . : :
AX = DI 4 +—°h'm'5‘2”—°““et Compdomain X —size
AY =H cemicr + H i mier + H fin.man CompdomainyY —size
tfin micr Vvch micr H H
AN = 2 + 2 CompdomainZ - size

(4-1)
A new set of dimensionless based parameters avedafned, which is independent

of geometrical parameters:

t.

Micr _FC_ Ratio=—"me Microchanrel fin/channelRatio

Wch,micr

. - H fin,micr . -
Micr _ Aspect Ratio= ' Microchanrel c/s AspectRatio
ch,micr
t,

Man_FC _Ratio=— ™™ Manifold fin/channelRatio

Wch,man_inlet (4'2)

Considering the manufacturing limits of the finsdamelocity attained in the

microchannel region, the following ranges for getiioal and flow parameters were

considered.

q =50000 W/m? 05e-6kg/s < m < 15e—6kg/s;

Hbasemicr = 01 mm;
05<Micr FC _Ratio<15; 1< Micr _ Aspect Ratio< 20
0.1 mm<w, . <1 mm 0.1 MM< Wy 1nan iniee <O MM
(4-3)
0.Imm< H g ., <5mm 0.1<Man_FC_Ratio<5

Two output functions, heat transfer coefficient gnomping power were considered

for evaluating the fluid flow and heat transfer aeior.
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The effective heat transfer coefficient is evaldatising mean area averaged surface

temperature at the basep{d) and the mean area averaged fluid inlet temperatur

(Tin)-

h=—3
(Tbase_ Tin ) (4-4)
Pumping power flux is calculated for the base argiag area averaged pressure at

inlet and outlet.

o m(P. —P,)

PP ) tfin micr Wch micr
P Lbas 2 + 2
(4-5)

The Reynolds number in the microchannel flow sect®a critical parameter that

influences the fluid flow and heat transfer behatwo the overall manifold system.

R = Gmicr Dh
C-:'micr = Vmicr
Dh — |_2|H fin,michch,micr
( fin,micr + Wch,micr) (4_6)

‘Gmicr IS the mass flux in the microchannel cross sectdnich in turn provides the
average velocity in the cross section.y*Ds the hydraulic diameter of the
microchannel flow areav* and ‘p’ are the dynamic viscosity and density of the

working fluid, respectively.

The ANSYS IcePAK settings for solving the baseltase are shown in Table 4-1.
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Table 4-1: ANSYS IcePAK solver settings

Parameter Status/value
Variables Solved Flow, Temperature
Flow regime Laminar (very small flow rate)
Gravity Off
Time Variation Steady
Number of iterations 500
Flow convergence criteria le-4
Temperature convergence criteria le-7

A first order unwind scheme was used for tempeeatimd momentum equations. The
under relaxation factor for pressure was kept default value of 0.3 and 0.7 for
momentum. The exact settings for the discretizaioheme, under-relaxation and
linear solver are shown in Figure 4-4. Basic NaBu&kes equations were being
solved for transport of mass, momentum and enanggdiculating laminar flow with
heat transfer.

Conservation of mass and continuity equation igwiby:
2—/;+V.(pv) -0 4-7)

For constant fluid properties or incompressibledfluhe continuity equation reduces

to:

94



N
V.(v)=0 (4-8)
| Advanced solver setup =[x
Discretization scheme _]
Pressure * Standard ¢ Second ¢ Body Force Weighted
Momentum & First  Second
Temperature + First  Second
37 First € Second
&+ First € Second J
Underrelaxation Pressure 0.3 =
domentum 0.7
Temperature 1.0
1.0
Body forces 1.0
05
05
Joule heating patential 10 _J
Linear soker Type Termination Fesidual reduction  Stabilization J
criterion tolerance
Fressure K4 b 0.1 0.1 INone j
Mamentum flex 7 01 0.1
Temperature flex il 0.1 0.1 lNone j
flex 2 0.1 0.1
flex b 0.1 0.1
Joule heating potential W o le-b 0.1 'None j =
Precision |Couble j
Accepll Reset | Cancel |

Figure 4-4: Discretization scheme & solver precisio

The momentum transport for an inertial/non-accéilegaeference frame is described

by:

V-(pCT/j:—Vp+V-(;)+pS+E

;:y[(vﬁvw}—%v?l}

(4-9)

where pis the static pressuré,is the stress tensor apdyis the gravitational body

force. F is the source term that may arise from resistarsmsrces, etcuis the

dynamic viscosity and | is the unit tensor. As gisaand body forces are absent for

the current problem; these would not be considéredolving the equation.

95



The energy equation for fluid region can be defimettrms of sensible enthalpy as:

v .(phcj V[V T]
] (4-10)
h= [c,dT; T =29815K;

Tref

where kis the molecular conductivity. For the current laari problem, the above

equation further reduces to:
V. (phv) = V- (KVT) 4-11)

4.1.1 Grid Independence Study

A grid independence test was conducted to findbfitenum size required to carry on
the parametric studies to save computation timbkawit sacrificing accuracy. A study
was conducted for low and higher mean velocitydaghe microchannel which is the
critical indicator of the fluid flow behavior andasility of the grid. Fifteen different
grid sizes were selected from very coarse to vamg frids for low Reynolds
numbers. Five different grid sizes were studied rf@dium to fine grid sizes for
higher Reynolds number. It can be seen in Figubetidat a smooth predictable trend
was obtained for both base heat transfer coefficaaa pumping power for all the
cases. Near the grid point with 160893 nodes< 20 pumAy = 8 um,Az =4 um), it
can be observed that the graph flattens out ancchihege of output functions is
within 0.5%; hence, this was chosen as the optinpoimt. For higher Reynolds
numbers (Re ~ 110) also, variation was within theeseange, and the same optimum
point was used. All further simulations were catriesing this grid size and number

of nodes.
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Grid Independence Results
(G = 1000 Kg/m?-s)
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Figure 4-5: Grid independence results for low (Re $0) and high mean

microchannel velocity (Re = 110)

4.1.2 Baseline Case

A baseline case was run using the following degignameters using the nickel

surface and water as the working fluid.
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tfin,micr = Wch,micr = 03 mm

Hiasemicr = 0Amm Hg o =03mm Hy . =1mm

Wehman_intet = Wenman outet =1 MM Ly o =1 mm

M= 45x10°° kg/s, q =50000W/m’

Micr _FC _Ratio=1; Micr _Aspect ratio=10; (4-12)

Man_FC _Ratio=1

For mesh control, hexa-cartesian mesh parametaes wged with maximum X-size

of 20 pm, maximum Y-size of 8 um and maximum Z-sizel um. The minimum

gap in all directions was 1 um. The total numbeeleiments for the computational

domain was 140800 with the total number of nodesdo#60893. The quality of the

mesh is 1 in a range of 0 to 1. The volume rangé&® elements is 5.7892e-16 <V <

6.0e-16 urand the skewness for the element is 0. The temperabntour plot for

Z-max plane is shown below in Figure 4-6.

TEmpEralurE

25.4795
! -: 25.4196

2535696

25.2997
— 25.2398
+— 26.1798
25.1189
25.0539

25.0000

Figure 4-6: Mean temperature contour plot in Z-maxplane for baseline case
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It can be seen that as the base is supplied witktant heat flux, the inlet fluid gains
heat and temperature distribution is non-uniformtlog outlet. The initial calculated
Reynolds number for the problem is 17.964 and Peclmber is 129.112. Much of
the heat exchange is happening in the thin layar tiee base surface and it divides
the outlet fluid in two zones: the inner zone whidbesn’t participate in heat
exchange as it is bypassed from the top layerehitfcrochannel and the outer zone
which contributes to maximum energy transport. kerrtvelocity distribution for the

Z-max symmetry face is shown in Figure 4-7.

i Velocity
mjs

2.34978
g: 2.05606
1.76234
1.46861

1.17489
0.881167
0.587445

0.293723
0.000000

Bypass zone leading to
XL higher mass flow rate

Stagnation Zone

Figure 4-7: Mean velocity vector plot in Z-max plare for baseline case

Due to the creation of a stagnation zone at theotyobf the microchannel, which is
also found in the literature, it can be observeat thass flow rate is higher at the top
corner part of the microchannel, which effectivetgates a bypass zone. A study has
been conducted further in the sections to know lelocity plot is affected with

increase in Reynolds number. It is also importargtudy static pressure distribution
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plot, as this would provide relative pressure dstion in the manifold and the

microchannel.

Pressure

Nim?
! 20262.6
& -— 17656.0
15049.4
12442.7
9636.13

7229.51
-— 4622.89

.: 2016.27
-590.344

Figure 4-8: Static pressure distribution at Z-max pane for baseline case

It can be seen from the Figure 4-8 that majorityhef pressure drop happens across
the microchannel length and the manifold inlet/etugection has almost uniform
pressure distribution. The static pressure inciefreen the top part to the bottom part
of the microchannel which is opposite from the edjodistribution curve and aligns
with Bernoulli’s principle. Table 4-2 summarizé®toutput parameter of interest for
the simulation.

Table 4-2: Baseline case results summary

Parameter Value
Mean base temperature 25.2899 °C
Fluid Inlet Temperature 25.0 °C
Base Heat Flux 50,000 W/
Base Heat Transfer Coefficient 172473 W/M-K
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Mean pressure inlet 20205.4 Pa

Mean pressure outlet 0 Pa
AP (Total pressure drop) 20205.4 Pa
Mass flow rate, 4.5e-6 Kg/s
Microchannel mass flux 1000 Kg/nf-s
Microchannel mean velocity 1m/s
Reynolds number 1000
Pumping power flux 1,500 W/m

Convergence was monitored in terms of velocitiestiauity and energy residuals as
shown in Figure 4-9. The flow and energy equatiares solved sequentially to save
further computation time as no property variatisnexpected due to low thermal

gradient.

RESIDUALS

ITERATIONS

Figure 4-9: Residual plot for baseline case
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4.1.3 Parametric Studies

This section of the chapter discusses the effeatnpbrtant geometrical parameters
for the manufacturing ranges described earlierrgento better understand the fluid
flow and heat transfer behavior. Parameters wes@ \aried and checked for various

mass flux values too for both base heat transfefficeent and mass flux.

4.1.3.1 Influenceof fin width

Microchannel fin width significantly affects the d®mheat transfer coefficient as it
tends to change the base heat transfer area. fis@dachannel width and mass flux,
the area available for convection is constant bitih /mcreasing fin width provides
more conduction thermal path. As the conductionrntla¢ resistance is higher
compared to microchannel convection resistance, dherall base temperature
increases for increasing fin width, leading to lows/erage base heat transfer
coefficient. However, the curve goes through a geaknuch thinner fin dimensions
due to fin efficiency limitations.

For a constant mass flow rate and constant chamidgh, the pumping power flux
decreases across the channel with increasing fitthwirhis is due to decrease in
manifold pressure drop with increasing fin widthhi§ clearly suggests manifold
pressure drop also needs to be taken into accountdch thinner fin width.

A study has been conducted for a smaller ( < 50 amd) medium size (50-200 pm)
microchannel hydraulic diameter for increasing nféss rate and fin width, and the

output is monitored in terms of base heat transbefficient and pumping power.
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It can be seen in Figure 4-10 and Figure 4-12 tthetheat transfer coefficient curve
goes through a peak which aligns with analyticabdets for finned heat sinks. The
peak is more pronounced for higher mass flow ratkiacreasing channel width. It
would be desirable to keep the fin width correspogdo peak value to have a higher
base heat transfer coefficient. The pumping poweves as shown in Figure 4-11
and Figure 4-13 drop down with increasing fin widtid increasing mass fluxes as it
is expected that the majority of the pressure drappens inside the microchannel.
However, at lower mass fluxes, it can be seen thate drops with a noticeable
gradient, which suggest that a good percentageesspre drop happens inside the
manifold itself.
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MFR=1e-5 Kg/s

\ MFR=1.25e-5 Kg/s
§
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Figure 4-10: Base heat transfer coefficient variatin with varying mass flux and

microchannel fin thickness for channel width of 3Qum
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Figure 4-11: Pumping power variation with varying mass flux and microchannel
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Figure 4-12: Base heat transfer coefficient variatin with varying mass flux and

microchannel fin thickness for channel width of 10Qum
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Figure 4-13: Pumping power variation with varying mass flux and microchannel

fin thickness for channel width of 100 um

4.1.3.2 Influence of microchannel width

Microchannel width is a critical parameter affegtithe fluid dynamics and thermal
transport behavior significantly. Change in widthiedtly changes the Reynolds
number which ultimately affects the Nusselt numb@r a constant microchannel
width, base heat transfer coefficient increases witreasing mass flow rate. The
variation of heat transfer coefficient follows aymr law and hence, low values were
obtained for hydraulic diameter more than 0.1 mmtfe mass fluxes studied as
shown in Figure 4-14. Pumping power varies by aeoof magnitude with hydraulic

diameters as shown in Figure 4-15. For a constarbohannel width, pressure drop
increases significantly with increasing mass flater Hence the Y-axis of the plot is
shown in logarithmic scale. For laminar flow witmaller Reynolds numbers (Re

<100), pressure drop varies inversely with thénfgower of hydraulic diameter. The
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same set of results can be inverted for changipgcsatio. As aspect ratio increases,
heat transfer coefficient decreases and pressogeidcreases for constant mass flux,

constant fin height, and increasing channel width.
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Figure 4-14: Base heat transfer coefficient variatin with varying mass flow rate

and microchannel width
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Figure 4-15: Pumping Power variation with varying mass flow rate and

microchannel width

For constant microchannel width and increasing nflags an additional comparison

is provided for velocity distribution inside the erochannels. As the mass flux
increases, more fluid with higher velocity is push®wards the bottom of the
microchannel, generating more friction which leddshigher pressure drop than
traditional microchannel design as shown in Figdr@6. At lower fluxes, fluid

bypasses through the top part of the microcharumegting a stagnation zone at the
bottom of the microchannel. Heat transfer coeffitiwould be lowered because of

additional thermal resistance provided by the saggghfluid zone.
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Figure 4-16: Changing velocity distribution with changing mass flux inside a

manifold microchannel

4.1.3.3 Influence of microchanne fin height

Microchannel fin height is another important parteneas it alters the aspect ratio
and also affects the mass flux. With increasinghiight, a peak is obtained for base
heat transfer coefficient, which suggests theraansoptimum in between. With
increasing mass flux, the peak is more pronouncedhown in Figure 4-17. At
smaller fin height dimensions, overall heat transfeefficient is low, as there is less

area available for heat transfer enhancement. i§etafin height dimensions, mean
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velocity becomes smaller, which reduces the Reyneldmber. Further, due to
theoretical fin efficiency limitations, heat traasttoefficient goes down.
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Figure 4-17: Base heat transfer coefficient variatin with varying mass flow rate

and microchannel fin height

Pumping power flux decreases with increasing figiiefor constant mass flow rate.
With increasing fin height, microchannel mass fld&creases and the hydraulic
diameter increases. Both factors contribute to raeroof magnitude decrease in the

pressure drop as shown in Figure 4-18.
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Figure 4-18: Pumping power variation with varying mass flow rate and

microchannel fin height

4.1.3.4 Influence of manifold fin height

Manifold height does not appear to have consideradffect on heat transfer
coefficient and pumping power flux in the parametange studied as shown in
Figure 4-19 and Figure 4-20. No change in heatsfearcoefficient with change in
manifold height suggests a less significant chandl®w behavior at the entry region
of the microchannel. The pumping power flux deagehsome variation within 0.1%,
which can be attributed to the change in flow léngftthe manifold. With increasing
mass flow rate, both the graphs follow predicteldaweor in terms of increasing heat

transfer coefficient and pumping power flux.
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Figure 4-19: Base heat transfer coefficient variatin with varying mass flow rate

and manifold fin height
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Figure 4-20: Pumping power variation with varying mass flow rate and manifold

fin height
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4.1.3.5 Influence of manifold fin thickness

Manifold fin thickness alters the flow length anffeats both fluid flow and heat
transfer behavior considerably, as shown in FiguPd and Figure 4-22. As the flow
length increases, pressure drop increases propatély. But pumping power flux
remains linear, as it is flow length independemi. Bwer mass fluxes, an increasing
trend can be seen due to pressure drop distribubietween manifold and
microchannel. Heat transfer coefficient drops digantly with increasing flow
length because of the transition from developingd&veloped flow. Due to an
increase in bulk fluid temperature and a thickeurltary layer, the heat transfer

coefficient decreases and the average base tempesiioots up.
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Figure 4-21: Base heat transfer coefficient variatin with varying mass flow rate

and manifold fin thickness
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Figure 4-22: Pumping power variation with varying mass flow rate and manifold

fin thickness

A comparison is provided for different manifold ¢gh where temperature variation
across the base is significant, as shown in Fige28. For smaller manifold length,
the flow never develops and the heat transfer woefit is lower, which results in
lower average base temperature. For larger manfialdhickness, flow tends to
stratify and heat transfer coefficient decreasassacthe length, which results in

higher average base temperature.
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Figure 4-23: Temperature contour for manifold fin thickness of 0.1 mm (left)

and 1 mm (right)

4.1.3.6 Influenceof inlet manifold length

Inlet manifold length has a significant effect oeah transfer coefficient, as longer
inlet length has more base area for delivery offliid to the microchannel and hence
decreases the overall heat transfer coefficienmg?og power exhibits an opposite
trend compared to manifold fin thickness. At muchaller inlet lengths, pressure
drop in the inlet manifold itself is much higherhieh gets eased off with an increase
in the inlet width. The numerical simulation resudtre provided in Figure 4-24 and

Figure 4-25.
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Figure 4-24: Base heat transfer coefficient variatin with varying mass flow rate

and manifold inlet length
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Figure 4-25: Pumping power variation with varying mass flow rate and manifold

inlet length
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4.1.3.7 Influence of outlet manifold length
Outlet manifold length has very similar effect @ds effects of inlet manifold length
as shown in Figure 4-26 and Figure 4-27. Howewérsmaller manifold outlet
lengths, heat transfer coefficient asymptotes tveer value. This is because a
smaller outlet leads to higher exit velocity, whidbes not provide any benefit of
increase in heat transfer rate as opposed to amaise in inlet velocity in the previous
case. The pumping power curve is very similar @ ¢lrlier case as the sum of the
individual pressure drop is same.

300000

Increasing Mass Flow Rate
250000 -

SEE0 - = MFR=5e-7 Kg/s

' ——MFR=2e-6 Kg/s
150000 \ g/

—MFR=4.5e-6 Kg/s
100000 -

N MFR=7e-6 kg/s
50000 | ~—— -
\ MER = 1.5e-5 Kg/s
0 1 2 3 4 5

Outlet Manifold Length (mm)

Base HTC (W/m2-K)

Figure 4-26: Base heat transfer coefficient variatin with varying mass flow rate

and manifold outlet length
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Figure 4-27: Pumping power variation with varying mass flow rate and manifold

outlet length

In summary, it can be concluded from the aboveysthdt microchannel dimensions
are critical for obtaining optimum heat transfeeffwient and pumping power flux.
It is necessary to keep the manifold width dimemnsias small as possible to obtain a
higher heat transfer coefficient and lower pumppogver values, which aligns with
the literature review. In the next section, an mjation study has been conducted

using the Dynamic-Q optimization method to furtlialidate the findings.

4.1.4 Numerical Optimization

The design optimization problems are solved in AI$S¥ePAK using the Dynamic-
Q optimization. It is an efficient constrained opization method consisting of a
dynamic trajectory optimization algorithm to sucies quadratic approximations to

the actual optimization problem. Compared to tradal optimization algorithms
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used for well-defined objective functions, Dynarficis used for computationally
intensive problems where time-consuming numerigaukations are required for
function evaluations. For computational fluid dynesnsimulations, finite element
method or dynamic simulation of multi body systerelevant functions are not
known analytically and numbers of variables argdarhence traditional algorithm
cannot be used.
A general non-linear optimization problem looksetik
min, f(X);X=(X,X%,,.....X,) € R"
subjectog;(X)<0;j=12....p (4-13)
h.(X)=0k=1...,q

where f(X), g, (x) , h (x) are scalar functions of x.

In the Dynamic-Q approach, successive sub prob@mgenerated at successive
approximations by constructing spherically quadrapproximations where the

approximated functions are given by:
f(x) = f(xi)+VTf(xi)(x—xi)+%(x—xi)T A(X=X);
9,09 =9,0)+V7g, ()(x=X)+2 (x=X) By (X=X} | =L...p  (4-14)
hkix)zhk(xi)+vThk(xi)(x-xi)+%(x-xi)Tck(x—xi);kzj,....,q

where A, B and G are the Hessian matrices of the simple forms:

A=diag(aa,....a) =al;B, =b;1;C, =c,l (4-15)
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where

e Z[f (x“l)— f (xi )—VT f (xi Xxi‘l —X )]

]
b, = 2lg,(x)- gjﬁx:)l_vTFJ (== x )] (4-16)
= 2h (x1)-h, ﬁxi)— VT_thk (x Yx* = x)

In many optimization problems, additional side doaiats represent upper and lower
boundaries for the variables. Since these conssrhgwve zero curvature, they are not
approximated in the Dynamic-Q method. They are ieitlyl treated as linear
inequality constraints having upper and lower baun#éldditional constraints are

described which have the form:

gjj(x)=lA<v|—xVI <0l=22,..r<n
ém(x):xwm—liwmsO;mle,....,sgn (4-17)
) 2

g, (X) :Hx— x"lu -6°<0
After constructing a local approximation optimizati problem, the sub problem is
further solved using a constrained optimizer LFP@gnamic Trajectory Leap Frog
Optimization method). The numerical optimizatioasaperformed using the above
method, which went for several iterations and s$réor the following parameter range

defined.
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Hbasemicr =01 mm; CI = 50,000 W/mz,

r.n= 45e—-6 kg/s;

001 mm<w,, .. <1 mm 001 mm<tg . <1 mm

05 mm<Hg ..<2 mm 01 mm<Hg <1 mm

05 MM<W,, o inee <2 MM 05 MM<W an outler <2 MM

05 mm<tg .,<2 mm (4-18)

h>100000W/m? - K

The objective function was constructed using thie raf heat transfer coefficient and
pumping power flux. A minimum value of heat transteefficient is defined to get a
reasonable higher value. Several iterations wareanal the results are summarized in

Figure 4-28. The best optimum point correspondetiedollowing values:

Hbasemicr =01 mm; q =50,000 W/mz, r;’]: 45e—-6 kg/S,

Wer mic = 0.01764mm t o mer = 0.1509mm

H fin.man =05 mm H finmicr = 0.2864 mm

W,

ch,man_inlet

=05 mm W =05 mm

ch,man_outlet —

. _ 2 1. " 2
tonman = 05 MM h=154300 W/m? —K; P"=3634 W/m (4-19)
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Figure 4-28: Optimization iterations in IcePAK using multiple geometrical

variables

The results agree strongly with the parametriciegidone where smaller manifold
and microchannel dimensions are preferred. Thenogdtion selection falls on the
lower boundaries for manifold dimensions. Howevtre optimization takes a
significant amount of computation time and furtbrdy was conducted by reducing
few parameters. Also, study of mass flux variabléersible by keeping the manifold

dimensions to a lower practical value and varymgrmicrochannel dimensions.

An optimization study was conducted for 25 iterasiavith various trials for a fixed
mass flux and manifold dimensions but with varymgrochannel dimensions. The

convergence chart is shown in Figure 4-29.
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DATA VALUE

ITERATIONS

Figure 4-29: Iteration runs for fixed mass flow rae and manifold dimensions but

varying microchannel dimensions

Table 4-3 shows all design points from where thignogm point can be chosen. The
data marked in red shows the most optimum pointrevtsifficiently high heat

transfer coefficient value is achieved with lowengping power flux values. The data
in green shows potential design candidates for khmaich higher heat transfer
coefficients are obtained but at a higher presdup penalty. It can be deduced from

the data that much finer dimensions with higheeaspatio (> 5) are needed.
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Table 4-3: Design points based on optimization re#is for constant mass flux
and manifold dimensions

Microchannel Fin Microchannel Microchannel Fin | Base HTC Pumping

Height (mm) Width (mm) Width (mm) (W/m>K) | Power (W/md)
0.3 0.03 0.03| 2.26E+05 2253
0.12 0.09903 0.01| 7.66E+04 162
0.3 0.197 0.1029| 3.46E+04 4.367
0.4959 0.07988 0.01| 6.07E+04 82.49
0.3159 0.08567 0.108| 7.27E+04 43.3
0.337 0.0518 0.0195| 1.34E+05 391.5
0.157 0.05677 0.1175| 8.44E+04 265.5
0.337 0.1065 0.0195| 6.41E+04 35.26
0.2979 0.02906 0.1175| 1.46E+05 1044
0.2965 0.087 0.0195| 8.16E+04 74.66
0.1165 0.185 0.1175| 3.45E+04 18.75
0.3106 0.07094 0.01| 8.43E+04 156.1
0.2842 0.09412 0.108| 6.62E+04 35.68
0.3076 0.02082 0.02547| 2.92E+05 7915
0.1276 0.1188 0.01| 6.35E+04 84.36
0.3076 0.2168 0.108| 3.15E+04 3.287
0.5207 0.07477 0.01| 6.33E+04 102.3
0.3407 0.104 0.108| 6.23E+04 23.29
0.3628 0.01545 0.01| 3.20E+05 3.01E+04
0.5428 0.1134 0.108| 5.91E+04 14.74
0.3628 0.2114 0.01| 2.63E+04 4.386
0.1629 0.08812 0.1495| 5.56E+04 65.88
0.2281 0.01 0.04691| 3.86E+05 6.20E+04
0.1 0.108 0.01| 7.25E+04 171.3
0.28 0.206 0.06486| 3.54E+04 4.714
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A further study was conducted to vary the mass flatg, keeping the initial solution
as the optimized solution from previous study. Thés done to determine whether a
similar trend of design points is preferred for eptimum mass flow rate. The
optimum point fell on the upper boundaries of thasm flow rate with larger
microchannel dimensions (> 0.1 mm channel widtinpdgh the pressure drops were
much lower for all the iterations, heat transfeef@icient was not sufficiently good.
The results indicate mass flow rate can signifigamfluence the design points and

should be considered for optimizing the system.

4.1.5 Summary

A comprehensive study for single-phase flow for ifwd microchannel was
performed using ANSYS IcePAK. All important geonmedt and flow parameters
were considered for the parametric study, and éartbptimization using the
Dynamic-Q algorithm was performed to validate thedihgs. The following
conclusions can be drawn:

a) Microchannel width is the most critical parameteattbasically affects the
mass flux inside the channel. Fluid flow and heansfer behavior is
significantly affected for both low and high Reydslnumber. For lower
Reynolds number, fluid bypasses through the uppérqd the microchannel
creating a stagnation zone at the bottom of thamélavhich leads to a lower
heat transfer coefficient. For higher Reynolds neamimean velocity is higher
at the bottom part of the microchannel which enkanthe heat transfer

behavior.
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b) There lies an optimum for both fin width and finidgte as the graph passes
through a peak. This is in agreement with analiystady where fin efficiency
is an important factor to consider.

¢) Manifold dimensions (fin thickness, channel widtidahannel height) should
be kept smaller to have better heat transfer aoefft and lower pressure
drops.

d) Mass flux significantly affects the pressure droyl dneat transfer rate in all
the cases. The optimum points would change if flagss also considered a

separate variable for the optimization study.

The current study provides a guideline for selectib the parameter for the tubular
evaporator which is the focus for next chapterse fthbular microgroove surface has
high aspect ratio microchannels on the outer sikerainichannels on the inner side.
A preliminary design was considered utilizing matdfflow on both sides, and later
the design transitioned to enhanced header desitpesmanifold header on the outer
side had smaller dimensions, which led to very rsbgeessure drop and good

overall heat transfer coefficient.
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CHAPTER 5: TUBULAR EVAPORATOR DESIGN AND

EXPERIMENTAL SETUP

This chapter focuses on the development of thelanlmvaporator and its fabrication
methodologies. Further, the experimental setup usede study is discussed along

with the specific instrumentation used.

5.1 Microgrooved Tubular Evaporator — Design and Develpment

Several fabrication methods are used to make nhamuels on different material
surfaces. Silicon microchannel fabrication techesean create fine channels with
small hydraulic diameters. Micromachining is therenpopular conventional method,
which creates channels using electron dischargehimiag or micro-milling.
Wolverine Microcool Inc. (Decatur, AL) has patentadnovel micro-deformation
technology which mechanically and plastically deferthe surface to form finite and
repeatable channels [67]. It can be used on a waidge of materials, from rubber to
titanium. High aspect ratio microchannels (up t&X8an be made with a fin density
of 25 to 625 per inch (based on material choice)e Tubular microgrooved
evaporator design utilizes this technology for mgkihe heat exchanger surface with
water flowing on the inner side (through minichashand refrigerant flowing on the
outer side (through high aspect ratio microchanneBeveral designs made of
aluminum and nickel microgroove surface with diéfier kind of inner tube inserts
and outer headers were experimentally evaluatddrins of cooling capacity, heat
transfer coefficient and pressure drop. The evdpordesign was improved in

successive iterations after collecting and anatyzéxperimental data. The target
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objective was to achieve 5 kW cooling capacity wattnmonia as refrigerant and
ethylene glycol as the process fluid. Due to rewtd facility availability and strict
ammonia regulations, initial tests had to be cotetlicising R134a/water instead of
ammonia/ethylene-glycol, as shell and tube sidddluespectively.

The choice of refrigerant R134a was based on ity escessibility and higher
saturation pressure which closely simulates the amnimn conditions. However,
ammonia has much better thermodynamic propertieseims of latent heat of
vaporization and pressure drop, which would lealédtier heat transfer rate. Latent
heat of vaporization of ammonia is roughly six tanbligher than R134a. A
comparison of R134 and ammonia important propetiees been provided in Table
5-1.

Table 5-1: Comparison of ammonia (NH) vs. R134a properties

Properties/Index Ammonia R134a Comments

Ozone Depletion 0 0
Potential

Global Warming 0 1300 Ammonia is an excellent
Potential natural refrigerant
Critical 132 °C 101.06 °C Higher critical temperature

Temperature enables higher COP
including high condensing
temperatures

Latent heat of 1369 KJ/Kg 216 KJ/Kg Higher latent heat of NH3
vaporization

Dynamic 9.92 pyPa-s 195 pPa-s Smaller viscosity leads to
Viscosity (25 °C, 7 bars) (25 °C, 7 bars) lesser pressure drop
Vapor density 0.59 3.5 NH3 is lighter than air and

rises in case of leak.
Odor Strong Odorless NH3 can be smelled at 5

ppm, a value 100 times
smaller than tolerance limit
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The fabricated assembly of the microgrooved evaporand its components are

shown in Figure 5-1.

Tubular microgroove surface/ Inner headers Water side Outlet
HX Tube

Nozzle
(Refrigerant Inlet)

O-Ring Holder (—v

Teflon Manifold
External Shell

Nozzle (Refrigerant
Outlet)

Front Flanges
& Waterside Inlet

Inner Flanges

Figure 5-1: Tubular evaporator assembly made of aloninum microgroove
surface and aluminum shell material

The particular example assembly shown above isiicaluminum microgroove tube
with manifold headers on both sides. In other asdies) the design methodologies
changed only in terms of the water-side headergdeselection of microgroove &
shell material, and manifold geometrical dimensiofe rest of the construction
remained the same. More details will be providadecby case in further chapters
where experimental results are discussed. The &bgatmown above is 1.315 Kg in
weight and has external diameter of 63.5 mm angtleaf 305 mm. Outer headers in

all cases were made of Teflon material, which haslly poor thermal conductivity
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but is easy to machine because it is not hard aright weight. Inner headers are

made of Delrin & PVC material, which is less expeashan Teflon.

All design assemblies and the important geometdaakensions are shown in Table

5-2.

Table 5-2: Design assembly materials and importargeometrical dimensions

Assembly HX Tube:
Outside diameter: 51.2 mm; Inside diameter: 46 %82 Axial
Length = 254 mm

No.

Set 1:
>

>

>

Set 2:

Set 3:

Material: Aluminum 6061 (Thermal conductivity: 205
W/m-K at 25°C)

Outside fin width: 102um; Fin height: 30um; Outside
channel width: 102m; Number of fins: 1270;

Triangular channel fin width: 0.8 mm ; Fin Height37

mm, 60 ; Channel width: 0.8 mm ; Number of fins: ~ 320

Material: Aluminum 6061 (Thermal conductivity: 205
W/m-K at 25°C)

Outside fin width: 6Qum; Fin height: 60Qum; Outside
channel width: 6Qum; Number of fins: 2116;

Triangular channel fin width: 1.01 mm ; Fin Height17
mm, 60 ; Channel width: 0.8 mm ; Number of fins: ~ 250

Material: Nickel 200 (Thermal conductivity: 90 W/Kat
25°C)

Outside fin width: 10Qum; Fin height: 60Qum; Outside
channel width: 20@m; Number of fins: 850;
Triangular channel fin width: 1.01 mm ; Fin Height17
mm, 600 ; Channel width: 0.8 mm ; Number of fin250

Outer Header: Length = 254 mm

Force-

Set 1:
>

>

fed/Manifold Flow mechanism;

Material: Teflon (Thermal conductivity: 0.23 W/m-d 23
Oc)
Slot height: 7877um; Base height: 81@m; Slot width: 1016

129



Set 2:

um; Manifold width: 127Qum; 36 slots for inlet and 36
slots for outlet

Material: Teflon (Thermal conductivity: 0.23 W/m-d 23
°C))

Slot height: 2 mm; Base height: 8if; Slot width: 2 mm;
Manifold width: 2 mm; 20 slots for inlet and 20 t=dor
outlet

Inner Header: Length = 254 mm

Set 1:
>
>

Force-fed/ Manifold Flow mechanism

Material: Delrin (Thermal conductivity: 0.4 W/m-K a5
Oc)

Slot height: 7877um; Base height: 81@m; Slot width: 1016
um; Manifold width: 127Qum; 36 slots for inlet and 36
slots for outlet

Annular flow mechanism
Material: PVC
Annular gap: 2.5 mm

Annular flow mechanism
Material: PVC
Annular gap: 1.5 mm

External Shell/Nozzles/Flanges

Set 1:

Material : Aluminum 6061(Thermal condudyvl05

W/m-K at 25°C)

Set 2:

Material : Steel (Thermal conductivity: 10rkvK at 25°C)

HX Tube: Set 1 ; Outer Header: Set 1; Inner HeaSet:1;
External Shell/Nozzles/Flanges: Set 1
HX Tube: Set 1 ; Outer Header: Set 2; Inner Hea8let1,;
External Shell/Nozzles/Flanges: Set 1
HX Tube: Set 2 ; Outer Header: Set 2; Inner HeaSet:1;
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External Shell/Nozzles/Flanges: Set 1

4 HX Tube: Set 2 ; Outer Header: Set 2; Inner Hea8et:2;
External Shell/Nozzles/Flanges: Set 1

5 HX Tube: Set 3 ; Outer Header: Set 2; Inner HeaSet:2;
External Shell/Nozzles/Flanges: Set 2

6 HX Tube: Set 3 ; Outer Header: Set 2; Inner Hea8et:3;

External Shell/Nozzles/Flanges: Set 2

The refrigerant-side utilizes the benefits of thecé-fed evaporation technique which
is similar to manifold microchannel design discussarlier. Force-fed evaporation
utilizes the manifold microchannel geometry to éase the flow length, which in
turn decreases the pressure drop. It uses an helatler placed on top of the
microgrooved surface to direct the working fluigf(rgerant) into microchannels on
the heat transfer surface. The liquid evaporatesvapor as it passes through a short
distance through the microchannel. Vapor flows @futhe channel through alternate
exit channels. The net effect from the combinabdbmultiple short channels reduces
the pressure drop to a great extent and also eabahe heat transfer coefficient
when compared to traditional microchannel desigeryVhigh base heat transfer
coefficient (> 3,00,000 W/AK) with a low pressure drop of 12 kPa has beeniobta
in earlier work done at the S2TS lab, Universityaryland , College Park [31].
The evaporator consists of following components:

a) Tubular HX tube — This is the core of the evaporator where achesit

exchange takes place. The inner surface utilizesrtimichannels to enhance

the heat transfer surface. Different headers wested to enhance the fluid
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flow and heat transfer behavior in single-phasevftn the inner tube side.
The outer surface has very high-density fins withhigh aspect ratio
microgrooved structure in combination with flow Hees guiding the

refrigerant flow as shown ifigure 5-2.

Inner grooves Outer microgrooves

Figure 5-2: Inner HX tube

b) Inner header — Two different kinds of inner headers were usgdehhancing
the water-side heat transfer coefficient. The prglary design consisted of a
manifold guide made of Delrin material and has twybndrical slots each, for
the inlet and outlet. After entering the inlet slotwater moves
circumferentially along the HX tube inner surfacedaexits from the two
outlet cylindrical slots located at 90 degrees aache side. Due to
manufacturing limitations, it was not feasible taka the whole header in one
piece. So it was divided into ten segments, alignégd dowel pins and held
together with long bolts. The actual header ane@setic of flow mechanism

is shown inFigure 5-3.
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Inner header complete Assembly

Inlet Slots Qutlet Slots Move along the

circumference
Figure 5-3: Water-side header and flow mechanism

Another design was made of straight PVC pipe whithzed annular flow
for very small gaps between the surfaces as shoviAgure 5-4. The simple
design was favorable over manifold design in tlaisecbecause of the absence

of microchannels due to manufacturing limitations.

For centering inside Tube insert
the inner tube

Figure 5-4: PVC tube insert for annular flow in the tube side of the HX

c) Outer Header — This was made with a flat Teflon sheet rolledngl the
cylindrical surface to cover it accurately and wastened with strong fish

strings as shown irkigure 5-5. It was important to ensure that optimum
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pressure was used so that it didn't damage theogricoved fins. It was also
important not to allow any gap between the surfacesder to prevent fluid
from bypassing the microgrooved channels altogeffiee preliminary design
has 72 rectangular slots (36 for inlet and 36 fatet), and the force fed flow
concept was utilized. Later, due to high pressurep dssues, manifold
dimensions were increased and 20 inlet and owkHd were used. Saturated
liquid enters the inlet slots, moves circumferdhtialong microgrooved fins,
and saturated vapor exits from the outlet slotortier to facilitate the vapor
exit, several holes were perforated uniformly oa dutlet slots. This will not
affect the heat transfer performance, as the ntgjofiheat transfer happens

along the inner HX tube surface only.

Small holes at Refrigerant
Inner refrigerant slots  outlet slqts for outlet slot
vapor exit

HX Tube Manifold Inlet and Outlet Slot

Figure 5-5: Outer header close view
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d)

f)

9)

Inner Flanges — The inner flange as shown kigure 5-1 seals the volume
between the inner HX tube and outer tube, whichl wé& filled with
refrigerant vapor once refrigerant exits from tlhiet slot holes.

Outer tube, nozzle and inner flanges- These works as the inlet and outlet
flow header for the refrigerant and is showrFigure 5-1. Refrigerant enters
through the nozzle radially and then moves axialyough the Teflon
rectangular slots. It exits the system also in shene way. As the vapor
conductivity is low and the vapor will be continsby flowing, not enough
conduction loss will occur through the outer tubeaffect the exit temperature
measurement. The outer flange was glued to the tulie with high-strength,
low-viscosity epoxy glue. In another improved designd to solve
compatibility issues with ammonia, the nozzles ahdll were made of steel
and welded together.

Front flanges — These are used for facilitating the water ialed outlet into
the water-side headers as showrfigure 5-1. Water enters axially through
flanges and further directly goes to the inner leeatbts and exits the system
in the same fashion.

O-rings — Suitable O-rings have been provided for allftarges, and system
was thoroughly tested for pressure leaks. The sysi@s passed much higher

pressure tests than the actual operating conditions
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5.1.1 Aluminum microgroove tube assembly
From the design parameters shown in earlier talbbes, different assemblies were
tested using the aluminum tubes. For this partiadésign, the nozzle had to be glued

on the tube using epoxy, which sustained a pres#s@0 psi.

5.1.2 Nickel microgroove tube assembly

Nickel has much higher Bricknell hardness compated aluminum. Hence
manufacturing microgrooves using deformation wasegal challenging task. Several
tubes and tool were damaged at the Wolverine facind the process was quite
expensive. On the outer shell side, the stainlesd sozzle had to be welded on the
stainless steel tube. As the stainless steel tude quite thin (1.65 mm), welding
without deformation was quite challenging. Any simdeformation made the
assembly extremely difficult to fit and seal usi@grings. It required lot of manual
correction as the welding deformation made the scr@sction oval in shape. An
external stainless steel ring had to be fabricatedl pressed on both side of the tube

to maintain the cylindrical shape as shown in FegbH6.
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SS external ring  Welding spot Mozzle

Figure 5-6: SS tube welding assembly

The nickel microgroove assembly is similar to ttiatussed in earlier section, except
with a new outer side header with bigger dimensems the use of tube insert instead
of the manifold design on the water-side. The gddons dimensions of the tube

have been shown in earlier tables and total 2 reiffieassemblies were built using
this. The nickel tube assembly and flanges usethitassembly are shown below in

Figure 5-7 and Figure 5-8, respectively.
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Figure 5-7: Nickel microgroove tube and HX assembly

Figure 5-8: Steel flanges used in the assembly

5.2 Experimental setup & Instrumentations

This section discusses the experimental setup médar testing the evaporator at
different flow rate and inlet temperature condionThe list of sensors and
transducers used for the setup is also providedn@stioned earlier in the chapter,
R134a was used as refrigerant and deionized watehé process side fluid. Later,
the test section was tested with ammonia & ethylggeol at an independent

ammonia test facility.
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A schematic of the experimental flow loop followey the experimental test setup is
shown in Figure 5-9 and Figure 5-10 respectively.

Neslab M75 Chiller

-l

®

Refrigerant tank
DC Pump - ‘— !ﬁ
AP Refrigerant loop
s Y D
@ Evaporator HX @
(0)— e b L >

Water side turbine

@/ flow meter }

(DP)
4 (e}

Water loop

‘ Supply Return ‘

Neslab HX500 Chuiller

Figure 5-9: Schematic of experimental loop
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Refrigerant outlet | | Wateroutlet | | Evaporator test section

; . Sensors
Differential -
pressure ECU

Refrigerant differential
Water Differential pressure sensor
pressure sensor
Refrigerant absolute
Plate HX pressure sensor
- Refrigerant inlet
Power Strip :
Water side flow meter ‘
------------------- -Water inlet
' | Refrigerant
Chiller Refrigerant side
| system flow meter

. ?\ Refrigerant

Charge Inlet

Figure 5-10: Evaporator experimental setup

All components for the setup are mentioned in tharé itself. The evaporator was
tested in multiple configurations to test the ef$eof gravity on fluid distribution

inside headers. The setup has two loops, one &pithcess fluid-water and another
for the working fluid/refrigerant. There is a sedary loop (chiller) for keeping the

refrigerant at the desired temperature. Beforeimputihe refrigerant charge into the
refrigerant loop, the system was completely evaliatsing a vacuum pump, while
ensuring that absolute pressure was maintainedvid&ombars. When the vacuum is
observed for longer period, it is assumed that dfgtem is leak free. The cold
refrigerant tank was connected to the refrigerdwatrge inlet port and opened slowly

to attain the desired pressure in the system. dtim@ortant to make sure that system

140



was not over charged as this can decrease the Fidkercy. The thumb rule is to

visually observe the static head of liquid refreygrin the PHX through loop piping

and make sure that it is not more than roughly 20%e height of the PHX. Before

conducting any test, a little refrigerant was lat 'om the highest point of setup so
that condensable gases (if any) could exit fromltiog. Later, it was verified that

absolute pressure data of the refrigerant-side espanded to the saturation
temperature of the refrigerant inlet within 0.2 °C.

A 12V DC supply was used to run the DC pump to ioltize desired refrigerant flow

rate. Initially, it was difficult to stabilize thdlow rate because of pressure
fluctuations. A better control was observed byalfistg a flow valve in the loop after

the flow meter. A flow valve was installed on wasgde to get more variations within
the maximum limit of differential pressure transducro prevent corrosion, 1 g per
liter potassium acetate was added to the watervase

The list of instruments used in the experimentalisend their details are given in
Table 5-3.

Table 5-3: List of Instruments

Component Name Manufactu Model Operating Accuracy
rer Range
Water-side Chiller NESLAB HX500 +5°Cto +35°C +0.1°C
Water Flow Meter GPI A108GMN1 3 -50 GPM +15%
Electronic 0OO0NA1l FS
Digital
Meter
Water Differential Sensotec  A5/882-12 0-5PSI +0.25 %
Pressure FS
Transducer
Refrigerant-side NESLAB  M75 -15°C to +35°C  +0.15°C
Chiller
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Refrigerant-side Setra 280F 0-100 PSI +0.20 %

Absolute Pressure FS
Transducer
Refrigerant-side Validyne P55D 0-5PSI +0.25%
Differential Pressure FS
Transducer
Refrigerant Coriolis ABB K- K5 0-2 kg/min +0.10 %
Flow Meter flow FS
Thermocouples Omega T-type -206Cto +350 +0.3 %

0,

C
Plate HX Alfa Laval CB26-24H - -
DC Pump FASCO C4 24V, 4.5 amp -
DC Supply Digi Key 35A 0-30V, 3amp -
Data Acquisition Agilent 34970A 20 analog input NA
System channels

5.3 Experimental procedure

This section discusses how the experimental rume w@nducted and how data were
collected and processed. Water was maintained aiwinat desired temperature and
only differential pressure drop was measured acribes evaporator. For the

refrigerant-side, absolute pressure was measuredhetinlet along with the

differential pressure drop to know the saturatiemperature of the refrigerant. For
temperature measurement, four thermocouples pesuregaent point were used to
reduce uncertainty and obtain more accurate readinhe thermocouples were
placed at different distance along the diametdhefinlet and outlet to accommodate
for the thermal profile. Temperature and pressueasurements and refrigerant flow
rate were recorded through a Agilent Datalogger ar@dPIB interface with a PC.

Water flow rate was recorded manually based on filb meter reading. An
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appropriate calibration curve was performed ustagdard methods to determine the
calibration curve incorporated in the final anadysi
The test matrix consists of the following param&ter
> Input
e Water flow rate
e Refrigerant flow rate
e Water Inlet temperature
e Refrigerant Inlet temperature
» Output
e Water exit temperature
e Refrigerant exit temperature
e Water pressure drop

e Refrigerant pressure drop

The measurement was recorded once the system ceatdealy state and flow rates
ere stable and constant. Ninety seconds of date walected after reaching steady
state, and the average values were calculatedlfaremsurement points using post
processing written in MATLAB. The input values wdimited by transducer limits,

but the operating limit of the evaporator was weithin the range and hence

complete assessment can be done.

5.4 Summary

This chapter provides details of the fabricatioseasbly of the designed tubular

evaporator. Six different assembly constructions @repared using different tube
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materials, microgroove geometrical dimensions almv fheader enhancements.
Further, experimental setup is discussed along thiéhdetails of instrumentations.
The next chapter will focus on presenting the expental results obtained for

different assemblies with different configuratiorfisllowed by analysis. The

experimental results provide the overall heat fiemsoefficient and overall pressure
drop on both refrigerant and water-sides. Numesagabllation for single-phase water
flow provides the water-side heat transfer coeffiti Two-phase flow based on the
refrigerant-side heat transfer coefficient was dedu using thermal resistance

formula provided in this section.
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CHAPTER 6: EXPERIMENTAL RESULTS AND

ANALYSIS

This chapter discusses the experimental testingtsesf the tubular evaporator based
on its different design. The design varies in teahtibe material selection and inner
and outer flow headers. All the designs result Wwél discussed case by case and

analysis will be given in terms of numerical sintida, wherever applicable.

6.1 Aluminum microgroove tube results — Assemblies 1 &

This section discusses the results from two diffeessemblies having two different
refrigerant-side manifold dimensions. As descrilbledChapter 5, the preliminary
design was made of an aluminum microgrooved tubh \&n aluminum outer
tube/shell assembly. On the refrigerant-side/exlerX tube side, microgroove tube
had 100 pum channel width, 100 um fin thickness 800 pm channel height
combined with manifold headers. On the water-sid@nifold headers were also used
which had only 2 inlet and 2 outlet feeds. The twaes tested with two different

manifolds on the refrigerant-side, for which theuits are presented in this section.

6.1.1 First generation of refrigeration-side manifold — Assembly 1

This section contains results for Assembly 1, fdnich 1000 pm X 800 pm
rectangular manifold dimension were used as desdribn refrigerant-side as
described in Chapter 5. A numerical simulation gtusing ANSYS IcePAK was also

conducted to evaluate the water-side heat transtdficient.

145



6.1.1.1 Experimental results

The refrigerant-side manifold had a rectangulasgrgection with alternate inlet and
outlets. The manifold channel width was 1000 pm tfiickness was 1270 um, base
height was 810 um, and channel height was 800 (e nTanifold comprised total 72
slots/feeds with 36 inlets and 36 outlets. Theeaiwlots had multiple holes for easy
vapor outlet, which significantly helped in pressdrop reduction.

Experimental data were collected at a constanigerfint mass flow rate and varying
water mass flow rate and vice versa. Cooling capancreased with increase in
water flow rate but remained almost constant wihiation in the refrigerant flow
rate in the data studied. The data presented ior&ig-1 show an uncertainty of
+15% for all data which is evaluated through coriaral error propagation method.
The refrigerant mass flow rate was varied betweé&g ¥ 8.02 g/s with a flow rate
uncertainty of +2.5% FS. Water flow rate was comstat 431.5 ml/s with an

uncertainty of £1.5% FS.
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Figure 6-1: Cooling capacity variation with refrigerant flow rate; Constant
water flow rate = 431.5 ml/s (6.84 GPM)

With a variation in water flow rate, cooling capggaiisplayed an increasing trend, as
shown in Figure 6-2, with a maximum uncertainty+@0% mostly associated with
temperature measurement. The uncertainty valughise data sets is rather high
because of the small temperature difference betwezmlet and outlet (~0.5 °C) on
the water-side, and the average thermocouple wesrtis 0.05 °C. To tackle this
issue, more thermocouples (for a total of four)eveiserted at each measuring point
to improve calibration, which maintains the meamswept accuracy within 0.0125 °C.
LMTD for the data were around 2.2 °C. Heat transfeexcess of 1.1 KW was
observed at 800 ml/s water volume flow rate. As twas a preliminary trial, no
particular trend could be established because @ftwo-phase fluid flow and heat

transfer complexity on the refrigerant-side. Furtlobanging the refrigerant flow rate
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also affects the heat flux for the system, whichtums affects the refrigerant-side

heat transfer coefficient.
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Figure 6-2: Cooling capacity with water flow rate;Constant refrigerant flow
rate = 8.3 g/s

As expected, pressure drop was found to increasle mvass flow rate for both
refrigerant and water. But it was well within thecapted limits of the transducer
limits of 300 mbars (5 psi), even for higher mdssds. Pressure drop in excess of
300 mbars on water-side and 25 mbar on refrigesigi®t-was observed as shown in
Figure 6-3 & Figure 6-4 respectively. As expectprgssure drop on the water-side
was much higher, due to higher mass fluxes; whioltdd the overall performance.
Overall heat transfer coefficient (U) value incredisharply with variation in water
mass flow rate. It was also seen that with an as®ein vapor quality, overall heat
transfer coefficient shows an increasing trend. r@lvéneat transfer coefficient as
high as 13,500 W/fK at water volume flow rate of 800 ml/s was obéain as

shown in Figure 6-5, which is significantly highttan typical plate evaporators.

148



300 -
250 - ¢

N
o
o

100 | @

AP,, (mbars)
o
o
L 4

(6}
o
|

500 600 700 800
Water flow rate (ml/s)

Figure 6-3: Water-side pressure drop variation withwater flow rate; Constant
refrigerant flow rate = 8.3 g/s
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Figure 6-4: Refrigerant-side pressure drop variation with refrigerant flow rate;
Constant water flow rate = 431.5 ml/s (6.84 GPM)
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Figure 6-5: Overall heat transfer coefficient varidion with water flow rate;
Constant refrigerant flow rate = 8.3 g/s

6.1.1.2 Numerical simulation to evaluate water-side heat &nsfer coefficient

A single-phase numerical simulation was performeihgi ANSYS IcePAK to
evaluate the water-side single-phase heat traosfsficient. The water-side surface
comprises triangular grooves with a manifold guidiedv. The geometrical model
used for triangular groove flow is shown in Fig@&. Due to multiple contraction
and expansions in the fluid flow, it is expectedttfiow will be turbulent despite the
lower to medium Reynolds number. It is difficult mredict where exactly flow
transition happens. Hence, a turbulent enhanced BN¥&r was chosen for carrying
out the study. Fin material was considered to beuke and the inlet fluid was water
at 25 °C. All the standard properties were tak@mfrthe ANSYS IcePAK default

database.
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Figure 6-6: Triangular groove geometrical model

The Xmin and Xmax faces are symmetrical due to iplelichannel symmetry along
this plane. The Ymin face rejects heat to outsitleamputational domain and the
Ymax face is insulated. The Zmax face is set fobiamt pressure outlet conditions
and the Zmin face represents the fluid inlet and madeled with constant mass flow
rate and pressure drop boundary conditions.

A grid independency study was conducted to chobseoptimum size for all the

parametric variations, as shown in Figure 6-7 aiglifé 6-8. A simulation run is

shown for the grid size variations in all spatiatedtions. Base heat transfer
coefficient and pressure drop were monitored deiit mass flow rates. It was
observed that grid-independency could be achievgtdavminimum of 60,000 nodes,

and so this was chosen as the optimum grid size.
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Figure 6-7: Grid independence data for base HTC: Atube
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Figure 6-8: Grid independence data for pressure dmp: Al tube

The water-side heat transfer coefficient was cated for varying Reynolds numbers
and the results obtained are shown in Figure 6-®.chirelations for developing
turbulent flows inside triangular minigrooves wasaidable in literature, hence

analytical comparison is not feasible.
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Figure 6-9: Water-side HTC vs. Water-side Reynoldaumber calculated using
numerical modeling

Figure 6-10 shows the overall heat transfer caefiicand individual heat transfer
coefficient variation with the water-side Reynoldsimber using the thermal
resistance equation as discussed in Chapter 5aDhesat transfer coefficient values
of 20000-24000 W/MmK were obtained for the water-side in the rangehef data
studied. This heat transfer coefficient value wased further for evaluating the
refrigerant-side heat transfer coefficient. The mmaxm refrigerant-side heat transfer
coefficient close to 32,500 W/ was evaluated for this data range. None of
existing literature correlations are applicabletfis case and hence no comparison is

provided.
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Figure 6-10: Heat transfer coefficient vs. Water-sle Reynolds number

Uncertainty calculation was performed for heat $fan coefficients by using the
standard error propagation approach method in tefmgater-side mass flow rate,
water-side inlet and outlet temperature, and saturdaemperature of the refrigerant-

side as it provides the heat flux.

2 1/2

. 2 2
AU ouU A My ouU ATW in ou ATw out ou ATsa'[ ’
- - + : + - + (6'1)
U ol U aTym | U Ty L U oT. | U

where 2™ _ 0015, AT,, = AT

w,out
Mw

= AT, = 0.025 °C

Table 6-1 shows the experimental parameters amddéleulated uncertainties.

Table 6-1: Experimental parameters and calculated nicertainties

Parameters Uncertainties
Water-side Pressure drop +0.25%
Refrigerant-side Pressure drop +0.25%
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Water-side mass flow rate +25%
Refrigerant-side mass flow rate +0.1%
Cooling Capacity +2-3%
Overall Heat transfer coefficient +1%
Refrigerant-side heat transfer coefficient + 10942

6.1.2 Improved header with manifold size — Assembly 2

This section contains results for Assembly 2, fbiol enhanced manifold size of 2
mm X 2 mm on refrigerant-side was used.

There was a need for improved header design oreftigerant-side because of lower
cooling capacity achieved at higher LMTDs for whitie data is not provided. All
the data presented in earlier section had an LMTRpproximately 2.2 °C. Upon
increasing the LMTD, cooling capacity did not appéaincrease in the expected
linear trend due to design issues on the refrigemaamifold. When the refrigerant-
side mass flow rate was increased, it is belielad & significant portion may have
come out of several exit vapor holes leading toelolieat exchange. This was further
confirmed when iterative testing was performed ycking the partial vapor holes
and observing the result. Cooling capacity was dotm increase but significant
pressure drop was encountered on refrigerant-fideas not feasible to run a full-
scale test due to refrigerant-side pressure trasdumits of 5 psi. As the manifold
dimensions were significantly small, pressure drapease was expected if no vapor

holes are present. Hence a new set of manifold falascated using same design
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philosophy with bigger channel dimensions of 2m@nxm compared to 1000 pm X
1270 pm.

Experimental data were collected for both constaater mass flow rates and
constant refrigerant mass flow rates, as showniguré 6-11 and Figure 6-12,
respectively. The data presented are for two diffesets of LMTDs: 5 °C and 6 °C,
wherein the LMTD values were estimated based onrageel temperature
measurements. The cooling capacity was observettease with an increase in the
refrigerant flow rate in the lower mass flux rangehich was attributed to
superheating of the vapor. That is, for low valagsefrigerant flow rate, exit state is
superheated. However, as the flow rate was incdeabeve 15.3 g/s, the cooling
capacity stayed constant close to 2.5 kW. The iletlity was close to zero as the
saturated temperature data at the inlet was foutidna0.2 °C for the corresponding
saturated pressure data for the refrigerant. The r@dgorted are for a constant water

flow rate of 640 ml/s. The refrigerant mass floweravas varied from 6 to 22 g/s.
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Figure 6-11: Cooling capacity variation with refrigerant flow rate for constant
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As the refrigerant mass flux was increased, theigefant-side heat transfer
coefficient increased due to the dominance of fdrcenvection, but due to the
decrease in LMTD, the cooling capacity appeareda@oconstant. While it was
desirable to fix the LMTD and observe the variatiorcooling capacity, this was not
feasible on account of the complex dynamics oftéisé setup and the chiller capacity
limitations, and hence the results had to be imietpd for a fixed LMTD based on
linear interpolation from the raw data. The LMTDrie#ion for a particular set of data
is not high, hence it is assumed that linear imtlafon for achieving constant
LMTDs for data set would be accurate.

With a variation in the water mass flow rate, h&#ansfer rate was observed to
increase for lower mass fluxes but asymptote fodiora and high mass fluxes as it
hits the refrigerant-side heat transfer coefficiemitation. Heat transfer in excess of
2.5 kW was observed at water mass flow rates ofr6U€. The refrigerant mass flux
was kept constant at 15.3 g/s. As the water magswhs increased, it was expected
that the water-side heat transfer coefficient wouldrease. A drop of cooling
capacity at very low mass fluxes was observed,thisdwas attributed to the effects
of maldistribution that occur inside the channelseve the fluid flow is against
gravity.

Only moderately high values of mass fluxes wergetes the present study because
the pressure transducer range (water-side) watelintd 5 psi. The pressure drop was
found to increase with mass flow rate for bothigefrant and water. As shown in
Figure 6-13 and Figure 6-14, the pressure dropasasgnd 150 mbars on the water-

side at 640 ml/s and 60 mbars on the refrigeralg-sit 22 g/s, respectively. The
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water -side pressure drop curve varied exponeyntrath increasing water-side flow
rate. It was beyond the scope of the study to Bskalh model for actual pressure
drop curve with varying refrigerant flow rate fohet refrigerant-side due to a
multitude of factors, such as the change in dewetpflow region, change in vapor
quality, the thermo-fluid dynamics of two-phasewflfor U-bend , and variations in

cooling capacity that would potentially alter theahflux.
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Figure 6-13: Water-side pressure drop variation wih water-side flow rate
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Figure 6-14: Refrigerant-side pressure drop variabn with refrigerant flow rate

As shown in Figure 6-15, the overall heat transfeefficient increases with an
increase in the water mass flow rate. The heastearcoefficient levels off at a mass
flow rate of around 400 ml/s, where it attains atheansfer coefficient of 10,000
W/m?-K. With further increase in mass flow rate of watnly modest improvement
in the heat transfer coefficient is observed. Tlisbecause, the heat transfer
coefficient increases for developing flow with artriease in the Reynolds number.
Since the overall heat transfer coefficient is fla@monic sum of the waterside and
refrigerant-side, it would asymptote towards thdrigerant-side heat transfer
coefficient or whichever is the least value. Coriauc thermal resistance is much
lower compared to both side convective thermalstasce and hence won't play a

significant role.
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Figure 6-15: Overall heat transfer coefficient varation with water mass flow
rate for constant refrigerant mass rate of 15.3 g/s

The overall heat transfer coefficient with increasrefrigerant mass flow in both the
superheated and saturated regions is shown ind-gir6. As seen there, the heat
transfer coefficient does not increase significaimil the saturated region due to the
dominance of forced convection and possible malbigion. However, the overall

heat transfer coefficient seems to asymptote awéter-side heat transfer coefficient
levels off. At lower refrigerant mass fluxes, supEated vapor is present in the
channels and hence there is variability for différeet of LMTD’s. At higher exit

vapor quality, the heat transfer coefficient waserked to drop to lower values due
to partial dryout of the channels. It was not [lassto collect data at lower exit

vapor quality, as cooling capacity/heat rate anat transfer coefficient are mutually

dependent for the system and cannot be indepegdstatied.
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Figure 6-16: Overall heat transfer coefficient varation with refrigerant flow rate
for constant water mass rate of 640 ml/s

Using the thermal resistance equation, refrigeséde- heat transfer coefficient was
evaluated. The numerical simulation results from #arlier section are utilized for
evaluating water-side heat transfer coefficiemgasithe water-side geometry has not
changed. Figure 6-17 shows the overall and indalidueat transfer coefficient
variations with refrigerant flow rate. Heat transtmefficient in excess of 30,000
W/m?*K was calculated for the refrigerant-side for dfeative heat flux of 5.33
W/cn?. It can be seen that the water-side limits therail/@eat transfer coefficient

due to the presence of less than optimum minicHarumethe water-side.
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Figure 6-17: Heat transfer coefficient variation wth refrigerant flow rate for

constant water mass rate of 640 ml/s

In summary, more than 2 kW was achieved with somifsce in overall heat

transfer coefficient which is attributed to the sxse in refrigerant-side heat transfer

coefficient. With increasing LMTD, cooling capacityas found to increase but

asymptote due to limitation on water-side heatdf@ncoefficient. It is difficult to

compare this data with smaller manifold dimensias there was significant

maldistribution of the flow owing to vapor exit lesl. Also, no higher refrigerant

mass flow rate data are available for the previcase. A test was conducted with a

brazed plate evaporator having similar size for ganson of the experimental data.

Similar cooling capacity was achieved using sam®sEMTD’s but five times more

heat exchange area which makes the current regulimising in terms of

performance.
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6.2 New aluminum microgroove tube results — Assembli€3 & 4

Based on the promising results achieved with aelactpannel width (100 pm x 300
pum), further testing with a smaller channel widtid dnigher aspect ratio (60 pum X
600 pm)was conducted. The refrigerant-side manifold waslar to the 2mmx 2mm
geometry. Based on the numerical simulation stualyied out in Chapter 4, it was
found that smaller channel width and low to mediaspect ratio can lead to better
base heat transfer coefficient, which can leaddbér cooling capacity.

Two different water-side enhancements were alstedewith the new tube in an
attempt to enhance the water-side heat transfdfideat. Results are discussed for
both the cases. Experimental data were collecteddth at constant water mass flow
rate and constant refrigerant mass flow rate fah lsonfigurations with the force-fed

manifold and tube insert on the water-side.

6.2.1 Force-fed manifold on water-side — Assembly 3

Manifolds on the water-side comprised a header noadxelrin material to guide the
flow inside the minichannels. Same design principés used on the refrigerant-side,
where microchannels with 60 um size were used.hematic of the cross section is

shown below in Figure 6-18.
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Figure 6-18: Schematic of fore fed header on water-side

Experimental data wereollected for different water flow res and different LMTD
values. Cooling capacity was observed to increaeanincrease in refrigerant flo
rate for all data sets. For lower mass fluxes, ingotapacity datdave i different
slope, implyingthe exit state is superheated. As the flow rateesmes to 26 g/
more than 4 kW cooling capacity is seen at LMTOLBf°C, as shown irFigure 6-19.
The data shown are for variable water flow s from 265 to 580 ml/s, based on f
highest chilling capacity available on twater-side The refrigerant mass flow ra
was varied from 8 to 26 g/s. As the refrigerant snfsx increased, reigerant-side

heat transfer coefficient increased due to the dante of forcd convectiol.
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Figure 6-19: Cooling capacity variation with refrigerant flow rate for constant
water mass flux

4500
~. 4000 - ™ | |
< 3500 m
= 3000 - + * &
& 2500 * L 2
O 2000 ¢
o
£ 1500
8 1000 -
© 500 m ® § ® B g
0 T T T 1
0 200 400 600 800
Water flow rate (ml/s)
mR 25.0¢g/s LMTD 3 °C R26.2g/s LMTD 5 °C
¢R 25.09/s LMTD 8 °C mR 25.09g/s LMTD 12 °C
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Heat transfer rate was observed to increase foeromass fluxes but to asymptote for
medium and higher mass flux. Heat transfer in exa#s3.8 KW was observed at
water mass flow rate of 580.4 ml/s as shown in FEda+20. Refrigerant mass flux
was kept constant at approximately 25 g/s. Withaasing LMTD, it is observed that
graph shifts to the top as expected.

As water mass flux is increased, it was expected the water-side heat transfer
coefficient would increase. But, due to a decraaseMTD, cooling capacity was
observed to level off due to refrigerant-side heansfer coefficient limit. Lower
LMTD leads to lower heat flux, which in turns affecthe refrigerant-side heat
transfer coefficient by reducing the channel vapaality. As the flow is aligned in
the direction of gravity, a drop of cooling capgcit very low water-side mass flux

was also observed, which is due to flow maldistidruinside the channels.

Pressure drop was found to increase with increasimags flow rate for both
refrigerant and water, as expected, but it was wigHin the accepted limits even for
higher mass fluxes. The mass fluxes tested wer@eargthigh because of transducer
limits of 5 psi on the water-side. Pressure drogs waexcess of 140 mbar on the
water-side at 580.4 ml/s and 100 mbar on the mfaigt-side at 26.0 g/s, as shown in
Figure 6-21 and Figure 6-22, respectively. The waige pressure drop curve trend is
similar to what was observed in the earlier Al-twase but had lower values due the
larger triangular groove size. Refrigerant-sidespuee drop is increasing with
increasing LMTD due to more vapor creation, whiehds to higher vapor pressure

drop.
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120 -
100 -
w
= 80 - \ 4
3 o X
E 60 X
a 40 - X w X
3 XKk L “m
20 - x*% X ek L
0 I .77! . I . I I 1
0 5 10 15 20 25 30
Refrigerant flow rate (g/s)
«W 265 ml/s LMTD 3 °C ' W 265 ml/s LMTD 5 °C
'+ W 265 ml/s LMTD 8 °C mW580.4 ml/s LMTD 5 °C
+ W 580.4 ml/'s LMTD10 °C W 580.4 ml/s LMTD 12 °C

Figure 6-22: Refrigerant-side pressure drop variaton with refrigerant flow rate
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As shown in Figure 6-23, the overall heat tranéfBrcoefficient value increases with
increase in water mass flow rate until it levelsaifa mass flow rate of about 580.4
ml/s where it attains a heat transfer coefficieht16,000 W/m-K. With further
increase in mass flow rate of water only modestrawgment in the heat transfer
coefficient was observed. Since the overall hemtdfier coefficient is the harmonic
sum of individuals, it would slowly asymptote towarthe refrigerant-side heat
transfer coefficient. For lower LMTDs, the overadefficient is lower due to lower

cooling capacity and heat flux.
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Figure 6-23: Overall heat transfer coefficient varation with water mass flow
rate

Refrigerant-side heat transfer coefficient withremsing refrigerant mass flow in both
the superheated and saturated regions is showigumeF6-24. Due to the dominance
of forced convection and possible maldistributibeat transfer coefficient doesn’t

increase significantly in the saturated regiorddés seem to asymptote as water-side
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heat transfer coefficient levels off. Heat transfeefficient was observed to drop for
higher vapor quality. It was not feasible to takeadat low quality, as there was no
way to directly control the heat transfer rate/h#tax for the system. It can be
observed that overall heat transfer coefficientpgexl by more than 20% despite
using finer microchannels on the refrigerant-sifieis was because the triangular
grooves were not of same size and had larger dio@n$1.00 mm x 1.17mm) owing
to larger hydraulic diameters. Hence, the watee-diéat transfer coefficient was
lower compared to earlier Al-assemblies. The imprognt of the refrigerant-side

heat transfer coefficient is described in nextisact
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Figure 6-24: Overall heat transfer coefficient varation with refrigerant flow rate

6.2.2 Tube Insert Enhancement on water-side — Assembly 4
Microgroove manufacturability on the inner sidetbé HX tube was not feasible.

Manifold geometry with bigger channel size does$mi@ve huge advantage and hence
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an alternate header design approach was explorfednmof tube inserts. Tube insert
involves a coaxial PVC plastic insert to utilizeetlins in the form of surface
roughness. The distance between the inner tubacguegnd inner fin is close to d =
2.5 mm which is half of the hydraulic diameter bé twater-side flow. A schematic

of the tube insert is shown in Figure 6-25.
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Figure 6-25 : Schematic of tube insert as water-sedlenhancement
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Cooling capacity close to 4.5 kW was obtained atlilghest water flow rate of 530
ml/s with a LMTD of 9 °C, as shown in Figure 6-Z6maximum water-side pressure
drop of 100 mbars was observed at 530 ml/s, andrmem refrigerant-side pressure

drop of 85 mbar was observed at 25 g/s. With smireg flow rate, cooling capacity
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increases linearly and starts asymptoting at higlager flow rate, as shown in Figure
6-27.

In comparison to the manifold header design, mughdr numbers were obtained
both in terms of cooling capacity and overall heansfer coefficient. More than
20,000 W/M-K overall heat transfer coefficient was obtained & refrigerant flow

rate of 20 g/s at an LMTD of 4 °C as shown in Feg6¢28.
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Figure 6-26: Cooling capacity variation with refrigerant flow rate for constant
water mass flux
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Figure 6-27: Cooling capacity variation with waterflow rate
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Figure 6-28: Overall heat transfer coefficient varation with refrigeration flow
rate
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Figure 6-29 shows the overall and individual watele and refrigerant-side heat
transfer coefficients. Water-side heat transferffcment was evaluated through the
numerical simulation method for annular flow usiAiSYS IcePAK. Refrigerant-
side heat transfer coefficient was evaluated usirggthermal resistance formula.
Very high refrigerant-side heat transfer coeffitielose to 140,000 W/frK was seen
at the refrigerant flow rate close to 17 g/s.

The pressure drops for both refrigerant-side anmsde is evaluated and were less
than force-fed manifold design as shown in Figu@068& Figure 6-31, respectively.
An almost linear trend was observed on the refageside with a maximum pressure
drop of 84 mbars at 26.6 g/s. Maximum water-sidesgure drop was 110 mbars at

530 ml/s water mass flow rate.
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Figure 6-29: Heat transfer coefficient variation with refrigerant flow rate
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Figure 6-30: Refrigeration side pressure drop varidon with refrigerant-side

flow rate
120 -
||
100 - ‘
w80 -
(1]
2 A
E 60 - u
E
o .
p 40 “
20 - ‘. )
0 T . T T T T 1
0 100 200 300 400 500 600
Water flow rate (ml/s)
+R12.2g/s LMTD 4 °C BR13.9g/s LMTD 6 °C
AR 16.9 g/s LMTD 9 °C R 26.5g/s LMTD 9 °C

Figure 6-31: Water-side pressure drop variation wih water-side flow rate
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To summarizer this section for the new aluminumrogeoove tube with both side
headers, the following conclusions can be made:

» With the manifold header, overall heat transferfii@ents of more than
10,000 W/m-K were found for an LMTD of 4.7 °C. With the tuliesert,
more than 20,000 W/AK overall heat transfer coefficient was obtaineithw
an LMTD of 4 °C.

» With the manifold header, cooling capacity close4t0 kW was obtained
with LMTD of 12 °C. With the tube insert, close 50 kW cooling capacity
was obtained using a LMTD of 9 °C.

» With the manifold header, the maximum pressure driof40 mbars at 580
ml/s was found on water-side and 100 mbars at 28gis found on
refrigerant-side. With the tube insert, the maximamassure drop of 110 mbar
at 530 ml/s was found on the water-side and 85 naba26 g/s on the

refrigerant-side.

6.2.3 Aluminum tube corrosion and new microgroove materidselection

With continued testing of the aluminum tube micammre evaporator over a period of
time, it was observed that cooling capacity de@daand the water-side pressure
drop increased. The evaporator test section wassksnbled, and massive corrosion
was detected on the aluminum channels despiteattieiat the appropriate amount
of corrosion inhibitor was used. The oxides wergcking the grooves on the water-
side, which was leading to pressure drop incredseause the full surface area could

not be used for heat transfer, cooling capacity eeseasing.
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One of the major motivations behind the design teazduce the weight and size of
heat exchangers with easy manufacturability. Alummnhas a lower density and
lower cost in comparison to other commonly usedenms. It is also easy to deform
and hence is easier to manufacture. There hasdsanificant amount of research
done to study the compatibility of different alumm alloys like 6061, 6063 and
7075, etc. for design of heat exchangers. Accordimgaluminum association
guidelines for aluminum structures, the metal remmdargely corrosion resistant
unless exposed to some substance or condition whitluestroy the protective oxide
coating. Aluminum is highly resistant to weatheringven in many industrial
atmospheres, which often corrode other metals.dtso resistant to many acids [68].
According to the US army corps of engineers, amalum protective oxide film is
generally stable in the pH range of 4.5-8.5, betnhture of compounds present can
be crucial [69].

The preliminary material selection for design oé theat exchanger was aluminum
6061 alloy, as 6061 and 6063 alloys have highength and corrosion resistance.
However, due to the presence of foreign corrosioendcals in the process fluid,
corrosion can occur, which can be further tacklad amodization or cathodic
protection. Anodization is the common process usddcrease aluminum corrosion
resistance by artificially increasing the thicknesfs the oxide layer. Salt water
typically does not corrode aluminum, as its pHesitnal. However, it can be a major
facilitator for galvanic corrosion. As aluminum @0&as a lower number in the

galvanic table, it would corrode preferentiallypresence of dissimilar metals.
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The preliminary design of the evaporator was dorth aluminum 6061 alloy based
on the suggestion in the literature for its contphty. However, massive corrosion
was found on the water-side minichannels despitegusg/L of corrosion inhibitor
(potassium silicate). The aluminum oxides evenyualibcked a significant number of
channels, which led to a decrease in heat transferand increase in overall pressure

drop. The corroded water-side surface is showrnvbeld=igure 6-32.

Alupsimum axides
blocking the mner channel

Figure 6-32: Corroded aluminum HX surface on waterside

A different concentration of corrosion inhibitor svéested to address the issue, but
the problem remained. As suggested in the liteeatanodization was seen as a
possible solution to arrest the issue. But it waisegchallenging to anodize only one
side of the surface when the other side of theaserhas finer microchannels (<100
pum). A special assembly had to be prepared to cetelglseal the outer surface from
any damage, as highly corrosive sulfuric acid sotutis used for the anodizing

process. An image of the anodized tube is showowbal Figure 6-33.
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Anodized Inner Surface Anodized Flanges

Figure 6-33: Anodized water contacting parts of tublar heat exchanger

Numerous tests with R134a as the working fluid wayeducted using the anodized
tube, and satisfactory results were obtained. Eurtlorrosion testing was done by
totally submerging the evaporator test sectionnnaemmonia water solution. This
resulted in massive corrosion similar to that obséron the outer shell. As the
complete assembly was dipped in the solution, smyrowas observed on the entire
surface that was unprotected, including the refageside. Corroded parts from
ammonia water solution at the ammonia test fac#rg shown below in Figure 6-34.
It was also indicated that the epoxy glue usechendssembly became soft and had

the potential to disintegrate due to the ammonia.
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Refrigerant Side
Corrosion

Shell 5ide
Carrosion

Corroded Flanges

Figure 6-34: Corrosion from ammonia water solutionat ammonia test facility

A compatibility test of different materials for trevaporator test section was done
with the ammonia water solution. The samples ofemias were kept in the ammonia
water solution for months and no appreciable casrowas found. The concentration
of ammonia water solution was increased by sanhgaiti with gaseous ammonia,
however, it did not visibly affect the results. &ig 6-35 and Figure 6-36 show the

sample materials tested with the ammonia-wateltisollbefore and after testing.
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Stainless Steel Aluminum  Aluminum Nickel  Epoxy(Aeromarine 300/21)
6061 2000

Figure 6-35: Samples of heat exchanger materials toee water-ammonia
solution compatibility testing

Aluminum Aluminum Nickel Epoxy |Aeromarine 300,/21)
3000 6061

Stainless Steel

Figure 6-36: Same materials after submerging in thammonia —water solution
for 4 months

Though contradictory results were obtained fronhamuise tests, it was safer to look

for alternative material for the HX surface whichshhigher corrosion resistance.
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Nickel 200 alloy was found to be suitable in terohi€hemical compatibility, but the

downside was lower thermal conductivity ( ~ 90 Wiinand higher density ( ~ 8908
Kg/m®) compared to aluminum alloys. Also, nickel all@ya tough material choice
for manufacturability purposes. Nickel's Brinellardness number is 700 MPa in
comparison to 245 Mpa for aluminum. Also, nickdbglhas tendency to stick to the
fabricating tool, resulting in the operation fadumand fins destruction. It took
significant time to select a proper combinationaafl, lubrication and cutting regimes
before the nickel microgroove tubes fabricationeviabricated. The fabrication cost
was significantly higher compared to aluminum tub8%e fabricated nickel

microgroove tube of 100 pum X 600 pum size is shoelow in Figure 6-37.

Figure 6-37: Nickel high aspect ratio microgrooveube
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6.3 Nickel microgroove tube results — Assembly 5 & 6

This section discusses the results for the nicketagroove surface having 100 pm
X 600 pm channel size and 2mm x 2mm manifold orréfiegerant-side. The water-
side geometry had the same size as the new alumunpendiscussed in last section.
As discussed in earlier sections, the aluminum tgdnee good results in terms of
cooling capacity and overall heat transfer coedfiti With the use of finer channels
and higher aspect ratio, overall heat transferfmeft increases for the same cooling
capacity. Also, with use of bigger manifolds, pressdrop was modest even for
higher flow rates. However, due to corrosion issties nickel microgroove tube had
to be fabricated for better corrosion resistandh lom the water and refrigerant side.
Since nickel has lower thermal conductivity compare aluminum, higher thermal
resistance was expected. But the tube insert ow#er-side compensated for lower
conductivity by enhancing the water-side heat fiensoefficient. The tube insert
helped in maintaining the smaller hydraulic diametethe flow. The flow is mostly
turbulent at higher Reynolds number as the flowfaser was finned. This section
discusses the results associated with differew #orangements — co-current and
counter flow. As the flow on the refrigerant-sidecomplex, the header entry plays an
important role in refrigerant distribution and herean affect the refrigerant-side heat
transfer coefficient. It was observed that whemnigefant flows against gravity, better
results are obtained compared to refrigerant flgwwith gravity. Water-side flow
configuration does not affect the results signiiita in terms of cooling capacity.
But, some localized difference in temperature makesheat flux non-uniform which

ultimately affects the refrigerant-side heat transfoefficient.
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Tube inserts with two different hydraulic diametégsnm and 3 mm were tested. The
desired nickel surface channel width was 30 pumniebhwidth) x 300 um (channel
height) but due to difficult manufacturability iss) these dimensions could not be
obtained. The actual nickel surface had a chanmdhvef 100 pm, fin width of 200
pm and channel depth of 600 um which was signiflgadifferent from the
requirement. The effect of this was highly visilolethe results, as the overall heat
transfer coefficient almost was cut by half. Theteraside grooves were much
rougher than the earlier aluminum tube fabricatiou, they led to similar pressure
drop curve. So, it is hypothesized that water-didat transfer coefficient was not
significantly affected. The major contributor teetlower than expected overall heat
transfer coefficient is the refrigerant-side suefachere fin wall occupies almost 66%
of the heat transfer surface. The new aluminum {6Bgm x 600um) provided twice
the overall heat transfer coefficient comparedits tube.

Figure 6-38 shows the cooling capacity variatiothwiarying refrigerant mass flow
rate. The data is shown for both the insert tudedb¢ A & Tube B for same the
microgroove surface) — one with larger and one withaller annular gaps; which
basically provides different hydraulic diameterfieTdata are divided in two parts:
one for lower refrigerant mass flow rates (< 15) gibich typically falls into the
superheat zone and the other in the saturatedwzibméigher mass flow rates. It was
observed that at higher mass flow rate, the cusvéoiver hydraulic diameter catches
up with the higher hydraulic diameter and essdyti@ads to similar results. The
TubeB data have lesser cooling capacity when cosdjp@ar TubeA data, as it was not

feasible to run the test at higher mass flow rate td water-side pressure drop limits.
184



For an LMTD of 5 °C, it can be seen that, coolilagacity flattens out due to water-
side heat transfer coefficient limitation. This wasommon trend with all smaller
LMTD data. As the LMTD increases; the curve shifts, which leads to higher
cooling capacity. There is no significant differerfor data corresponding to different
flow arrangement. For all the cases, parallel floms both refrigerant and water
flowing against gravity. For counter flow, refriget is flowing against gravity, but
water is flowing towards gravity. Typically for twghase heat exchangers, flow
arrangement should not affect the results, butity@an affect the flow distribution

inside the manifolds.
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Figure 6-38: Cooling capacity variation with refrigerant mass flow rate at
constant water mass flow rate
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Cooling capacity variation with water flow rate reases linearly and asymptotes to a
higher value as the refrigerant-side heat transefficient limit is reached as shown
in Figure 6-39. There is no significant differenfoeind due to flow arrangement.
With increasing LMTD, it is seen that the curveftshio the top as expected showing
higher cooling capacity.
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Figure 6-39: Cooling capacity variation with watermass flow rate at constant
refrigerant mass flow rate

Figure 6-40 shows the overall heat transfer caefficwith varying refrigerant flow
rate, which has a similar trend compared to thdimgaapacity data. A maximum
value of 10,800 W/MmK was achieved with cooling capacity close to 4 ¥ an

LMTD of 10 °C. There is a linear increase with mdksv rate because the

convective heat transfer is dominant mechanisnhéndata studied. As the limit of
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coefficient is reached on other side, the graptieies out due to the harmonic sum

relation, which basically pulls the data to the éswalue.
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Figure 6-40: Overall heat transfer variation with refrigerant mass flow rate at
constant water mass flow rate

The pressure drop data was also observed for ledtlgerant and water-side, as
shown in Figure 6-41 and Figure 6-42, respectivélye refrigerant-side pressure
drop increases linearly in the data studied, anthaximum of 120 mbars was
obtained at mass flow rate of 27.6 g/s. The wati-pressure drop curve increased
with power law, and a more significant pressurepds@s observed for insert Tube B
compared to Tube A. Close to 350 mbars was reaahéte lower water-side mass
flow rate, and it was not feasible to test for mooeling capacity. Maximum water-
side pressure drop close to 97 mbars was obtaingd0aml/s for the Tube A insert.

Based on the comparison, Tube A insert was chosdimeafinal design choice, as the
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pressure drop for the insert was significantly lowghout any noticeable change in

cooling capacity.
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Figure 6-41: Pressure drop variation with increasig refrigerant mass flow rate
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Overall heat transfer coefficient was cut by halédo poor surface availability on the
microgroove outer side. A single-phase analysis d@e for the actual geometry,
which showed that base heat transfer coefficiemutsto close to half compared to
the required surface with same manifold mass fllowever, 4 kW cooling capacity
was achieved using higher LMTD which provided a dydmasis for testing with
ammonia as refrigerant.

A numerical study was carried out to evaluate thewside heat transfer coefficient,
and further refrigerant-side heat transfer coedfitiis evaluated using thermal
resistance equation. Variations of individual anérall heat transfer coefficients for
parallel flow with refrigerant mass flow rate of.Q@@y/s are shown in Figure 6-45. A
comparison of pressure drop for both numerical exjerimental was performed, as
shown in Figure 6-45 and the trend is in close ement. The numerical analysis

ignores the manifold pressure drop, which expl#iesabsolute difference.
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Figure 6-43: Variation of heat transfer coefficientvs. water mass flow rate
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Figure 6-44: Variation of water-side pressure dropwith water volume flow rate
Further a test was conducted using Assembly 5 wvatlying LMTDs to observe the
variation of vapor quality with overall heat traesfcoefficient as shown in Figure
6-45. It can be observed that for lower refrigeraass flow rates, the graphs shifts to
the bottom and the peak is obtained at higher vapmiity. With vapor dryout
conditions in the channel, heat transfer coefficggnificantly drops , agreeing well
with Cetegen’s results [31] and other flow boiliaqpirical literature data cited in
earlier sections. Change in vapor quality is ol#dity varying the LMTD as the
mass fluxes on both sides are constant. For lowatity, the data are convection
driven with influence of thin-film evaporation oltad for high aspect ratio
microchannels. A visualization study would haverbesore beneficial to study the
flow regime inside these channels. But as the syssenon-intrusive and operates at

high pressure, it was not feasible to conduct sustudy.
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Figure 6-45: Variation of overall heat transfer coéficient with vapor quality at
different refrigerant mass flow rate

To obtain a fair estimate of the flow regime, amalgsis was performed using criteria
given by the recent investigation, by Harirchian @arimella [70], which is a
comprehensive study of flow boiling in microchammeln this study, experiments
were conducted to determine the effects of impom@ometrical parameters such as
fin width, channel width and cross-sectional amass flux, heat flux, vapor quality
and fluid properties on flow regimes, heat transi@efficients and pressure drop in
microchannels. A detailed flow regime map was pregpaand a quantitative criterion
was determined in terms of Boiling and Bond numioertransition from macro to
micro scale.

Detailed calculations are shown to map the curyeolitained data based on these

criteria. The calculations clearly suggest that floev for the existing data set fall
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under heavily confined flow and a strictly annulegion. For very smaller channels,
the thin-film evaporation process would dominate flow regime and will contribute

to a higher heat transfer coefficient despite hgdw mass and heat fluxes.

G = pv "Massflux"; Re-= &b, . Re ynold'snumber”
M
_ D2 "
Bo = 9(pr = £y)Dx Bond number"; Bl = S T Boiling number”
o (Ghy)

Re frigerant side calculatio ns:
Channel Width w_ =100 zm;Channel Height t, = 600 um;

Fin Width =200um

D, = 4A/P = (2*100* 600* 1e — 6) /(100 + 600) = 171 43m

D, = /A =+/30*300*1e—12 = 244 95um (U sin g other criteria )
A, =100*600*1e-12 = 6e— 8m?

N__ =20 Nmicro = 254/((100 + 200) * le— 3) = 847

man

G= r.nW/(Z* Nman* Nmicro * Acs) ~12.3kg/ m2 - s for r.nW =25g/s
Re = (12.3* 245* 1le— 6)/0.0001949 = 15.4618
Bo = 981* (1280 - 32.1) * 245"2* 1e—12/0.008081 = 0.0909
(6-2)
g, = 80,000 W/m? -K g, =80,000/6=13333W /m2- K
Bl =80,00/(17.36*188* 1000) = 0.0058

Bo"0.5* Re = 4.6617 << 160 — — > Heavily confined flow — — > Annular

Bl >0.017* (Bo"0.4* Re™-0.3)= 0.0029- — > vapor bubble coalesce
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The next section would briefly discuss developmiegifart for flat plate evaporator

design and its fabrication.

6.4 Flat evaporator design and fabrication

Based on the previous development and study, it dedsrmined that overall heat
transfer coefficient is limited due to manufactgrimmitations on the inner side of the
tube. A different approach for enhancing the watde heat transfer coefficient was
studied, but it cannot compete with the benefitsnofrogrooves to enhance the
surface. Hence, an alternative approach was tiyesiuitching to a flat plate design,
where it was feasible to make microgrooves on Isalbs. The design philosophy is
similar to traditional plate heat exchangers with éxception of microgroove surface
and the use of manifolds for distributing the flowhe O-ring seals were used on
alternative plates to divide the flow stream, andtiple plates were stacked together
to achieve the desired cooling capacity. Some @fldkest existing latest literature is
provided for further study on the plate heat exgearfor absorption chillers which
serves as a guideline for the current design []1-78

The scope of this section is limited to introducithg design and fabrication, as
preliminary experimental testing is still ongoingidais continuing as future
developmental effort. It is expected that with thee of finer high aspect ratio
grooves on both sides of the plates, much bett&0(800 W/ri-K) than the current
overall heat transfer coefficient can be achievidds has a tremendous potential for
design of two-phase heat exchangers such as evafmead condensers and single-

phase solution heat exchanger.
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The flat plate heat exchanger was designed to ael#6 kW using several flat high
aspect ratio nickel 200 alloy microgroove plates dacounter flow LMTD of 5 °C.
The microgroove geometry selection was based oglesphase study of manifold
design. After several iterations, the following ig@sparameters were chosen based
on achieved heat transfer coefficient and presdiop values.

BaseSurface Ni— Pure; Fluid : Water

Homemo = 01 mm; g’ =50000 W/m?; m=2e—6 kg/s;
Wch,micr = 003 mm tfin,micr = 003 mm
(6-3)
H fin,man =05 mm H fin,micr — 0.2864 mm
Wch,man_inlet = 05 mm tfin,man = 05 mm Wch,man_outlet = 05 mm

h=161700 W/m*-K; AP =60mbars
Based on the above results, overall heat transfficient can be calculated using

first order thermal resistance formula given by:

1 1 N L N 1 (6-4)
—= 6-4
U hoasesidel kbase hoasesideZ

Taking L = 2 mm and se= 90 W/m-K, U ~ 28865 W/fAK.

Further, the required heat exchange area is cééclissing:

Q 20e3

A= = = 0.1386m’ (6-5)
UXLMTD 288655

It was desired to keep a compact design having higuthe same size as a
conventional plate HX. Also, as the solution heathenger operates under much
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higher system pressure (~ 500 psi), the larger we#d be susceptible to uneven
stresses. So, multiple plates have to be staclgather to achieve the total cooling
capacity. It was also important to check the defdrom from the support of the inlet

and outlet. As O-rings are providing the sealinggérdeformations near the contact
area can cause the assembly to fail. A prelimirsryctural study was carried in

ANSYS to find a feasible length to width ratio fitre single plate, which led to the

design parameters of 300 mm length and 60 mm hdifgimg this area, roughly eight

plates would be required to achieve the coolingacayp target. Multiple flow passage

is achieved using baffles on the manifolds, whiculd increase the flow length and
pressure drop. But it would also lead to more ngxand reduction in thermal

gradient.

The fabricated component for the assembly is shos¥ow in Figure 6-46.
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Figure 6-46: Flat SHX fabrication assembly

6.5 Summary

The tubular evaporator was tested for performarwaacterization with different

flow configurations, microgroove materials, and ragroove geometry with header
enhancements. The development basically progressqehases building on the
knowledge from earlier studies. The aluminum tub#h wnore optimally designed

evaporator surfaces (60 pm x 600 um) yielded mwettebresults in terms of heat
transfer coefficient and pressure drop. Overallt hemnsfer coefficient more than
20,000 W/mM-K was seen with a LMTD of 4 °C with tube inserthancement. But

due to corrosion issue, design was not sustairfablearrying out further studies. An
alternative material based on nickel alloys wasroamachined to create the HX

surface. Due to the difficult manufacturability, wickel alloys, the desired surface
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features in terms of smaller channel width (30 j|amgd higher aspect ratio (~10) were
not achieved. Nevertheless, objective of more th&r000 W/m-K overall heat

transfer coefficient with more than 4 kW coolingpaaity was achieved with a
modest maximum pressure drop of 100 mbars on baiierwand refrigerant-side.

Different header designs on the water-side wemietiuand it was concluded that the
manifold design did not offer any specific beneftmpared to the simple annular
flow due to the manufacturing limitation to creadpptimum channel (groove)

dimensions. The grooves hydraulic diameter obtaimasl in millimeter ranges, thus
yielding heat transfer coefficients less than tlahievable by microchannels.
However, manifold design has significant advantagehe refrigerant-side leading to
much higher refrigerant-side heat transfer coedfitidespite low refrigerant-side
mass and heat fluxes. The evaporator section wathefu tested with an

ammonia/ethylene-glycol pair at an independent amandest loop facility, and

similar results were obtained. Overall heat transteefficient values obtained from
present study are significantly higher than theuesal for conventional plate
evaporators present in literature. The test resldtaonstrate the applicability of the
manifold microchannel concept for effective heatlanger design with game -
changing potential for the energy industry. Thereot development is also
undergoing for flat evaporator with finer microgwes on both sides of the plate. The
fabrication has been completed and the experimeéeséihg is underway. The next

chapter would provide summary and conclusionsHenthole thesis.
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CHAPTER 7: CONCLUSIONS AND FUTURE WORK

RECOMMENDATIONS

This chapter provides summary and conclusions igigtihg the important findings
and contributions of the current study. Recommuads for future work are also

provided.

7.1 Summary and Conclusions

In this part of the study, a single-stage ammonidecsimulation was conducted to

identify the influence of important parameters nfadsorption cycle on enhancement
of the COP for an absorption refrigeration syst@ntical parameters for the cycle

design were identified and effects of these pararsetvere characterized. The
following important conclusions were drawn:

a) Heat exchanger effectiveness heavily influences dyge design and
performance. COP of the cycle can be improved ankstly by
increasing the overall heat transfer coefficienthef heat exchangers.

b) The higher the evaporator exit temperature; théndrighe COP of the
cycle. However, this leads to higher system pressiwop penalty, thus a
tradeoff in place and an optimum point exists fgneen cycle.

C) Higher absorber and condenser exit temperaturdfismmtly decrease the

COP of the cycle.

Based on the findings of the first part, a compohevel focus was put on enhancing

the design of high performance evaporator for atevdweat activated absorption
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cycle. An innovative manifold microchannel with el evaporative surface design
and precise flow delivery and liquid/vapor managetmeas designed, constructed,
and experimentally characterized. The manifold glesitilizes an efficient flow
distribution header to reduce the pressure dropamyorder of magnitude, when
compared to conventional system for a given heatster coefficient. Due to better
mixing of the flow, it enhances the heat transfeeficient and helps in attaining
uniform temperature distribution. Next, a singleapl study of manifold
microchannel design was carried out to understamel éffect of important
geometrical and flow parameters and the followmg@artant conclusions are drawn:

a) Microchannel width significantly affects the fluiflow and heat transfer
behavior and is a critical parameter for the design

b) An optimum exists for both fin width and fin heiggpect ratio as the curve
passes through a peak. This optimum is also depéndemass flux.

c) Manifold geometrical dimensions (fin thickness, mha width and channel
height) in general should be kept smaller to haetteb heat transfer
coefficient and lower pressure drops.

d) Mass flux significantly affects the pressure droyl dneat transfer rate in all
the cases. The optimum points will change if méss is also considered a
separate variable for the study. Higher mass waatflire larger channel

width to reduce pressure drop in general.

Utilizing the above findings, a 5 kW cooling caggctubular evaporator was

successfully designed, fabricated, and tested goessure of 500 psi. Much higher
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overall heat transfer coefficients (U) were obtdirvehen compared to the widely
used state of the art plate evaporator design. dVesat transfer coefficient greater
than 20,000 W/RK is obtained with a LMTD of 4 °C using aluminumiamgroove
tubes. A cooling capacity of more than 4 kW is agbd using R134a/water pair with
modest pressure drop for both refrigerant and wstky. In a comparison with a
commercial plate evaporator, it was seen thattfimes less surface area was required
using microgroove surfaces to achieve same coaapgcity for similar LMTD and
mass fluxes. Further, the tubular evaporator watedewith ammonia & ethylene-
glycol solution and promising results were obtainddue to manufacturing
limitations for the tubular deign, a flat plate Heontaining high aspect ratio
microchannel on both sides of the plate was deeeloghe manifold design has
much better potential in terms of design compactnasd ability to achieve
significantly higher overall higher heat transfesefficient. To the author’'s best
knowledge, this is the first working prototype bésen the manifold microchannel
evaporator design, offering record high heat transbefficients and low pressure

drop penalty compared to the state of the art.

7.2 Recommended future work

Despite promising results obtained using manifoldrathannel evaporator, in-depth
understanding of the phenomenon is far from wetlanstood. A systematic study of
two-phase flow inside the manifold-microchannelroia is needed in order to utilize
its full potential. A comprehensive understandifighe two-phase flow regimes with

the aid of visualization studies will be criticalliseful to understand the refrigerant-
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side fluid flow and heat transfer behavior. To ioy® the evaporator design, the
following future work is recommended:

a) A comprehensive two-phase fluid flow and heat tfl@nsnodel for a high
aspect ratio manifold microchannel system is neetteddentify critical
parameters influencing the design. The currentgestilizes the low mass
fluxes and low heat fluxes, which have never beedied in the literature and
makes the validation effort difficult.

b) Optimization of the geometrical and flow parametenrsbetter system-level
design is required. Due to the large number of matars influencing the
design, optimization becomes challenging, as nohethe commercial
numerical solvers supports two-phase optimiza#oseparate study would be
required from the first order physics approachdentify the trends that would
be most beneficial for the final design.

c) An alternative fabrication method for microgroovedrfaces is needed to
obtain accurate and uniform surface. A systematjgeemental parametric
study would be required for developing the empiriceodels for both the
single-phase and two-phase side. The current fimic technique using
micro deformation has a wide variability in the gesrical dimensions,
which makes the experimental study and further @mpn quite difficult.
MEMS based fabrication technique can be a promipwssibility to achieve
the desired surfaces.

d) Different manifold geometries should be tested design enhancements.

From the single-phase study, smaller flow areaitgptb smaller manifold
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channel width and channel height is preferable. Butwo-phase, empirical
study would be needed to make a concrete conclusion
e) The flat microgroove evaporator design needs texperimentally evaluated

in terms of heat transfer coefficient and pressinog.
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